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a b s t r a c t
Night-time ventilation is a promising approach to reduce the energy needed for cooling buildings without
reducing thermal comfort. Nevertheless actual building simulation tools have showed their limits in
predicting accurately the efﬁciency of night-time ventilation, mainly due to inappropriate models for
convection. In a full-scale test room, the heat transfer was investigated during 12 h of discharge by nighttime ventilation. A total of 34 experiments have been performed, with different ventilation types (mixing
and displacement), air change rates, temperature differences between the inlet air and the room, and ﬂoor
emissivities. This extensive experimental study enabled a detailed analysis of the convective and radiative
ﬂow at the different surfaces of the room. The experimentally derived convective heat transfer coefﬁcients
(CHTC) have been compared to existing correlations. For mixing ventilation, existing correlations did not
predict accurately the convective heat transfer at the ceiling due to differences in the experimental
conditions. But the use of local parameters of the air ﬂow showed interesting results to obtain more
adaptive CHTC correlations. For displacement ventilation, the convective heat transfer was well predicted
by existing correlations. Nevertheless the change of ﬂoor emissivity inﬂuenced the CHTC at the surface
of interest.
© 2013 Elsevier B.V. All rights reserved.

1. Introduction
One source of uncertainty in building simulation is the accurate simulation of convective heat transfer at the surface of the
constructions. This uncertainty in the prediction is due to the complexity and diversity of ﬂow that can be observed in buildings: the
convective heat transfer can be either natural (driven by buoyancy
forces), forced (caused by an external force) or mixed. As yearly simulations are required to analyze the building energy use, detailed
analysis of the ﬂow around and in the building is not possible and
the calculation of convective heat transfer has to be simpliﬁed using
correlations. Since the past 50 years, many researchers have studied experimentally convective heat transfer coefﬁcients (CHTC) in
order to improve the accuracy of simulations [1–9]. The ﬁrst correlations were derived from ﬂat plate experiments [1,2]. Nevertheless
these correlations are not always applicable to buildings due to the
scale effect and different ﬂow characteristics: Awbi and Hatton [3]
showed that the CHTC for a heated wall tends to be higher than
that of isolated plates with free edges. Therefore full-scale measurements have also been performed under different conditions [3–9].
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The most comprehensive model for CHTC available nowadays is
probably the adaptive algorithm proposed by Beausoleil-Morrison
[10], which consists in a coupling of different correlations. This
model has been implemented in several Building Energy Simulation (BES) programs. Nevertheless high uncertainty can still be
observed in the predicted energy consumption when forced convection is involved: some sensitivity analyses have showed that the
predicted heating/cooling consumption could vary in the order of
20–40% depending on the model used for internal convection [10].
The interest of studying CHTC is therefore to improve the accuracy
of BES tools.
Forced convection is the driving force of night-time ventilation.
In many buildings, night-time ventilation is used instead of air conditioning to achieve thermal comfort during the summer season.
The building structure is cooled down overnight with relatively
cold outdoor air, in order to provide a heat sink during the occupied period of the next day by making use of the exposed thermal
mass. Night-time ventilation showed a potential for energy savings,
due to the time lag created between the occurrence of external and
internal maximum temperatures [11]. Therefore it reduces the peak
load of cooling demand, it makes possible the use of low grade cold
source (i.e. outdoor air), and the operating cost can be decreased
by making use of cheaper electricity during night-time. The interest for this concept has grown during the last few decades due to an
increase of the cooling demand in buildings [12,13]. Artmann et al.
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Nomenclature
A
ACR
Ar
CHTC
Cp
Dh
E
Ei−j
Eb
Fi−j
h
J
q
Q
T
Ti−j
u
Vﬂow
W

surface area (m2 )
air change rate (/h)
modiﬁed Archimedes number (K s2 /m6 )
convective heat transfer coefﬁcient
heat capacity (J/kg K)
hydraulic diameter of the entire surface (m)
energy (Wh/m2 )
energy difference (Ei − Ej )/Ej (%)
black body emissive power (W/m2 )
view factor from surface i to surface j (–)
convective heat transfer coefﬁcient (W/m2 K)
radiosity (W/m2 )
heat ﬂux (W/m2 )
heat ﬂow (W)
temperature (K)
temperature difference Ti − Tj (K)
air velocity (m/s)
ﬂow rate at the inlet (m3 /s)
width of the nozzle opening (m)

Greek symbols

convective ratio (–)
Kronecker symbol (–)
ı
ε
emissivity (–)
thermal conductivity (W/m K)


density (kg/m3 )

Stefan–Boltzmann constant
(5.6697 × 10−8 W/m2 K4 )
Subscripts
conduction
cond
conv
convection
rad
radiation
total
tot
i or j
surface i or j

[14] have analyzed the climatic data in Europe and concluded that
there is a high potential for night-time ventilation for the whole
Northern Europe and a signiﬁcant potential in Central, Eastern and
even some regions of Southern Europe. But due to climate warming, the cooling potential might decrease and might be shifted from
summer to transitions seasons [15].
Efﬁciency of night-time ventilation is highly dependent on the
capacity of the building to absorb heat during day-time, but as well
on its capacity to release the accumulated heat at night. During
the design phase, engineers have therefore to make sure that the
convective heat transfer is modelled accurately, in order to avoid
overestimation of the capacity of night-time ventilation. Salmeron
et al. [16] have analyzed numerically the capacity of night-time
ventilation, and they found a variation by a factor 5 of the energy
released depending only on the position of the inlet and outlet.
Goethals et al. [11] showed that the choice of the convection algorithm is of the same importance as the design parameters. Using
proper correlations should therefore be one of the main focuses
when modelling night-time ventilation, especially because high air
change rates are used.
In a previous study [17], Artmann et al. have investigated
experimentally the efﬁciency of night-time ventilation with different types of ventilation. The results showed that displacement
ventilation was more efﬁcient than mixing ventilation for low
air ﬂow rates due to the large radiative exchange between the
cold ﬂoor and the warm ceiling. A design chart was proposed to
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estimate the global performance of night-time cooling. Artmann
et al. investigated night-time ventilation as a system to cool down
buildings, but were not focussed on characterizing CHTC in detail.
The purpose of this paper is to analyze the convective ﬂow on
the different room surfaces and compare with existing correlations. Most of these correlations have been derived from steady
state experiments [1–9], only a few publications have derived CHTC
from dynamic experiments [18,19]. Wallenten [18] analyzed CHTC
for low air change rates and different conﬁgurations of heating.
Goethals et al. [19] were focused on the impact of the room and
system design on the efﬁciency of night-time ventilation; only the
case of mixing ventilation at 8 ACH and a supply air temperature
of 16.5 ◦ C was studied. It is therefore of interest to investigate the
accuracy and the robustness of existing correlations in a dynamic
case, with different air change rates, inlet air temperature and
ventilation systems. Moreover an alternative way of deriving convective heat transfer coefﬁcient will be attempted based on local
data of the ﬂow. This technique has ﬁrst been used by Alamdari
and Hammond [20] in 1987: they derived theoretically correlations
for two and three-dimensional turbulent wall-jets based on basic
ﬂow theory. This method will only be applied to the surface directly
affected by the inlet air, where there is a large convective exchange.
Deriving the correlations from the ﬂow characteristic could be a
solution to improve their adaptability to the studied case, e.g. taking into consideration the type of inlet, the size of the room, the
inlet temperature, etc.
Additionally the effect of a low-emissivity surface on the heat
transfer has been analyzed by performing experiments with
the ﬂoor covered by an aluminium foil. This type of coating is
sometimes used in buildings to decrease the inﬂuence of one
speciﬁc surface on the operative temperature. In Bangkok airport,
a low-emissivity layer has been mounted at the ceiling, in order
to decrease the inﬂuence of the warm ceiling on the radiant
temperature, and therefore improving thermal comfort [21]. The
other interest of having a low emissivity ﬂoor is to study the
effect of a change in the radiation pattern on the heat that can be
released from a thermal mass. During night-time ventilation, the
thermal mass is releasing heat through convection and radiation
to other surfaces, but this radiation pattern can change depending
on the room layout (e.g. empty or a fully furnished room). These
additional experiments will therefore emphasize the effect of
the radiation pattern on the heat that can be released during
night-time ventilation.

2. Experimental set-up
2.1. Test room
The experiments have been performed in the same test room
than the one used by Artmann et al. [17] for investigating the
efﬁciency of night-time ventilation. The test facility consists of an
insulated wooden construction located in a laboratory at Aalborg
University, Denmark. The internal dimensions of the test room
are 2.64 m × 3.17 m × 2.93 m (width × length × height) resulting in
an internal volume of 24.5 m3 . The thermal mass of the room
is concentrated at the ceiling, which is composed of 7 layers of
12.5 mm gypsum boards. The other walls are highly insulated by
230 mm of expanded polystyrene (EPS). Considering daily variations of temperature, the dynamic thermal mass of the room is
equal to 26 Wh/K m2ﬂoor area , which corresponds to a light building
[22]. Compared to common buildings using night-time ventilation, the room has a lower thermal storage capacity, but the
dynamic effects of night-time ventilation and the capacity of the
ventilation system to discharge the thermal mass can still be
observed.
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Table 1
Properties of materials used in the test room.
Material

 (W/m K)

 (kg/m3 )

EPS
Aluminium-foil (ﬂoor)
Gypsum board
White paint (ceiling)

0.037 ± 0.001
–
0.28 ± 0.01
–

16.0 ± 0.1
–
1127 ± 10
–

The thermal properties of the materials used in the test room
and their associated uncertainties are described in Table 1. The
properties used for calculation have been measured at EMPA (Swiss
Federal Laboratories for Materials Science and Technology) or given
by the manufacturer for the aluminium foil.
The test room is equipped with a mechanical ventilation
system that supplies air at a deﬁned temperature to the test room.
The ventilation system consists of separate supply and exhaust
systems. In order to obtain controlled conditions in the test
room, the air supplied to the system is taken from the laboratory
since the temperature in the laboratory is more stable than the
outdoor air temperature. The ventilation system can provide from
56 m3 /h up to 330 m3 /h, corresponding to approximately 2.3–13.5
ACH. The set-up of the test room allowed choosing between two
different types of ventilation, mixing or displacement ventilation.
In case of mixing ventilation, the cold air is supplied directly
below the ceiling, through a rectangular opening of 830 mm width
and 80 mm height. The warm air is then exhausted close to the
ﬂoor through two circular openings of 110 mm diameter. In case
of displacement ventilation, the cold air is supplied through a
semi-circular displacement device of 1015 mm height and 250 mm
width, placed at the ﬂoor level in the middle of one of the short
walls. The air is then exhausted through the rectangular opening
located below the ceiling.
In order to establish the heat balance of the test room, the temperatures in the different construction parts are monitored at a
frequency of 0.1 Hz. Each surface has been discretized in a ﬁnite
number of sections, assuming that the temperatures measured by
the thermocouples are representative of the whole section. The test
room has been subdivided in a total of 37 sections. A high temperature gradient is expected to occur at the ceiling, especially in case of
mixing ventilation; therefore the ceiling has been subdivided in 22
sections, with smaller sections close to the inlet in order to ensure a
reasonable accuracy. At each of these 22 sections, 5 thermocouples
are recording the temperature proﬁle through the gypsum layers.
As for the walls and the ﬂoor, they have been subdivided into 3 sections each. At each section, 1 thermocouple measures the surface
temperature and 1 thermopile made of four junctions measures the
temperature difference inside the construction, over a 30 mm layer
of EPS (100–130 mm far from the surface). The air temperature is
measured by three columns of thermocouples placed in the symmetrical axe of the test room. The thermocouples are placed 10 cm,
110 cm, 170 cm, 260 cm and 290 cm above the ﬂoor. Additional
thermocouples are placed in the inlet and outlet of the ventilation
system. All thermocouples used in these experiments are type K
thermocouples and are connected to two Fluke Helios Plus 2287A
data loggers.
2.2. Procedure for experiments
Before starting the experiments, the test-room temperature is
stabilized at the laboratory temperature in order to ensure that
the thermal mass is fully charged. Then cold air is supplied to the
test room during 12 h under different conditions to simulate nighttime ventilation. A total of 34 experiments have been performed,
with different air change rates (2.3, 3.1, 6.7 and 13 ACH), different
ventilation types (mixing and displacement), different types of

Cp (J/kg K)
1450 ± 100
–
1006 ± 100
–

ε (–)
0.73 ± 0.05
0.03 − 0.004/+0.1
0.9 ± 0.05

ﬂooring (normal and low emissivity) and different inlet temperatures (T0 varying between 2.9 and 12.7 K, with T0 difference
between the mean temperature at the ceiling before starting the
experiment and the mean inlet temperature measured during the
last 10 h of the experiment). A ﬁrst set of experiments has been performed by Artmann et al. in 2008 with the ﬂoor made of EPS [17].
In 2009 similar experiments have been conducted using an aluminium ﬂoor cover, in order to observe the inﬂuence of different
surface emissivity on the room heat ﬂow. Displacement ventilation
and mixing ventilation have also been used in that case. A detailed
list of experiments can be found in [23,24].
3. Data analysis
3.1. Establishing the energy balance of the room
In order to calculate the heat removed by night-time ventilation,
the energy balance of the test room has to be established. For each
section, the conductive and radiative heat ﬂows at the surfaces of
the test room are calculated from the measured temperatures and
material properties; the convective ﬂow is then determined as the
difference between conduction and radiation on each section.
A one-dimensional ﬁnite difference model with an explicit
scheme has been used to determine the conductive heat ﬂux at each
section [25]. Each section has been discretized into a minimum of
20 ﬁnite elements. At the ceiling, the temperatures measured at
the surface and 87.5 mm deep inside the construction are used as
boundary conditions of the calculation. The accuracy of the calculation has been tested by comparing the calculated and the measured
temperature proﬁle. At the ﬂoor and at the walls, the temperature
measured at the surface and the temperature difference measured
115 mm deep inside the construction are used as boundary conditions. This temperature difference is obtained over a 30 mm layer
of EPS, and is then converted into a heat ﬂux, assuming linear temperature proﬁle between the thermopile; this assumption leads to
a maximum error of 0.04 K between the measured temperature difference and the calculated one. In order to reduce the noise in the
measurements, the moving average technique was used. The surface sensors are affected by radiation and convection, therefore a
longer moving average has been applied on them: their signals have
been averaged over 450 s (45 values), whereas the signals coming
from sensors embedded in the constructions have been average
over 100 s (10 values).
For the calculation of the radiative heat ﬂow, different methods
used nowadays in BES programs have been tested in order to study
their inﬂuence on the room heat balance. The main difﬁculty for calculating radiation in an enclosure composed of diffuse grey surfaces
arises from the treatment of the multiple reﬂections. Some of these
techniques are based on the calculation of view factors Fi−j between
the different sections; they have been determined according to [26].
The different models tested are the following:
Model 1: 2-surfaces forming an enclosure, inﬁnite reﬂections [27].
This model, which is used in the program IESVE, calculates the radiative exchange by merging the surrounding
surfaces into one surface. This calculation method, also
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known as the mean radiant temperature method, is
rather simple: no view factors are used, only area
weighted values are calculated.
qrad i =

6
5.7
·
 
5 1 + (1 − ε )/ε + A /
i
i
i

j=
/ i



Aj (1 − ε̄j =/ i )/ε̄j =/ i

· (Ti − T̄ )

(1)
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Table 2
Mean radiative heat ﬂux from the ceiling during the 3rd hour with different calculation methods for radiation. Experiment with mixing ventilation and aluminium
ﬂooring, 6.7 ACH and T0 = 9.4 K.

Qrad Ceiling (W/m2 )
QModel 4 (%)

Model 1

Model 2

Model 3

Model 4

9.8
12.3%

5.7
−34.8%

7.8
−10.5%

8.7
–


Aε
j=
/ i j j
where ε̄j =/ i = 

when considering the range of convective ﬂow observed in the testroom. Therefore the radiosity method has been chosen to analyze
the experimental results (the developed model has been veriﬁed
against [30]).


AT
j j j
T̄ = 

3.2. Determination of the convective heat transfer coefﬁcients

A
j=
/ i j

A
j j

Model 2: 2-surfaces interaction, inﬁnite reﬂections [28]. This equation has been used by Artmann et al. [17] in the previous
analysis of the experiments. If the surface emissivities are
around 0.8, this method accounts for about 81% of the
energy emitted by the surfaces (cf. Clarke [29]).
qrad i = 


j

εi · εj · Fi−j
1 − (1 − εi )(1 − εj ) · Fi−j · Fj−i

· (Ti4 − Tj4 )
(2)

Model 3: 2- and 3-surfaces interaction, inﬁnite reﬂections [29].
With this equation, the ﬂux going from surface i, reﬂected
by a third surface and arriving to surface j is taken
into consideration. According to Clarke [29], this method
accounts for about 95% of the energy emitted by the surfaces for surface emissivities around 0.8. In case of low
emissivity surfaces, the error will become larger, and
more advanced models should be used. This calculation
method has been implemented in ESP-r.

qrad i = 


j

εi · εj · Fi−j
1 − (1 − εi )(1 − εj ) · Fi−j · Fj−i



·

k

+ εi · εj · Aj

(1 − εk ) · Fi−k · Fj−k



Ak · (1−(1−εi )(1−εj )(1−εk ) · Fi−k · Fk−j · Fj−i )

·(Ti4 − Tj4 )

(3)

Model 4: n-surfaces interaction, inﬁnite reﬂections (exact solution) [30]. The radiosity method is based on the
construction of an equivalent network to represent the
interaction between surfaces. This technique is used in
EnergyPlus and IDA-ICE, and a similar method (named
Gebhart factors) can be activated in TRNSys 17. For an
enclosure, the following system has to be solved:



ıij − (1 − εi ) · Fi−j
εi

qrad i

[Ji ] = [Ebi ]

εi
=
· [Ebi − Ji ]
(1 − εi )

(4)

Table 2 gives the resulting radiative heat ﬂux at the ceiling
obtained with the different models. Only one case is detailed, but
similar behaviour can be observed with other experiments. When
using model 2, the error on the calculated radiative heat ﬂux is
around 3 W/m2 . Models 1 and 3 have a better accuracy, with an
error around 1 W/m2 ; nevertheless this level of accuracy is too low

Convective heat transfer coefﬁcients (CHTC) can be derived from
the convective heat ﬂux as follow: qconv = h · TSurface−Reference . The
value of h is therefore highly dependent on the reference temperature used (TReference ) and will depend on the type of ﬂow. CHTC
used in building applications can be divided in three categories:
- natural convection is driven by buoyancy forces resulting
from surface-to-air temperature differences. CHTC are usually expressed as a function of the temperature difference
between the surface and the room air (TSurface−Room air ) and
qconv = hnatural · TSurface−Room air .
- forced convection is generally caused by an external force, i.e. a
fan or the wind. CHTC are usually expressed as a function of
the air change rate (ACR) and qconv = hforced · TSurface−Inlet air , with
TSurface−Inlet air temperature difference between the surface and
the inlet air.
- mixed convection occurs when both mechanical and buoyancy
forces are important. One technique commonly used to derive
CHTC in such a case is Churchill and Usagi method [31],
which interpolates two independent variables between limiting
solutions: hnmixed = hnnatural + hnforced , with n blending coefﬁcient.
Different values have been chosen for n depending on the cases:
Beausoleil-Morrison [32] and Novoselac [33] deﬁned this blending coefﬁcient to 3, whereas the value n = 3.2 was used by
Neiswanger et al. [34] and Awbi and Hatton [6]; Novoselac et al.
[9] used n = 6 for displacement ventilation because it showed better agreement with experimental results.
For more information, the reader can refer to the detailed literature review of existing correlations performed by Peeters et al.
[35].
The experimentally derived CHTC will be analyzed for each surface, and compared with existing correlations. As the convective
ﬂow in the room is mainly driven by the inlet velocity, experimental data will be compared to forced correlations. Mixed correlations
give similar results to that of forced correlations, and will therefore
not be presented in the following parts. Temperature sensors are
logged every 10 s, and then a moving average over 7.5 min is used
to assess the surface temperatures; it has therefore been decided
to evaluate the mean CHTC over a 30 min interval. The room air
temperature is deﬁned as the average values of 6 thermocouples
located in the mid-section of the room, three at 1.1 m high and
three others at 1.7 m high.
3.3. Uncertainty analysis
In order to evaluate the accuracy of the results, it is important
to perform an uncertainty analysis taking into consideration the
different experimental parameters. The uncertainty on the temperature measurements and on the construction parameters has
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been evaluated, and the total uncertainty on the derived heat ﬂux
has then been calculated using the Monte Carlo analysis. For each
experiment, 300 simulations have been performed with the randomly generated parameters. The resulting uncertainty is given
with a conﬁdence interval of 95%.
The accuracy of the temperature measurement system was
estimated to be ±0.086 K (conﬁdence interval of 95%, normally distributed). This uncertainty takes into consideration the data logger
resolution, the composition of thermocouples, the accuracy of the
ice point reference and the calibration. Details can be found in the
technical report from Artmann et al. [36]. At each section of the
ﬂoor and the walls, one thermopile made of four junctions is recording the temperature difference: the uncertainty can therefore be
decreased down to ±0.058 K, to which is added 0.04 K for taking
into consideration the linearization of the heat ﬂux. When measuring temperature in a room, thermocouples can be affected by
incoming radiation. Therefore an additional uncertainty is added
to the surface thermocouples: ±0.010 K/(W/m2 ) of radiative ﬂux
for the ceiling, and ±0.042 K/(W/m2 ) for the other walls. These
values have been calculated assuming that the emissivity of the
measuring area was varying up to 0.15 and 0.4 respectively compared to the considered surface. At the ceiling the uncertainty
is smaller as the sensors were mounted before the ceiling was
painted. Finally the uncertainty on the air temperature is equal to
27% of the temperature difference between the surfaces and the
measured room air. This value assumes that thermocouples have
a surface emissivity of 0.2 and are subject to a natural convective
ﬂow.
The accuracy on construction materials is given in Table 1. The
uncertainties are given with a conﬁdence interval of 95% and are
normally distributed, except for the emissivity of the aluminium
ﬂooring. In fact due to the effect of time, the emissivity of this
product is expected to increase. Therefore a X2 -distribution (with
6 degrees of freedom) has been chosen, resulting in a non-centred
distribution with a 95%-conﬁdence interval of [ε − 0.004; ε + 0.1].
The left-hand side corresponds to the accuracy of the equipment
used to measure emissivity. Accuracy on the construction thickness
has also been taken into consideration [37].
4. Results for mixing ventilation
4.1. Mean convective ﬂow and inﬂuence of the low-emissivity
ﬂooring
Fig. 1 represents the mean convective ﬂux removed from the
test room depending on the temperature difference between the
average surface temperature of all surfaces (area weighted) and
the inlet. The grey bands indicate the 95% uncertainty bands. The
uncertainty on the convective heat ﬂux is larger at the beginning
of the experiments due to the large temperature variations. First of
all, it can be observed that the convective ﬂux decreases over the
time, i.e. when the temperature difference between the surfaces
and the inlet decreases. Moreover the convective ﬂux increases
when a higher air change rate is applied.
When comparing the total heat ﬂux removed from the test room
with and without aluminium ﬂooring, almost no difference can be
observed. For the same air change rate, the results of the two sets
of experiments lie within the uncertainty bands. Only for 13 ACH a
difference can be observed: the convective heat ﬂow is lower with
the aluminium ﬂooring; but this difference can be explained by
the slightly smaller air change rates in that case (around 0.3ACH
smaller). These observations denote that decreasing the radiative
ﬂow at the ﬂoor does not inﬂuence the global room heat balance.
Part of the heat initially released at the ﬂoor might be transferred to
other surfaces: it is therefore of interest to compare the convective
ﬂow on individual surfaces with and without aluminium ﬂooring.

Fig. 1. Mean convective heat ﬂux from all surfaces depending on the temperature
difference between the mean surface temperature and the inlet air temperature –
mixing ventilation.

In order to characterize the convective ﬂow in the room as a
function of the air ﬂow pattern, a modiﬁed Archimedes number
will be used. Artmann et al. [17] showed a linear relation between
the ratio of convective to total heat ﬂow from the ceiling depending
on the Archimedes number: this parameter can therefore be used
to compare the different experiments. The modiﬁed Archimedes
number is deﬁned as [17]:
Ar =

Tsurfaces − Tinlet
2
Vﬂow

(5)

For each surface i, the convective
ratio  i is calculated:

 i = 1 for the entire room. Fig. 2
 i = Qconv,surface i /Qconv,tot with
shows the distribution of the convective ﬂow on the room surfaces. It can be observed that the convective ﬂow from the ceiling is
decreasing rapidly when the air change rate is decreasing: at small
Archimedes numbers (lower than 100), 40% of the convective ﬂow
comes from the ceiling, whereas this value goes down to 5% when
Archimedes number is equal to 10,000. At low air change rate, the
jet is falling down right after the inlet due to its low momentum and
the high temperature gradient between the ceiling and the inlet air.
As the heat cannot be removed directly from the ceiling by convection, it is transferred to the surrounding surfaces by radiation. The
view factors from the ceiling to the four walls and the ﬂoor are all
equal to 0.2, resulting in a heat ﬂow almost equally reported on
these ﬁve surfaces.
When comparing the distribution of the convective ﬂow on the
room surfaces with and without the aluminium ﬂooring, it can be
observed that the convective ﬂow at the ﬂoor is dropping when
an aluminium foil is used because the heat exchange between the
ceiling and the ﬂoor becomes extremely small. But this change of
the room heat balance does not affect the part of convective ﬂow
extracted from the ceiling. The convective ﬂow initially released at
the ﬂoor is shared out among the walls.
4.2. CHTC at the ceiling
4.2.1. Comparison of ﬂow and convective ratio
The velocity at 18 different positions of the ceiling has been
measured for 8 experiments with the ﬂoor made of EPS. The
anemometers were placed 30 mm below the ceiling and the velocity was measured for a time period of half an hour. In Fig. 3, the local
dimensionless velocity at the ceiling (u/uinlet ) is compared to the
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Fig. 2. Ratio of convective to total heat ﬂow from the different surfaces depending on the Archimedes number (left: ﬂoor made of EPS – right: aluminium ﬂooring) – mixing
ventilation.

local convective ratio ( local ), with  local = Qconv,section i /Qcond,section i .
At low air change rate (3.2 ACH), it can be observed that the jet
is falling down right after the inlet, resulting in a low convective ratio on the entire surface; the average Archimedes number
is higher than 100, indicating the dominancy of buoyant forces.
Conversely the jet is covering a large part of the ceiling at high air
change rate (13.2 ACH), resulting in a high convective ratio: the
average Archimedes number is lower than 1, indicating the dominancy of forced convection. Moreover it can be observed that there

is a strong relationship between the dimensionless velocity and the
local convective ratio.
4.2.2. Average value over the ceiling
Fig. 4 compares experimental values of convective heat transfer
coefﬁcients to existing correlations: Fisher [7], Fisher and Pedersen
[8] and Awbi and Hatton [6]. For the sake of clarity, uncertainties are
not represented on the ﬁgure, but the average value is mentioned
in the ﬁgure caption.

Fig. 3. Comparison of the local dimensionless velocity (upper graphs) and the local convective ratio (lower graphs) at the ceiling for 3.3 ACH (on the left) and 13.2 ACH (on
the right).
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Fig. 4. CHTC at the ceiling depending on the air change rate. Mean uncertainty:
(0.068 ACH) W/m2 K.

Fisher [7] investigated the convective heat transfer coefﬁcients
in a test facility where cold air was supplied in the middle
of a side-wall. The internal dimensions of the test room were
2.7 m × 4.6 m × 2.7 m (width × length × height) and the heat balance was performed dividing the test room into 53 sections. Due
to the jet deﬂection, the largest CHTC has been observed at the
ﬂoor and is equal to: h = 0.704 + 0.168 ACH0.8 , using the inlet air
as reference temperature. Some discrepancies between this correlation and the experimental results can be expected as the two
studied surfaces have different aspects. In the same test facility,
Fisher and Pedersen [8] studied the convective ﬂow with a radial
ceiling diffuser, supplying cold air between 3 and 12 ACH. The CHTC
for forced convection at the ceiling is equal to: h = 0.49 ACH0.8 , using
the inlet air as reference temperature. Awbi and Hatton [6] also
investigated the convective ﬂow due to a cold jet over a heated
ceiling. The air change rate varied between 1.2 up to 11.7 ACH.
The internal dimensions of the test room were 2.8 m × 2.8 m × 2.3 m
(width × length × height) and each surface was divided into 4 sections. The correlation resulting from this experiment is expressed
as a function of the width of the nozzle opening W and the inlet
velocity uinlet : h = 1.35W 0.074 u0.772
, using the local air as reference
inlet
temperature (100 mm far from the surface). In order to use the same
reference than Fisher, a factor (TCeiling−Room air /TCeiling−Inlet air )
has been applied on this CHTC.
Measured CHTC are lower than the one proposed by Fisher and
Pedersen [8]. In fact Fisher and Pedersen were using a radial ceiling
diffuser, which is more efﬁcient than a side-wall diffuser because
the air jet is covering a larger area. When comparing to the results

Qconv ceiling =

n 
n

22

6.02 · u0.8
TCeiling i−Inlet air
i
i=1

Dh0.2

TCeiling i−Room air

Fig. 5. Local CHTC at the ceiling calculated according to Eq. (6). T0 = 8.9 K and 6.6
ACH, 2nd hour.

affected by the inlet ﬂow. Moreover the inlet used for deriving the
CHTC was smaller: 610 mm × 45 mm (width × height) at maximum,
as against 830 mm × 80 mm in these experiments.
This comparison points out the speciﬁcity of existing correlations and the difﬁculty of extrapolating these models to similar
cases. Inaccuracy in predicting the convective ﬂow can occur when
correlations are used outside of their range of application. Forced
convective heat transfer is highly dependent on the inlet temperature and on the position, type and size of the inlet. Each
conﬁguration will lead to different correlations, due to the high
gradient of velocity and temperature at the surface. Despite these
difﬁculties, CHTC have to be deﬁned accurately close to the inlet
because a small error in the estimation of the CHTC might result
in a large error in the room heat balance due to the high temperature gradients involved. Characterizing the ﬂow at the ceiling at
a smaller scale might be a solution to be able to generalize CHTC
correlations.
4.2.3. Local values
In order to evaluate the accuracy of CHTC prediction using local
velocity measurements, a mixed correlation has been developed
based on these data (Eq. (6)). The mixed correlation is blending the
natural convection term (correlation of Alamdari and Hammond for
horizontal downward heat transfer [2]) and the forced convection
term (correlation from ASHRAE for turbulent ﬂow over a ﬂat plate
[1]), with a blending coefﬁcient n equal to 6. The forced convective
part is based on the local velocity measurements ui .


+

0.6 ·

of Fisher with the side-wall inlet [7], it can be observed that the
measured CHTC are lower or equal to the proposed correlation.
The correlation matches the experimental results only for 13 ACH
because the jet is ﬂowing over the entire surface in both cases;
when the air change rate is lower, the jet is not attached to the ceiling anymore, resulting in a lower CHTC than the one obtained by
Fisher. On the contrary, measured CHTC are usually larger than the
correlation of Awbi and Hatton [6]. This can be explained by differences in the inlet conﬁguration: in Awbi and Hatton’s experiments,
the inlet was located 50 cm inside the room, leading to an area not

TCeiling i−Room air
Dh2

1/5

n

1/n

· TCeiling i−Room air · Ai

(6)

An example of resulting convective heat transfer coefﬁcients can
be found in Fig. 5: a ratio 1–5 can be observed between the lowest CHTC and the highest one, close to the inlet. Fig. 6 compares
the experimental data to the results obtained with the developed
mixed correlation. The predicted convective heat transfer lies most
of the time within the uncertainty bands. The highest inaccuracy
in the developed equation can be observed for low inlet temperature, when the ceiling is much warmer than the room air. This is
due to characteristics of the jet, which is falling down after the inlet
and creating large variations in the local air temperature, whereas
the developed equation is using a constant air temperature. When
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Table 3
Comparison of the measured convective heat transfer over the 12 h of experiments with different CHTC correlations.
ACR (h−1 )
T0 (K)
Eexp (Wh/m2 )
EFisher−Exp (%)
EFisher and Pedersen−Exp (%)
EAwbi and Hatton−Exp (%)
EEq.(6)−Exp (%)

3.3
10.2
9.9

6.7
2.9
24.4

6.8
6.1
37.9

6.6
8.9
50.8

13.1
2.9
44.6

13.2
4.0
50.1

13.1
5.3
62.0

13.3
9.2
102.7

900%
1017%
65%
93%

17%
77%
−79%
−15%

74%
167%
−59%
21%

123%
241%
−42%
35%

−18%
55%
−80%
−21%

−9%
74%
−71%
−13%

0%
90%
−66%
−9%

−1%
89%
−61%
−11%

Fig. 6. Comparison of the experimental convective heat ﬂux at the ceiling and the
calculated values with Eq. (6).

Fig. 8. CHTC at the ﬂoor depending on the air change rate. Mean uncertainty: (0.038
ACH) W/m2 K.

comparing the calculated convective heat transfer with the different existing correlations (Table 3), it can be observed that the
developed correlation gives better results than most of the correlations, with an average error of 17% (excluding 3.3 ACH).

(Fig. 7), and it can be observed that Fisher and Pedersen’s correlation
overestimates the convective heat transfer for high air change rate.

4.3. CHTC at the walls

According to Fisher and Pedersen [8], the correlation for estimating CHTC at the ﬂoor is: h = 0.13 ACH0.8 , using the inlet air
as reference temperature. First it can be observed that experimental data for the ﬂoor made of EPS ﬁt relatively well with the

Fisher and Pedersen [8] proposed the following correlation for
CHTC at the walls: h = 0.19 ACH0.8 , using the inlet air as reference
temperature. Experimental results are compared to this correlation

Fig. 7. CHTC at the walls depending on the air change rate. Mean uncertainty: (0.044
ACH) W/m2 K.

4.4. CHTC at the ﬂoor

Fig. 9. Mean convective heat ﬂux from all surfaces depending on the temperature
difference between the mean surface temperature and the inlet air temperature –
displacement ventilation.
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Fig. 10. Ratio of convective to total heat ﬂow from the different surfaces depending on Ar (left: ﬂoor made of EPS–right: aluminium ﬂooring) – displacement ventilation.

correlation from Fisher and Pedersen, taking into consideration
the uncertainty on the results (Fig. 8). But the CHTC at the ﬂoor is
much lower with the aluminium ﬂooring than with the ﬂoor made
of EPS and does not ﬁt with the correlation. In fact the temperature difference between the ﬂoor and the local air (30 mm far from
the ﬂoor) is decreasing with the low-emissivity ﬂooring. The ratio
TFloor−Local air /T0 is decreasing by around 6% with the aluminium
ﬂooring. When using the inlet temperature as the reference temperature, the change in the local temperature proﬁle is not taken
into consideration, leading to an error in the prediction of the convective ﬂux.
5. Results for displacement ventilation
5.1. Mean convective ﬂow in the room and inﬂuence of the
low-emissivity ﬂooring
Fig. 9 presents the mean convective heat ﬂux removed from the
test room with displacement ventilation. It can be observed that
this value remains the same with or without the aluminium ﬂooring
when the room thermal mass is located at the ceiling.
Fig. 10 shows the ratio of convective ﬂux removed from each
individual surface for displacement ventilation. Compared to mixing ventilation (Fig. 2), it can be observed that the convective ﬂow
from the ceiling is much smaller, most of the heat being removed
on the other surfaces. Radiation plays therefore a major role in
the room heat balance for displacement ventilation. Due to its low
temperature, the convective ﬂow extracted at the ﬂoor is rather
high, removing at maximum one third of the heat. But when the
ﬂoor is covered of an aluminium foil, the heat balance is modiﬁed,
and the importance of the ﬂoor in the heat exchange is decreasing.
5.2. CHTC at the ﬂoor
Fig. 11 compares the experimental results to the correlation
developed by Novoselac et al. [9]. They studied convective ﬂow in
a room equipped with displacement ventilation, supplying cold air
between 3 and 10 ACH. The internal dimensions of the test room
were 2.5 m × 3.9 m × 2.7 m (width × length × height) and the heat
balance was performed dividing the room into 21 sections. The
correlation for estimating the forced CHTC at the ﬂoor is: h = 0.48
ACH0.8 , using the inlet air as reference temperature.
When the ﬂoor is made of EPS, there is a relatively good agreement between experimental results and the correlation. But when
the ﬂoor is covered of an aluminium foil, the correlation from
Novoselac et al. overestimates the convective ﬂow from the ﬂoor.

Fig. 11. CHTC at the ﬂoor depending on the air change rate. Mean uncertainty: (0.123
ACH + 0.64) W/m2 K.

This is due to the reference temperature used, as explained in part
4.4. For displacement ventilation, the ratio TFloor−Local air /T0 is
decreasing by around 10% with the low-emissivity ﬂooring.
5.3. CHTC at the other surfaces
For a room equipped with displacement ventilation, the convective ﬂow observed at the walls and at the ceiling is natural, i.e.
driven by buoyancy forces [9]. Therefore the CHTC at the ceiling is
around 0.5 W/m2 , and between 1 and 2 W/m2 at the walls. Considering the uncertainty on the experimentally derived CHTC (which
is around 1 W/m2 ), it is therefore not possible to present results
accurate enough for these surfaces.
6. Conclusion
In this work, a light room with a heavy ceiling was cooled down
at constant air change rate and inlet temperature for a period of
12 h in order to simulate night-time ventilation. The results of the
experiments conducted with a ﬂoor made of EPS were compared
to the experiments with an aluminium ﬂooring. Even though this
change of emissivity did not inﬂuence the total convective ﬂow
removed from the test-room, some changes have been observed on
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individual surfaces. The new ﬂooring leads to a reorganization of
the radiative and convective ﬂow in the room: the radiative heat
transfer, which previously occurred between the ﬂoor and the ceiling, is greatly reduced and reported to the walls. The efﬁciency of
night-time ventilation should therefore not be affected by the presence of furniture, when the thermal mass is located at the ceiling.
Convective heat transfer coefﬁcients (CHTC) have been derived
from dynamic experiments and compared to existing correlations.
The surface emissivity inﬂuences the value of forced CHTC due to
the reference temperature used. It has also been observed that
existing correlations give relatively accurate results for surfaces
which are not directly affected by the inlet air, or for rooms
equipped with displacement ventilation (Figs. 8 and 11). But the
comparison also points out the speciﬁcity of existing correlations
and the limitation of their range of application. Large deviations
between models have been observed when modelling the forced
convective heat transfer close to the inlet. High gradients in velocity and temperature make difﬁcult to generalize values of CHTC for
all types of inlet. One solution to overcome this problem could be to
use local values of air velocity. This alternative way of deriving CHTC
has been investigated theoretically by Alamdari and Hammond
[20]; experimental results showed relatively accurate predictions
(Fig. 6). CHTC could be estimated for different types of inlet, providing local velocity data from the ﬂow theory. This will require a
better integration of the ﬂow characteristics in the building simulation programs, but the complexity of this task would be limited as
the surface of interest is only the one directly affected by the inlet
air, avoiding the complexity of dealing with recirculation. Another
advantage of deriving local values of convective heat transfer is a
better modelling of the radiative exchange and a more accurate
evaluation of comfort.
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