Aalborg Universitet AALBORG

UNIVERSITY

Passive and Active Vibration Control of Renewable Energy Structures

Zhang, Zili

DOl (link to publication from Publisher):
10.5278/vbn.phd.engsci.00024

Publication date:
2015

Document Version
Publisher's PDF, also known as Version of record

Link to publication from Aalborg University

Citation for published version (APA):
Zhang, Z. (2015). Passive and Active Vibration Control of Renewable Energy Structures. Aalborg
Universitetsforlag. https://doi.org/10.5278/vbn.phd.engsci.00024

General rights
Copyright and moral rights for the publications made accessible in the public portal are retained by the authors and/or other copyright owners
and it is a condition of accessing publications that users recognise and abide by the legal requirements associated with these rights.

- Users may download and print one copy of any publication from the public portal for the purpose of private study or research.
- You may not further distribute the material or use it for any profit-making activity or commercial gain
- You may freely distribute the URL identifying the publication in the public portal -

Take down policy
If you believe that this document breaches copyright please contact us at von@aub.aau.dk providing details, and we will remove access to
the work immediately and investigate your claim.

Downloaded from vbn.aau.dk on: July 04, 2025


https://doi.org/10.5278/vbn.phd.engsci.00024
https://vbn.aau.dk/en/publications/659dbd8b-4808-4b98-bb1b-d22bee8b7ddd
https://doi.org/10.5278/vbn.phd.engsci.00024




PASSIVE AND ACTIVE VIBRATION
CONTROL OF RENEWABLE
ENERGY STRUCTURES

BY
ZILI ZHANG

DISSERTATION SUBMITTED 2015

((¢

AALBORG UNIVERSITY
DENMARK






Passive and Active Vibration
Control of Renewable Energy
Structures

Ph.D. Dissertation
Zili Zhang

Dissertation submitted September 7, 2015



Thesis submitted:

PhD supervisor:

PhD Co-Supervisor:

PhD committee:

PhD Series:

ISSN (online): 2246-1248

September 7, 2015

Prof. Dr.Techn. Seren R.K. Nielsen
Aalborg University

Prof. Jie Li
Tongji University

Professor John Dalsgaard (chairman)
Aalborg University

Professor Steen Krenk
Technical University of Denmark

Professor David J. Wagg
University of Sheffield

Faculty of Engineering and Science, Aalborg University

ISBN (online): 978-87-7112-361-6

Published by:

Aalborg University Press
Skjernvej 4A, 2nd floor
DK — 9220 Aalborg @
Phone: +45 99407140
aauf(@forlag.aau.dk
forlag.aau.dk

© Copyright: Zili Zhang

Printed in Denmark by Rosendahls, 2015



Thesis Detalls

Mandatory page in PhD theses:

For any PhD thesis where one or more submitted or publisheérpare used in the
thesis the PhD student should pay close attention to prajagion of the work. If the
paper(s) are co-authored the student cannot normally esgatbers as if the student
was the sole author. To protect the student while still prg\@ome freedom in using
material developed during the PhD study a mandatory padedimg the following
must be included:

1. Title:
Passive and active vibration control of renewable enemyygsires

2. PhD student:
Zili Zhang

3. Supervisors:
Professor Sgren R.K. Nielsen
Professor Jie Li

4. List of published papers:

¢ Nielsen, S.R.K., Zhou, Q., Kramer, M.M., Basu, B., Zhang(2013). Optimal
control of nonlinear wave energy point convertédsean Engineering2, 176-
187.

¢ Zhang, Z., Li, J., Nielsen, S.R.K., Basu, B. (2014). Mitigatof edgewise vibra-
tions in wind turbine blades by means of roller dampéurnal of Sound and
Vibration333(21), 5283-5298.

¢ Zhang, Z., Nielsen, S.R.K., Blaabjerg, F., Zhou, D. (20DBYnamics and control

of lateral tower vibrations in offshore wind turbines by meaf active generator
torque.Energies7(11): 7746-7772.



¢ Zhang, Z., Nielsen, S.R.K.. (2014). Edgewise vibrationtoamof wind tur-
bine blades using roller and liquid dampers.Time Science of Making Torque
From Wind Conference, 201€openhagen, Denmark. Publishedlournal of
Physics: Conference Serié24 (1), 012037. (Not included in thesis)

¢ Zhang, Z., Nielsen, S.R.K.. (2014). The influence of turbakon the aero-
elastic instability of wind turbines. Ifihe 9th International Conference on Struc-
tural Dynamics (EURODYN 2014porto, Portugal, 3691-3697. (Not included in
thesis)

¢ Zhang, Z., Basu, B., Nielsen, S.R.K. (2015). Tuned liquitbom dampers for
mitigation of edgewise vibrations in rotating wind turbib&ades. Structural
Control and Health Monitorin@2(3), 500-517.

¢ Basu, B., Zhang, Z., Nielsen, S.R.K. (2015). Damping of edge vibration in
wind turbine blades by means of circular liquid dampéev¢ind energy DOI:
10.1002/we.1827.

¢ Zhang, Z., Nielsen, S.R.K., Basu, B., Li, J. (2015). Nordinmodeling of tuned
liquid dampers (TLDs) in rotating wind turbine blades fomgzing edgewise
vibrations.Journal of Fluids and Structuresn review.

¢ Zhang, Z., Staino, A., Basu, B., Nielsen, S.R.K. (2015)|-Baéle real-time hy-
brid testing of tuned liquid dampers (TLDs) for vibratiomtml| of wind turbine
towers.Engineering Structuredn review.

¢ Nielsen, S.R.K.,, Zhang, Z., Kramer, M.M., Olsen, J. (208gability analysis of
the Gyroscopic Power Take-Off wave energy point absorbeurnal of Sound
and Vibration355, 418-433.

5.

This thesis has been submitted for assessment in parfilhfieint of the PhD degree.
The thesis is based on the submitted or published sciengfiens which are listed
above. Parts of the papers are used directly or indirectiigerextended summary of
the thesis. As part of the assessment, co-author statefmeredeen made available
to the assessment committee and are also available at thity=dthe thesis is not in
its present form acceptable for open publication but onljnited and closed circu-
lation as copyright may not be ensured.

Zili Zhang iv



Curriculum Vitae

Zili Zhang
E-mail: zzl 1116@126.com; zlz@civil.aau.dk

Date of birth:  November 18", 1986
Place of birth:  Zhejiang, China

Education Background

06/2012 Master of Engineering in Structural Engineering
Tongji University, Shanghai, China

06/2009 Bachelor of Engineering in Civil Engineering
Tongji University, Shanghai, China

07/2008 Minor in Engineering Management

Tongji University, Shanghai, China

Professional Experience

11/2012- Ph.D. student at the Department of Civil Engineering, Aadbo

09/2015 University, Denmark.

02/2015- Visiting Ph. D. researcher at Department of Civil, Struatur

05/2015 and Environmental Engineering, Trinity College Dublire-r
land.

09/2014- Visiting Ph. D. researcher at Faculty of Aerospace Engineer

12/2014 ing, Delft University of Technology, the Netherlands.

01/2013- Part-time research assistant, Department of Civil Enginge

04/2014 Aalborg University, Denmark.

Honors and Awards

2014 Excellent master dissertation in Shanghai for the 2843,
Education Commission of Shanghai.

2011 Prof. Zhaomin Wang Scholarship, Tongji University.

2008 Tongji Architectural Design Co., Ltd Scholarship, gptJni-
versity.

2006,2007,2008 First-Class bachelor student of Tongjvéhsity.



Vi

Research Interests

Structural dynamics, Vibration control, Wind engineerikignd turbine aerodynam-
ics and structural dynamics, Aeroelastic stability of stumes, Modeling and control
of wave energy convertors, Real-time hybrid testing

Academic Memberships and Services
4 Member of Danish Center for Applied Mathematics and Mect&(DCAMM).

¢ Reviewer for: Journal of Structural Engineering (ASCE)rdal of Vibration
and Control, Structure and Infrastructure Engineerind;HETransactions on
Sustainable Energy.

Zili Zhang Vi



Preface

The present thesis "Passive and Active Vibration Contr®@fiewable Energy Struc-
tures" is the outcome of a Ph.D. study within the period Naven2010 to September
2015 at the Department of Civil Engineering, Aalborg Ungrss, Aalborg, Denmark.
The thesis is presented as a collection of peer-reviewedespublished (or submit-
ted) within this period in a number of journals.

I would like to show grateful thanks to Prof. Dr.Techn. SgReK. Nielsen for
the impressive and fruitful supervision in this PhD projdciincerely appreciate his
persistent support and guidance throughout my study, wémetble me to overcome
all obstacles and keep on progressing. The constructiasjdevaluable discussions
and patient corrections for each paper not only contrilutkis work, but also greatly
improve my ability of researching, time management and agting.

| would like to thank my co-supervisor at Tongji UniversiBrof. Jie Li, for his
continuous support and encouragement during all thesa.ykeuiill never forget the
inspiring discussions we had, both technically and sgtiyu Thanks to him | start
to realize the importance of innovative thinking and purstfiiexcellence, and he is
indeed a major influence on my career.

Further, 1 would like to greatly thank Prof. Biswajit Basu ®finity College
Dublin (TCD), Ireland, for his important contributions andnstructive suggestions
for a number of joint papers. | really appreciate him for giyime the opportunity to
visit his group for three months and to carry out the fulliseaal-time hybrid testing
in their lab. The contributions of the technical staffs ie ttructures Laboratory at
TCD are also acknowledged.

I would like to acknowledge Prof. Gijs Van Kuik of DUWIND grpun Delft
University of Technology, Netherland, for hosting me initfggoup for three months.
During this period | was introduced to the field of aeroetastiwith the emphasis of
flutter of wind turbines. Thanks should be directed to ProanKuik for being so
open and friendly in sharing their research works and idedsme during my visit
to their group.

Moreover, | wish to thank Prof. Frede Blaabjerg at DepartnoéiEnergy Tech-
nology, Aalborg University, for his important contributis to our joint paper, and for
an always positive attitude.

| appreciate the funding support provided by the China Saisbip Council and
the Department of Civil Engineering, Aalborg University.yNhanks also go to all

— Vi —



viii

colleagues | have worked with, in Aalborg, Delft and Dubfor,all help that they have
provided. Special thanks are given to all my friends arowngfeasant discussions,
moral support and helpfulness during the extraordinagelyears.

Finally but foremost, | would like to thank my parents for itheverlasting sup-
port. Although they do not exactly know what kind of thingsaMe been busy doing,
they do believe | am busy with things that | am really intezdsn.

Aalborg, September 2015 Zili Zhang

Zili Zhang viii



Summary in English

There are significant dynamic challenges associated wettetidencies towards large-
scale wind and wave energy installations. As the size isg®without a proportional
increase of the stiffness, the wind turbines become morenzoré flexible and ex-
hibit high susceptibility to wind or wave-induced vibrat® In order to reduce such
vibrations it may become necessary to add passively oredgtoontrolled damping
elements to the system in order to remove mechanical enegythe primary struc-
ture. For wave energy converters (WEC) the objective is eji@ly to control the
motion of the system in such a way that a maximum mechanieabgns supplied to
the absorber. In both cases, the modeling and control ofrdimsystems turns out to
be the most essential problem, which is the main focus of teegnt thesis.

In contrast to flap-wise blade vibrations and fore-aft towierations, edgewise
blade vibrations and lateral tower vibrations in wind tods are related with in-
significant aerodynamic damping, and may be prone to largamjc responses or
even aeroelastic instability. Active vibration controh\pitch control or aerodynamic
damping devices (such as trailing edge flaps) fail to efiettidamp these vibrations.
Therefore, in this thesis, various structural control teghes, which have achieved
significant success in vibration suppression of civil eegiting structures, will be ex-
tensively investigated for damping edgewise vibratiorgslateral tower vibrations.

To mitigate edgewise vibrations in rotating blades, défeérpassive control de-
vices are proposed in the thesis, such as the roller danfetuned liquid column
damper (TLCD), the circular liquid column damper (CLCD) atheé tuned liquid
damper (TLD). In traditional application the motion of thaler or liquid mass is
governed by the gravitational acceleration. At implemgaitein the outer end of the
rotating wind turbine blade the motion is controlled by tlemtifugal acceleration,
which for a blade of the length 63 m may attain a magnitude 8fgZ-This makes it
possible to use these dampers with rather small mass rati@sféctively suppress-
ing edgewise vibrations. Based on an Euler-Lagrange fatioul of the equations
of motion, different 2-degrees-of-freedom (DOF) nonlineeodels have been estab-
lished for the coupling between edgewise blade motion aadrtbtion of the mass
of the roller damper, the TLCD, or the CLCD. The edgewise orotf the blade is
modeled by 1-DOF defined in the blade-fixed rotating coorgisgstem. Parametric
optimizations of these dampers have been performed ussg-bOF models, and
the optimized dampers are incorporated into a more sopaisti 13-DOF aeroelastic
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model, where the coupling between the lateral tower vibregind the edgewise blade
vibrations is taken into consideration. As for the TLD ($lmg damper) the analysis
is based on a Galerkin variation of the field equations fov#lecity field and for the
free surface condition, leading to a system of coupled mueal, ordinary differential
equations. The mode shape of the linear standing wavesmggyéry the centrifugal
force is used as functional basis, which also determineshige function s in the
discretization of the free surface condition.

The second part of the thesis focuses on active and passitrebof lateral tower
vibrations. By means of modern power electronics, the ggnetorque can be pre-
scribed to a certain value with a time delay belo®v 2 s. In the analysis the details
of the force transmission between the nacelle and the tadescribed with special
focus on the influence on the lateral tower motion from thetiea of the generator
torque. Both the gear-driven and direct-driven offshoradvurbines are investi-
gated, with combined excitations from aerodynamic and dgginamic loads. Next,
as an alternative to the active generator controller, pasgintrol of lateral tower vi-
brations using TLDs has also been investigated, since im®i@ cost-effective and
robust method. The nonlinear model established for thegbldd system has been
modified so the rotation of the TLD-fixed coordinate systemasv only due to the
rotational deformation of the top of the tower. Furthermearstate-of-the-art testing
method, the real-time hybrid testing (RTHT), has been peréal to verify the validity
of the proposed equivalent linear damping mechanism foflthe in the suggested
theoretical model, and also to evaluate the actual beha¥$idt.D in damping lat-
eral tower vibrations. In the RTHT, a full scale TLD (whichepents the scale effect)
is manufactured and tested as the physical substructuile thk 13-DOF wind tur-
bine model is employed as the numerical substructure fatedlin Matlab/Simulink.
Various values of damper parameters and different loadsdzses been considered.

The last part of the thesis focuses on the modeling and daoftn@ave energy
point absorbers, which are WECs that absorb energy fromsyaraagating in any
direction, and with horizontal dimensions much smallemttize dominating wave
length. At first, the optimal control law for a single nonlaregpoint absorber in ir-
regular sea-state is derived, and proven to be a closedelmoipoller with feedback
from the present measured displacement and acceleratiba fibater together with a
non-causal integral control component dependent on fuiceities. To circumvent
this problem, a causal closed-loop controller is proposeslightly modifying the op-
timal control law. The basic idea is to enforce the statignalocity of the absorber
into phase with the wave excitation force in order to ensyresitive power supply to
the absorber at any time. It is shown that the devised caos#latler absorbs almost
the same power as the optimal controller in plane irregidarstates. Finally, a new
principle for wave energy absorption, the so-called Gyopst power take-off point
absorber, is proposed as a possible solution of deliverdmgtant power to the grid
without introducing expensive power electronics. Assugmimonochromatic waves
simplified equations are derived, valid at synchronizatibthe precession angular
frequency of the spin axis of the gyro to the angular waveuesgy. Stability con-
ditions and the basins of attraction to the point attractorthe phase plane of the
synchronized motion of the ring are also determined.
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Resumé pa dansk

Der er veesentlige dynamiske problemer forbundet med vigdadgeenergiinstalla-
tioner i stor skala. Da stgrrelsen forgges uden propottiah®rgge stivheden, bliver
vindmgller stadig mere fleksible og udviser som fglge heget wibrationsfaglsomhed
over for dynamiske vind- eller bglgelaster. For at redusddanne svingninger kan
det blive ngdvendigt at tilkoble passive eller aktive deemgselementer med henblik
pa at fierne mekanisk energi fra primaerkonstruktionen. fedgeenergianlaeg sgger
man omvendt aktivt at kontrollere anleegget, saledes atimaksekanisk energi til-
fares absorberen. | begge tilfeelde er kontrollen af de dysieersystemer det mest
fundamentale problem, hvilket er hovedfokus i denne aftiagd

I modsaetning til flapvise bladsvingninger og tarnsvingeinigvindretningen er
kantvise bladsvingninger og tarnsvingninger i lateraliregen forbundet med ube-
tydelig aerodynamisk daempning, der kan medfgre store digkamesponser, og i
veerste tilfeelde aero-elastisk ustabilitet. Aktiv svinggedaempning via pitchreguler-
ing eller trailing edge flaps er ikke i stand til effektivt atethpe disse vibrationer.
Derfor vil denne afhandling i stort omfang undersgge mudign for at anvende
forskellige strukturelle kontrolteknikker, der har haftses i vibrationsundertrykkelse
af bygningskonstruktioner, med henblik pa deempning af-kegtaterale tarnvibra-
tioner.

Til begreensning af kantsvingninger undersgges i dennadling virkningen af
forskellige passive deempere, sdsom rulledeempere, tuseslesgjledeempere (TLCD),
cirkuleere vaeskesgijledeempere (CLCD) og tunede vaeskedee(iijhed). | seedvan-
lige anvendelser er rulle eller veeskebevaegelsen styrghgéieaccelerationen. Ved
implementering i den ydre ende af roterende vindmglleviegdevaegelsen i stedet
styret af centrifugalaccelerationen, der for en vinge pé&nfén antage en starrelse af
7-8 g. Dette muligger et tilsvarende lavt masseforholdgit@else af en given deemp-
ning af kantsvingningerne. Baseret pa en Euler-Lagrareyagangsmade er der op-
stillet ikke-lineaere modeller til analyse af koblingen feal bladets kantsvingninger
og beveegelsen af massen af rulledeemperen, TLCD, CLCD og Vidgens kant-
bevaegelse er modelleret med en enkelt frihedsgrad, derededin et roterende ko-
ordinatsystem, og deempermasernes bevaegelse ved en ehkelsgrad. Baseret pa
2-frihedsgraders model er udfgrt en parametrisk optingeainde anfarte daempere.
Gyldigheden af denne fremgangsmade er dernaest verificeaiéhkorporering af de
optimerede deempere i en mere sofistikeret 13-frihedsgexdsedastisk model, hvor
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Xii

der tages hensyn til koblingen mellem laterale tarn-ogséangninger. Hvad angar
den tunede vaskedeemper er analysen baseret pa Galerkitioraaf feltligningerne
for hastighedsfeltet og for den frie overfladebetingelsetirdterende koordinatsys-
tem, der farer til et system af koblede ikke-linesere, ordineifferentialligninger.
Som funktional basis er benyttet egensvingningsformerstdénde linesere bglger
styret af centrifugalaccelerationen, der ogsa bestemangrféinktionerne i diskretis-
eringen af den frie overfladebetingelse.

Anden del af afhandlingen fokuserer p& aktiv og passiv kbaffrlaterale tarnvi-
brationer. Ved brug af moderne elektronik kan generatattegjaingsmoment foreskrives
en bestemt veerdi med en tidsforsinkelse pa urider s. | undersggelsen er de-
taljerne i kraftoverfaringen mellem nacelle og tarn beg&tened speciel fokus pa
indvirkningen af generatorens drejningsmoment pa dendlatdevaegelse af tarnet.
Bade offshore vindmgller med gear box og med direkte drevep@gatoren er analy-
seret. Derefter, som et alternativ til den aktive generbmitrol af den laterale tarn-
bevaegelse, er virkningen af en TLD. Den ikkelineaere modeikiet til deempning
af kantsvingninger er blevet modificeret, sa rotationencafrlineringssystemet fik-
seret til deemperhuset nu kun sker pa grund af den rotatiohtsppen af tarnet.
Ydermere udfgres en state-of-the-art realtime hybridrtggRTHT), for at verificere
gyldigheden af den benyttede aekvivalente linesere deemgmigiganisme for vaesken
i den foreslaede teoretiske model, og for at evaluere deiskakadfeerd af en tunet
veeskedeemper i fuld skala ved deempning af laterale tarmidhea. | RTHT an-
vendes en TLD i fuld skala som fysisk substruktur, hvilkét@herer skala-effekter,
mens 13-frihedsgrads vindmgllemodellen bruges som derriske sub-struktur, der
formuleres i Matlab/Simulink. Undersggelsen tager atigkilveerdier for deempn-
ingsparametre og forskellige belastningstilfeelde i ltrag.

Sidste del af afhandlingen fokuserer p& modelleringen ogopgéimale kontrol af
bglgenenergi punktbsorbere. | undersggelsen er fgrstiiudds optimale kontrollov
for en enkelt ikkelineger punktabsorber i uregelmaessigeeptaslger, der viser sig at
veere en lukket-lgkke kontrol med feedback af den gjebligkdlytning og accelera-
tion af flyderen, og af fremtidige hastigheder af denne. Radaf den sidstnaevnte
ikkekausale kontrolkomponent, er der foreslaet en alterkausal lukket-lgkke kon-
trollov, baseret pa en mindre modificering af den optimalettallov. Ideen er at
tvinge absorberens hastighed i fase med bglgekraften feetat sikre en positiv ef-
fekttilfarsel til absorberen til ethvert tidspunkt. Undggelsen viser, at den foreslaede
kausale kontrollov kontrollov i uregelmaessige plane biidesorberer teet ved den
samme effekt som den optimale. Endelig er foreslaet et rigtiprfor bglgeenergi
absorption, en sakaldt Gyroscopic power take-off punkigier, som en mulig lgs-
ning pa at levere konstant effekt til forsyningsnettet udeintroducere steerkstramse-
lektronik. Ved antagelse af monokromatiske bglger udle@egorenklede ligninger,
gyldige ved synkronisering af preecessionen af gyroenskpéi til vinkelfrekvensen
af bglgebelastningen. Der fastlaegges tillige stabilitetingelser og tiltraekningsom-
rader i faseplanen for den synkroniserede bevaegelse afring

Zili Zhang Xii
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CHAPTER 1
Introduction

This chapter gives the background, motivation and orgéinizaf this work. The
vibration and stability problems of wind turbines, stafettee-art of different control
devices employed for wind turbines, as well as the contmaitegies widely used
for wave energy point convertors are presented. Based stitdiature survey, the
objectives and structure of this thesis are outlined.

1.1 Background

As two important renewable energy sources, wind energy aak\@nergy have re-
ceived significant attention in energy and policy agendas.important goal in re-
search and development of renewable energy technologtesréziuce the cost per
unit of delivered electrical energy. This has led to the ttgwment of larger wind
turbines with increased rotor diameters and tower heigbtgapture more energy
throughout its lifetime and reduce the cost of energy. Modwymmercial 5 MW
wind turbines have blades lengths over 60 m, and prototyénies currently under
development with ratings of 8-10 MW may have blade length®0of or more (Bak
et al. 2013). While increasing the blade lengths and tower heighassthe clear ben-
efit of increased energy capture, this trend also leads tedsed flexibility of wind
turbine components, which are susceptible to experiemge Emplitude vibrations or
even aeroelastic instability.

Wind turbines are aeroelastic systems, where strong cwggpbetween aerody-
namics and structural dynamics take place. The aerodyrfanties on wind turbine
structures depend on the relative velocities of the airipgsthe structure. If the
structure is deformed, the change in shape due to the elsficmation and the
time derivatives of the deformation will both affect the @dynamic forces, e.g. due
to a changed effective angle of attack. In turn the aerodyméonces influence the
deformation and the velocity of the structure. There is gnéransfer between the
vibrating structure and the air around it. If energy flowsiiirthe wind turbine struc-
ture to the air (which is normally the case), this acts like ather type of damping to
reduce the amplitude of the structural motion, and it issthierodynamic damping.
However under certain circumstances it is possible forgnty flow the other way
around and cause the vibration to increase. This is sometieferred to as "negative
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aerodynamic damping". If the negative aerodynamic damekugeds the structural
damping, the system renders into aeroelastic instability.

Aerodynamic damping plays an important role in the dynarettdviors of wind
turbines. Normally, the bending modes of the blades aresifiled as flap-wise and
edgewise modes (Hansen 2003). Edgewise vibrations aratigbs close to the rotor
plane, while flap-wise vibrations take place out of the rgiene. The tower bending
modes are classifed as fore-aft (longitudinal) tower madtlateral tower mode, cor-
responding to along-wind and cross-wind vibrations, respely. For different modes
of the wind turbine system, the corresponding aerodynaanuaing is different. Gen-
erally, for pitch regulated wind turbines, the aerodynadd@mping of flap-wise rotor
and longitudinal tower modes is high, whereas the dampingdgewise whirling,
drivetrain torsion, and lateral tower modes is low (Hanse®7). For example, Figure
1.1 shows the aeroelastic damping (structural dampingg@usdynamic damping) of
the first nine modes of the 2.75 MW pitch-regulated, variaipleed NM80 prototype
turbine (Hansewt al. 2006). The aeroelastic damping (in terms of modal logarithm
decrement) of the first two edgewise whirling modes is ardifiadwhile the logarith-
mic decrement of the three flap-wise modes varies ftd¥% to 200% under normal
operational conditions. The logarithmic decrement of teeldteral tower mode is
arounds%, much less than that of the 1st fore-aft tower mode (ar@ms6).

30
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Figure 1.1 Predicted aeroelastic damping of the first nine modes of thiBMNturbine, obtained from
eigenvalue analysis (Hansenal. 2006).

Further, increased flexibility also causes a greater likehaf aeroelastic insta-
bility, where aeroelastic damping of certain modes becoeuative. The aeroelastic
instability expected to occur in modern mega-watt wind itueb can be divided into
two categories: stall induced vibrations during separdi®d and classical flutter
during attached flow (Hansen 2007). Pitch-regulated vhriapeed wind turbines
normally do not operate in stall and the risk of stall-inddigération is not as serious
as for stall-regulated wind turbines. Exception may talkeelat parked conditions. It
has been shown that under idle conditions, both the 1stldtawer and 1st edgewise
modes of the 5 MW NREL wind turbine exhibit negative modal gémg when the
nacelle yaw is either -30 or 20 degree (Bir and Jonkman 200at)g slender blades
of pitch-regulated turbines operating in attached flow mayehthe risk of classical
flutter if the frequency ratio between flap-wise bending andibnal modes is suffi-
ciently low, the rotor speed is sufficiently high, and theteef mass is sufficiently
aft on the blade cross sections (Lobitz 2004; Hansen 2004j)inD flutter, the first
torsional mode couples to a flap-wise bending mode througjad¢inodynamic forces,
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and this flutter mode has highly negative damping. Althouigtohically flutter has
not been a driving issue in wind turbine design, it is belektreat flutter may become
a major design consideration with the growing trend of laegel more flexible blades
(Hansen 2007; Pourazamhal. 2015).

Large-amplitude edgewise and lateral tower vibrationsordy contribute to
structural fatigue damage with increased operation anahter@@nce costs, but also
interfere with the power production, affecting the prodkitt and reducing efficiency
(Ahlstrom 2006). On the other hand, aeroelastic instaslitalthough not frequently
occur, are potentially much more destructive and can leadgial failure of the wind
turbine. Therefore, it becomes necessary to passivelytwefcadd damping to the
system by different control devices and control strategiesrder to remove mechan-
ical energy from the primary structure.

1.2 Vibration control of wind turbine components

There has been continued interest among researcher in sthal@eade to control
structural vibrations in wind turbines. Different typeswabration control systems
have been proposed, either by changing aerodynamic logdsierced by the rotor
(which is equivalent as increasing aerodynamic dampindgefaeroelastic system),
or by introducing extra damping to the primary structur@ttgh installed mechanical
devices.

1.2.1 Pitch controller

Blade collective pitch controller is primarily used to linthe aerodynamic power in
above-rated wind speeds in order to keep the turbine withidésign limits (Burton
et al. 2001). However, the collective pitch controller can be rfiedito add damping
into fore-aft tower mode, since changes in pitch also hava@mneffect on the trust
load and thus the fore-after tower vibration (Bossanyi 20B8Qrther, by pitching each
blade individually, it is possible to reduce the low-frequag 1P (once-per-revolution)
load peak (resulted from wind shear, tower shadow, yaw igisalent and rotational
sampled turbulence) experienced by blade in-plane (damtinflap-wise) vibrations
(Bossanyi 2003). As illustrated in the individual pitch ¢ah (IPC) scheme in Figure
1.2, the measured out-of-plane bending moment signalg abti of each of the three
blades are transformed into two orthogadtedndg- axis by means of a transformation
based on blade azimuthal angles. A feedback controlleh(aadID, LQG) for each
axis generates a pitch demand for that axis, and theltvemdg- axis pitch demands
are converted by the reverse transformation to give pitchash&l increments for each
blade. These are summed with the collective pitch demanigiécegotal pitch demand
for each blade. Furthermore, based on a nonlinear obsexiemded Kalman filter)
for estimating the turbine states together with the blaffiective wind speeds, IPC
has been applied to reduce 1P blade loads under extreme ijlustirgction change
(Kanev and van Engelen 2010).
This procedure is based on local blade response measurederglternative
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Figure 1.2 Individual pitch control (IPC) scheme (Bossanyi. 2005).

feed-forward control strategy is to measure the local infmgle and relative flow ve-
locity on each of the blades, and adjust the individual pélcles accordingly (Larsen
et al. 2005). The rapid variations in inflow conditions can be congaged faster by
the inflow-based IPC than the normal IPC, leading to highad leeduction without

loss of power production. Clearly, the pitch actuator witperience even greater
activity in this case.

More recently, IPC was developed to improve power outputtarreduce pitch
motions of the platform of floating offshore wind turbinesafik and Stol 2010).
The individual blade pitching creates asymmetric aerodyin#oads in addition to the
symmetric loads created by collective blade pitching togase the platform restoring
moments. Results show that the IPC reduces power fluctsatdetform rolling rate
and platform pitching, comparing with a baseline colleetpitch controller. Again,
the blade pitch actuator usage increases significantly.

The pitch controller functions by changing the effectiveglenof attack along
the blades and thus the aerodynamic loads experienced bgttire Therefore this
vibration control method falls into the category which ieases aerodynamic damping
of the wind turbine system. The pitch controller primarifeats the fore-aft tower
mode and out-of-plane (flap-wise) blade mode by reducintptérequency (mainly
1P) loads. However, it almost has no effect on the lightly padlateral tower mode
and edgewise blade mode. The increased usage of pitcharctespecially the IPC)
may also cause problems regarding maintenance as blademeséanger.

1.2.2 Aerodynamic devices

In order to prevent excessive wear of the blade pitch systehtareduce the loads on
the rotor in a more efficient way, several concepts of "sn@drrcontrol” have been
proposed. In this approach, aerodynamic load control és\ace distributed along the
span of the blade, and through a combination of sensingralarid actuation, these
devices dynamically control the aerodynamic loads on tlageldd at any azimuthal
positions.

Inspired by existing technology in aircraft and rotorcibplications, the trail-
ing edge flap (TEF) is a small movable control surface to diyezontrol lift on a
blade. By increasing or decreasing the camber of the aiiffiFs generate substantial
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change in the lift coefficient of the airfoil (change in maxim lift, lift curve slope
and zero-lift angle of attack), by altering the pressureridhigtion along the chord
(Barlas and Van Kuik 2010). As illustrated in Figure 1.3, BEfan be employed in
two manners: either discrete rigid flaps or continuous deédnle trailing edge. Dis-
crete flaps are mounted on the blade (hinged) and require aemtaouer the hinge
to achieve the required position, while continuous defdr@érailing edge shows a
more smooth change in shape which avoids sharp change iahiger and increases
its effectiveness.

deformable

J

Figure 1.3 Trailing edge flaps concept (Barlas and van Kuik. 2010).

Load reduction capabilities of the rigid TEFs on blade olaplane vibrations
have been investigated and compared with the IPC (Lackrievam Kuik 2010). It
is shown that both TEFs and IPC are capable of achievinglsizaad reductions,
and the relative performance depends on the specific loas cétile IPC more
substantially reduces the 1P load peak, the individual fagroller appears to be
more effective at reducing high-frequency loads, due tdoitsinertia and thus fast
reaction. Hybrid control approaches which utilizes botl I#hd TEFs offers pos-
sibilities of maximizing the load reductions or achieviragde load reductions and
reduced pitch usage compared to IPC. Further, both windeflumeasurements on
a small-scale wind turbine (Barlat al. 2013) and full-scale tests of a Vestas V27
wind turbine (Castaignedt al. 2014) have been carried out for evaluating the perfor-
mance of TEFs on load reduction. Promising results werergbdenhich enhance
the proof-of-concept of a "smart" wind turbine rotor.

Another aerodynamic devices for load control on wind tuebithe microtabs
(Chow and Van Dam 2007; Barlat al. 2013), are small (deployment height in
the order of the boundary layer thickness) translationaicés placed near the trail-
ing edge of an airfoil (Figure 1.4). The deployment of sudbstahanges the trail-
ing edge flow development, so the effective camber of theigigroviding changes
in lift. Lift enhancement is achieved by deploying the tabtba lower (pressure)
side of the airfoil, while lift mitigation is achieved by dieping the tab on the upper
side (suction). There are different actuation systemsgdesi that could be used to
control the tab motion. One possible design includes madidaemblies of micro-
electro-mechanical translational tabs (actuated by smtafijrated electronic circuits)
designed with a two-position control, either fully retrea{off) or fully deployed (on).
Their effect on lift has been shown as powerful as flaps. Thallsize of these de-
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vises lead to faster response and overall reduction of aaxitpland cost. Wind tunnel
results demonstrate that careful design of tab height agatitm, combined with the
selection of an appropriate baseline airfoil, can yield #i@ctive active load control
system (Johnsoet al. 2010).

I,»
—

Figure 1.4 Microtab concept (Barlas and van Kuik. 2010).

Both TEFs and microtabs are functioning by changing liftficients of the
airfoil, and thereby mainly affect the out-of-plane (flajs@) blade loads. The lightly
damped edgewise vibration is almost not affected by thegsee

Further, boundary layer control methods have also beenfoséuhd control on
wind turbine blades. Most know methods are boundary layetiGumethod (Barlas
et al. 2013) which consists in operating a powered system to sughdery layer flow
from closely spaced vertical slots, synthetic jets (Maklbmet al. 2010) which are
zero-net mass flux jets created by employing an oscillatarfiase within a cavity, and
(active) vortex generators (Barrett and Farokhi 1993) Whie aerodynamic surfaces
consisting of small vanes to create a vortex. Traditiondlgse methods are used for
flow separation control at moderate or large angle attagkethy altering the airfoil
pressure distribution and delaying the stall effect. Dughéir simplicity, minute size
and small actuating power needed, boundary layer contrthads also appear high
attractive to affect lift and reduce loads on the blade immadroperating conditions,
although much more further investigations need to be chois.

Alternatively, stall strips are used as a means for reduedgewise vibrations
(Riziotis et al. 2004; Thirstrup Petersest al. 1998). Stall strips are small lists with
triangular cross section at the leading edge of the bladending only few meters
radially on a blade. Researchers have also found that biaskedled with stall strips
perform better with regard to edgewise vibrations; howgthgs beneficial effect is
overshadowed by the negative impact on the power produsiitce a substantial
amount of power is lost at the same time.

1.2.3 Structural control devices

All the above-mentioned methods focus on changing aeradiymlaads experienced
by the rotor, where controller conflicts may take place duatidtiple objectives such
as the power smoothing and load reduction. On the other retnatural control
technologies, which have achieved significant successtigating vibrations of civil
engineering structures, turn out to be a promising alteraand in recent years are
being increasingly investigated for application in winddines.

In the past few years, structural control of wind turbine éosvhas drawn more
and more attention from both academia and industry. Sepasaive and active con-
trol devices have been developed and implemented for toMveation control. Pendu-
lum dampers immersing in oil have been proposed (ArgyriadasHille 2004; Faber

Zili Zhang 6



Vibration control of wind turbine components 7

and Dalhoff 2008) to be mounted inside the wind turbine towad highly reduced
2-DOF models have been established for this system. Tuned demper (TMD)
is the most extensively investigated device, and its schierdagram is illustrated
in Figure 1.5(a). Taking the tower-blade interaction aslslthe rotational effect
into consideration, the performance of a passive TMD ingating along-wind tower
vibrations was investigated using a simplified wind turbimedel. To yield more real-
istic results, an advanced modeling tool has been develmpgthcorporated into the
aeroelastic code, FAST (Fatigue, Aerodynamics, Strustarel Turbulence), allow-
ing the investigation of passive TMDs in vibration contréladfshore wind turbine
systems (Lackner and Rotea 2011a; Stewart and Lackner 2Bbf@aet al. (2010)
designed and constructed active TMD for offshore wind tueltowers, and simula-
tion results showed a clear improvement of response ustingddviD compared to its
passive counterpart. Passive and active TMD has also beestigated for a floating
barge-type wind turbine (Lackner and Rotea 2011b). Sinaratesults from FAST-
SC show superior performance of active TMD in reducing faftetower vibrations,
at the expense of active power and large strokes.

‘ Three-bladed
Nacelle 60 m rotor system
TMD; f TLCD 1
&
- K
H ‘__’m IANAA Kr l®) Nacelle
— |— —~_ A
d [ L
Hub
e b
T \Uw
Tower TLep2
(a) (b)

Figure 1.5 Schematic diagram of two extensively-investigated dasfmrwind turbine tower. (a) TMD
(Lackner and Rotea. 2011). (b) TLCD (Mensah and Duenasi@Qs2014).

Tuned liquid column damper (TLCD) was also introduced fonaviurbine tow-
ers, and its schematic diagram is illustrated in Figurel).5{ilmink and Hengeveld
(2006) simplified the wind turbine tower to be a SDOF model andcluded that
TLCD was more effective than the pendulum damper. ColweallBasu (2009) exam-
ined the effectiveness of TLCD in reducing dynamic respsimm$anonopile offshore
wind turbines under wind and wave loads, and simulationlt@show that response
reduction of up td5% might be achieved. Structural reliability improvement afd
turbine towers using TLCD were presented (Mensah and Du@Basio 2014), and it
illustrates significant reductions in the vulnerabilitytofvers to wind forces owing to
the inclusion of the damper. Some other passive controkdsysuch as the ball vi-
bration absorber (BVA) (Zhanet al. 2014), the spherical tuned liquid damper (TLD)
(Chen and Georgakis 2013), the toggle-brace-damper (Bsedeand Hggsberg 2014)
were also proposed for wind turbine towers. The effectigerd these devices have
been verified by either theoretical or experimental studies

Most of the works described above focus on the fore-aft tax@ations, which
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are already highly damped due to the high aerodynamic dappithis mode. There-
fore, more works need to be carried out on the structuralrobatf lateral tower vi-
brations.

Structural control of wind turbine blades are mainly foaliea active and semi-
active control solutions. Arrigaet al. (2011) proposed a semi-active tuned mass
damper (TMD) for the control of flap-wise vibrations in wingbine blades, although
the modal damping in this direction is already very high duthe aerodynamic damp-
ing. Active TMDs have also been studied for mitigating bladigewise vibrations,
and the active TMD achieves greater response reductionghkegassive counterpart
(Fitzgeraldet al. 2013). Further, Krenkt al. (2012) proposed an active strut mounted
near the root of each blade for suppressing blade vibratemdlustrated in Figure
1.6. The active control concept developed in this researtlased on resonant inter-
action between the rotor and the controller, which is iregblsy the concept of TMDs.
Stainoet al. (2012) presented the use of active tendons mounted inattetdade for
active control of edgewise vibrations (Figure 1.7). Thetoalter allows a variable
control force to be applied in the edgewise direction, arddbntrol forces are ma-
nipulated according to a prescribed control law. Simutatiesults show that the use
of the proposed control scheme significantly improves tspaase of the blade and
promising performances can be achieved.

Figure 1.6 Rotor blade with an active strut attached at two cross-@egtnear the root (Krendt al. 2012).

actuator 1 actuator 2

Figure 1.7 Actuator configuration for the proposed active tendon absystem (Stainet al. 2012).

Both active and semi-active control solutions need redfticomplicated con-
troller configurations and some amount of power input. Tinidates the importance
and necessity of developing simple and robust vibratiorirobdevices for wind tur-
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bine blades, although the existing solutions exhibit pging damping effect.

1.3 Control of wave energy point absorbers

In contrast to vibration control of wind turbine componetitat seeks to minimize
mechanical energy from the primary structure, for wave g@n@oint absorbers the
objective is to control the motion of the system in such a wet i maximum me-
chanical energy is supplied to the absorber. The preseracieyairaulic power take-off
mechanism (PTO) provides a reaction force (control forea) tan influence the mo-
tion of the point absorber, making the optimal performarfaé® device possible. An
schematic diagram of the point absorber with a PTO systeltnstrated in Figure 1.8
(Anténio 2008).

| LP HP

accumulator accumulator

Figure 1.8 Schematic representation of the wave energy point absevitlera PTO system (Anténio.
2008).

Basically, the point absorber is a mechanical oscillaterfggming better as the
wave frequency approaches its natural frequency. Theatetiudies on oscillating
point absorber under regular waves revealed that the ojppentormance is obtained
when it's operating at resonance conditions, i.e. the feegy of oscillation should
match the frequency of the incoming wave (Ant6nio 2010} klso shown that under
resonance conditions, the wave excitation force and trexitglresponse are in phase
with each other. This condition for maximizing energy protien has already been
reported by Budal and Falnes (1980) in the early 80’s.

For real irregular waves featuring continuous frequencyenspectrum, several
strategies (Falnest al. 2002) have been proposed for approaching the theoretical
optimal controller, which is non-causal, i.e. the presanttml demand depends on
future wave loads or responses of the absorber. To handlpribiblem, non-predictive
causal controllers have been proposed and tested by vaighers, of which some
of the recent are Valériet al (2007) and Lopest al (2009). Such control strategies
are basically suboptimal in irregular sea-states. In Valét al (2007) it is demon-
strated that the causal control at optimal tuning tends forea the velocity of the
absorber into phase with the wave excitation force, whicim isgreement with the
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condition proposed by Budal and Falnes (1980). Other cau@tol methods are
based on prediction of the incoming waves and the relategdutesponse of the ab-
sorber (Schoeast al. 2008a; Schoent al. 2008b). Hence, such approaches combine
elements of open- and closed-loop control. Optimal contiith constraint on the
displacements and the control force has also been condifféatset al. 2011). Still,

the non-causality of the optimal control was handled by jotéxh of wave excitation
force by means of an augmented Kalman filter.

The most extensively investigated causal control methdbdasso-called latch-
ing control (Falnes and Budal 1978; French 1979), whichsgiied by the condition
that the absorber velocity is kept in phase with the wavetation. Latching control
consists in locking the motion of the absorber at the very emmvhen its velocity
vanishes at the end of one oscillation, and waiting for thetrfevvorable situation to
release the body, so as to achieve approximate optimal mioadel. The principle
is illustrated in Figure 1.9 for monochromatic wave exdéiatwith the angular fre-

quencyw < wg = 1" > Ty, wherewy andTy = i—’; denote the angular frequency
and eigenperiod of the point absorber, ahd= %” is the period of the wave load.
u(t), u(t) andf.(t) denote the absorber displacement, absorber velocity @nadie
excitation force, respectively.

tching

Figure 1.9 Optimal latching control under monochromatic wave exitat

To optimally determine the latched time-intervals in resmhdom waves is the
problem to be solved, which requires the prediction of tleiming irregular waves
some time into the future (Babagt al. 2004). For the latching control strategy to be
feasible in real sea conditions, it is required that the dyicdnydrodynamic force can
be observed and predicted at least a semi-period ahead bas#sservation of the
sea-surface elevation. In broad-banded irregular séassttne prediction of hydro-
dynamic force is related with uncertainty. Normally a sfgraint loss of correlation
of the sea-surface elevation process occurs at the timevahtef half peak period
%Tp. This lack of correlation is carried over into the dynamidhydynamic force,
which makes the prediction of next semi-period of this gitgnincertain. Further,
the non-continuous activation of the power outtake causgdgms for the mechani-
cal implementation of the control action.
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1.4 Obijective of the thesis

The objective of this study is to carry out fundamental resfean passive and active
vibration control of renewable structures, and to provideful models for practical
applications. Effective and robust vibration control naeth will be explored for miti-
gating the lightly damped edgewise blade vibration anddtewer vibration in wind
turbines, with the main focus on structural control devidRigiorous theoretical mod-
eling of different dynamic systems is to be establishedethas which detailed design
and analysis of the proposed control devices can be carmied o

Besides, this study will explore technical solutions forve@nergy point ab-
sorbers, in order to maximize the mean absorbed power aodt@ldeliver more
smooth power to the grid. A novel suboptimal causal conawl Will be established
for controlling the motion of the point absorber, and a nepetpf point absorber will
be proposed with detailed modeling and analysis.

1.5 Outline of the thesis

Chapter 1 presents the introduction and motivation of the whole theshere the
background, objectives, and structure are addressed.

Chapter 2 describes the details of the 13-DOF aeroelastic wind teribmodel. It
clearly demonstrates how the equations of motion are di@wel how the aerody-
namic loads are calculated for the wind turbine system.

Chapter 3 addresses damping of edgewise vibrations in rotating wirtirie blades
by means of different passive dampers. The working principa advantage, the dis-
advantage and potential improvement of each damper isierpla

Chapter 4 addresses mitigation of lateral tower vibrations in wintbtoes. Active
vibration control using the generator torque and passivérobusing TLD are both
explored. Real-time hybrid testing of a full-scale TLD is@blescribed in this chapter.

Chapter 5 presents dynamics and control of wave energy point absardesubop-
timal causal controller is proposed for the heave point diesdoy slightly modifying
the non-causal optimal control law. The Gyroscopic powke-aff point absorber is
modeled and stability analysis is carried out.

Chapter 6 provides the general conclusion drawn from this study arsbipte fu-
ture extensions.

Appendix A provides the detailed descriptions of the system matri¢els3eDOF
model.

Appendix B contains the enclosed journal paper: "Mitigation of edgewiibrations
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in wind turbine blades by means of roller dampers".

Appendix C contains the enclosed journal paper: "Tuned liquid coluamplers for
mitigation of edgewise vibrations in rotating wind turbinkades".

Appendix D contains the enclosed journal paper: "Damping of edgewls@tion
in wind turbine blades by means of circular liquid dampers".

Appendix E contains the enclosed journal paper: "Nonlinear modelirtgmed lig-

uid dampers (TLDs) in rotating wind turbine blades for dangpédgewise vibrations".

Appendix F contains the enclosed journal paper: "Dynamics and coofrtdteral
tower vibrations in offshore wind turbines by means of actienerator torque”.

Appendix G contains the enclosed journal paper: "Full-scale rea¢timbrid test-
ing of tuned liquid dampers (TLDs) for vibration control ofnd turbine towers".

Appendix H contains the enclosed journal paper: "Optimal control aflim@ar wave
energy point converters".

Appendix | contains the enclosed journal paper: "Stability analysik@Gyroscopic
Power Take-Off wave energy point absorber".

Appendix J provides detailed results from the real-time hybrid tegtin
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CHAPTER 2
The 13-degree-of-freedom

aeroelastic wind turbine
model

The details of the 13-degree-of-freedom (13-DOF) wind inglmodel is presented
in this chapter. The indicated reduced order model is basdthear structural dy-
namics together with nonlinear aerodynamics. The bladedtentower are modeled
by Bernoulli-Euler beams, and the drivetrain is modeledH®y $t.Venant torsional
theory. The blade element momentum (BEM) method is empléyechlculating the
lift and drag forces along each blade, taking the deformat@docities of the structure
into consideration. Further, a collective PI pitch corfeolnd a generator controller
are also included in the model for power control of the maghiDespite its simplic-
ity, this 13-DOF aeroelastic model takes into account mamgoirtant characteristics
of a wind turbine, including time-dependent system magri¢erward and backward
whirling mods of the rotor, coupling of the tower-bladevétirain vibrations, aerody-
namic damping in different modes of the system, as well aghiléy in the drivetrain.
This model has been used as a basic tool for both the thealratid experimental
studies throughout the thesis.

2.1 General description of the structural model

A schematic representation of the wind turbine model is showFigure 2.1. The
motions of the tower and the drivetrain are described in alfigéobal(X;, X2, X3)-
coordinate, while the motion of each blade is described iw@ing, local(z1, z2, z3)-
coordinate system with its origin at the center of the hub.glbleting the tilt and
possible coning of the rotor, th&; andx; axis are unidirectional to the mean wind
velocity. The(Xs, X3)- and(z2, x3)- coordinate planes are placed at the rotor plane.
The X;-axis is vertical, and thes- axis is placed along the undeformed blade axis
oriented from the hub towards the blade tip. The positiomeflocal coordinated sys-
tem attached to bladgis specified by the azimuthal anglg (¢), which is considered
positive when rotating clockwise seen from an upwind positi
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q1(t)

1 gr(t) ay(t)

X,

Figure 2.1 the 13-DOF aeroelastic wind turbine model. Definition of dix@d moving coordinate systems
and the degrees of freedam(¢), . . ., q11 (¢).

The blades are modeled as Bernoulli-Euler beams with thdibgrstiffness
EI(z3) in the flap-wise direction anél'I>(x3) in the edgewise direction. The mass
per unit length isu(x3). The flap-wise and edgewise motions of the three blades are
modeled by the degrees of freedom (DOEg)) andg;+3(t), j = 1,2,3, indicat-
ing the tip displacement in the positivg-direction and in the negative,-direction,
respectively. The related mode shapes are taken as the peddundamental eigen-
modesd(z3) and®. (x3) in the flap-wise and edgewise directions when the blade is
clamped at the hub, i.e. the rotational speed of the oter 0 rad/s.

The tower motion is defined by five degrees of freedgfi), . .., ¢11(t). g7(t)
andgs (t) signify the displacements of the tower at the height of thieinuthe global
Xi-andXs-directions.qq (t) specifies the elastic rotation of the top of the tower in the
negative X -direction, whilegio(t) and i1 (t) indicate the corresponding rotations
in the positiveX,-and X3-directions. The height of the tower from the base to the
nacelle is denotedl,,, and the horizontal distance from the center of the towetdop
the origin of the moving coordinate systems is denated

As shown in Figure 2.2, the drivetrain is modeled by the D@E$ét) andgq3(t).
The sign definition shown in Figure 2.2 applies to a gearbak anh odd number
of stages. ¢12(t) and ¢15(¢) indicate the deviations of the rotational angles at the
hub and the generator from the nominal rotational an@eand NQt, respectively,
where N is the gear ratio. Correspondingliiz(t) andd.3(t) are the deviations of
the rotational speeds at the hub and the generator from timnabvalues. In case
of an even number of stages, the sign definitions;fe(t) and f13(¢) are considered
positive in the opposite directiod,. and.J, denote the mass moment of inertia of the
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Establishing equations of motion 15

rotor and the generator; ag andk, denote the St. Venant torsional stiffness of the
rotor shaft and the generator shatft.
Then, the azimuthal angl&; (¢) of blade;j (Figure 2.1) is given by

2m .

Generator sh

Sl i

q3(t)  fi3(t)

————l———
otor of generator
f 13@3
tator of generator

’\' Rotor shaft

J12(t)

Figure 2.2 2-DOF model of the flexible drivetrain with odd number of getages. Definition of degrees
of freedomgq2(t) andgi3(t).

The DOFs of the structure are assembled in the vegtoy. This vector can
always be partitioned into a sub-vecigi(t) storing the local DOFs (defined in the
moving coordinate system), and a sub-veejg(t) storing the global DOFs

0= o) @2
In the present case we have
q1(t) qr(t)
Q)= : , qe(t)=| (2.3)
6 () q13(t)

2.2 Establishing equations of motion

Letu, j(xs,t) andus ;(z3,t) denote théocal displacement fieldsf the blade, i.e. the
local z1- andx2- components of the elastic displacement vector seen by seredy
fixed to the moving coordinate system. As described in the@@abkection, the modal-
based attached mode approach s applied for modeling tHe biarations. Hence, the
displacement fields; ;(z3,t) and s ;(z3,t) can be interpolated from the selected
degrees of freedom; (¢) andg;3(t) as follows

a,j(w3,t) = @p(w3)g(t), j=1,2,3 }
()

~ (2.4)
Uz j(73,t) = —Pe(23)q)+3

Due to definitions ofy;(¢) andg;+3(¢) as the tip displacements, the eigenmodes
must be normalized to one at the tip, i®4(Lg) = ®.(Lp) = 1. Then, the local
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16 The 13-degree-of-freedom aeroelastic wind turbine mode |

displacements in (2.4) lead to the following velocity coments in the locat;- and
xo- directions of a cross-section of blaglat the positiones

’dl_’j(fbg,t) = %ﬂl_’j(xg,t) ~ @j’(d}g)(}j(t)
(2.5)

. d _ )
g j(x3,t) = E'UQ,j(xBa t) ~ —®.(x3)d;+3(t)

Further, due to the rotational angular velodity(t) = ¢12(t) + € of the moving
coordinate system, the local displacement veatoy(xs, t) induces a velocity in the
local z3- direction, which can be written as
i3 5 (w3, t) = W (t)ta 5 (3, 1) ~ —<(Jl2(t) + Q) Pe(23)q)+3(1)

~ —Q®(3)q513(t)

(2.6)

where the2" order termji2(t)g,+3(t) has been ignored in the last statement of (2.6).

2

Q+ ¢i2(t) d10(t) gs(t) — sq11(t)

ar(t) r 5G10(t)

? q11(t)

Figure 2.3 Velocities at a cross-section of blagle

As shown in Figure 2.3, in addition to these velocity conttibns, the globally
defined DOFsy,(t) also induce velocity contributions at the considered ceession.

At the hub, the translational DOFRg(¢) and gs(t), and the rotational DOFs
¢10(t) andgi1(t) induce the translational velocity componeg$t), gs(t)—sqgi1(t)
andsqio(t) in the globalX;-, X5-, X3- directions, respectively. The corresponding
moving frame components for blagere expressed as

Uy ,j(x3,t) = g7(t)
112.,3' ($3, t) = sin \Ifj Sqlo(t) + cos \I/j (qu(t) — squ(t)) (27)

’L'Lg_’j ($3, t) = COS \Ifj Sqlo(t) — sin \I/j (qu(t) — Sqll(t))
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Establishing equations of motion 17

Further, the angular velocity of the hub induces a veloaityponent in the local
x9- direction at the considered cross-section

fl’lQ’j (Ig, t) = —x3 (Q + G12 (t)) (28)

Finally, at the hub the rotational DORgs, () andg;:(t) result in angular veloc-
ities ¢10(t) and i1 (¢) in the globalX,- and X3- directions. In turn, these angular
velocities induce the velocity componentin the loeal direction

ﬂlﬁj(xg, t) = I3 COS \Ifj qlo(t) + T3 sin \I/j Chl(t) (29)

Summing up the contributions from (2.5), (2.6), (2.7), §2@.9) provides the
following components of the velocity vector of a cross-smtof bladej, in the mov-
ing coordinate system

Uy j(x3,t) = Pp(ws)d;(t) + ¢7(t) + x5 cos U, G1o(t) + x3sin ¥, ¢i1(t)
Ug j(x3,1) = —Pe(23);+3(t) + sin ¥; sgio(t)+
cos ; (ds(t) = sin () — (2 + dra(t)) (2.10)
U j(x3,1) = —Q@c(x3)qj+3(t) + cos ¥, s¢i0(t)—
sinV; s ((jg(t) — 5¢11 (t))

Defined in the global coordinate system (Figure 2.4), thpldement compo-
nents of the tower irX; - and X - directions can be expressed as

ux, (Xs,t) = Ni(X3)qr(t) — No(X3)quo0(t) }

0
wx, (X3, t) = N1(X3)gs(t) + Na(X3)qo(t) (2.11)

whereN; (X3) and N2 (X3) are cubic Hermite interpolation functions in the following
form

() ()
No(X3) = HO(%)B —

X )2 (2.12)
Hy

Hence, the total kinetic energy of the wind turbine inclugihe blade, the tower
and the generator becomes

r(ata) =13 [ ) (i a0+ 68, ) 38 )
Jj=1

+ " o) (8%, (X, ) + i, (X)) X+ Mo (20) + 200

+ %Jg (NQ + 413(75))2
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18 The 13-degree-of-freedom aeroelastic wind turbine mode |

Tk
Ho X

X Po(Xs1) Axs xh

X

Xi
(a) (b) ()

Figure 2.4 Modeling of the tower vibrations. (a) Two DOFs model for tloeef-aft tower vibration or
lateral tower vibration. (b) Shape functidvi; (X3). (c) Shape functioVo (X3).

(2.13)

wherepo(X3) is the mass per unit length of the tow@{, is the mass of the nacelle.
The first term on the right hand side of Eq. (2.13) indicateskiinetic energy stored
in the rotor. The second and third terms represents theikieaergy stored in the
tower and the nacelle related to the globally defined degrEreedom. Finally, the
last term indicates the kinetic energy stored in the rotahefgenerator.

Next, the total potential energy (strain energy) of the wiimtbine is given by

U(a(h) = ga” (VK.alt) (2.19)
whereK ; denotes the structural stiffness matrix including cengy#fl stiffening in the
rotating bladesK; is symmetric and time-independent, as will be given later.

Based on Egs. (2.13) and (2.14), the equations of motion easbtained from
the Euler-Lagrange stationary condition of the actiongrakin analytical mechanics
(Pars 1965)

d (0T or ou
dt (861) 9q " 9q
The right hand side of Eq. (2.15) is the load vector includafigexternal and

internal conservative and non-conservative load compsnén(q(t), 5(t),t) is the
aerodynamic loads as a function of the structural respggseand the pitch angle
B(t), as will be specified in the next subsectienC,q(t) is the linear viscous damp-
ing load term, andC; indicates the structural damping matrix that is symmetnid a
positive definite.—C,q(t) is the generator torque, which can be specified to actively

damp tower vibrations as will be shown in Section 4.
The resulting equations of motion of the wind turbine sysbsoome

M(1)a(t) + C(t)a(t) + K(t)a(t) = fa(a(t), (1), t) (2.16)

£.(4(t),B(t),t) — (Cs + Cyen)al(t) (2.15)
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Aerodynamic loads 19

whereM(¢) is the mass matrix that is symmetric and positive defin@é) is the
damping matrix andK(¢) is the stiffness matrix. All three matrices are time de-
pendent. In the general case these matrices depengtoni.e. M = M(q),

C = C(q) andK = K(q). In the present case, the dependence is merely on
U;(t) = qua(t) + Qt + Z£(j — 1). Ignoringqi2(t) the system matrices all become
periodic time- dependent matrix functions with the constatational period” =

M(t) = M(t +T), C(t)=C(t+T), K(t)=K(t+T) (2.17)

The time-dependence in Eq. (2.17) can be eliminated by edowate transfor-
mation, e.g. the Coleman transformation or the multiblagiesformation (Bir 2008).
Only in this case it is meaningful to carry out eigenvaluelgsia of the wind turbine
system.

For detailed description a¥1(¢), C(t) andK(t), see Appendix A.

Further, a full-span collective pitch control system isuesed. The time delay
due to mechanical inertia in the pitch actuator system candeled by a linear first
order filter

B(t) = %(50(%2, q12, G12) — B(L‘)) (2.18)

wherer is the response timgl, is the pitch demand, which is specified by the follow-
ing PID controller here, partly due to its wide range of apgiion in the wind turbine
industry, and partly due to its relative simplicity (Oga@ilD)

. . 1 ..
Bo(qi2, d12, G12) = G(Q12(t) + ;mz(t) + TdQ12(t)) (2.19)
where( is the controller gaing; is the integral control time constant ang is the
derivative control time constant. Inserting Eq. (2.19pify. (2.18), the following
linear control law is obtained

B(t) = diqi2(t) + dagrz(t) + dadra(t) — %ﬁ(t) (2.20)

whered; = %, dy = €, dy =

In combination, Eqs (2. 16) and (2.20) form a closed systedifferential equa-
tions for determination of the response veai¢t) and the pitch anglg(¢) , driven by
the turbulence in the inflow to the rotor.

2.3 Aerodynamic loads

In the present study, the blade element momentum (BEM) wiéindRl’s tip loss fac-
tor and Glauert correction is adopted to calculate aeratymborces along the blade
(Hansen 2000). Quasi-static aerodynamics is assumedwritbasidering time delay
of the obtained lift force on the airfoil, i.e. any changedtaf instantaneous angle of
attacha(zs, t) is assumed to be felt immediately in the aerodynamic loddsedes-
sary the time delay can be modeled by a rational filtratiomefaerodynamic loads at
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20 The 13-degree-of-freedom aeroelastic wind turbine mode |

the expense of introducing additional state variable indyx@amic system. It should
be noted that if a dynamic stall model (Leishman and Bedd®&9;1Larseret al.
2007) is applied in this 13-DOF model, such an extended s&teor formulation
become mandatory.

2

Figure 2.5 Local velocities and forces in the aerodynamic model.

Figure 2.5 shows the local velocities and forces on an &iffitade section) that
has a distances away from the hubV; (x5, t) andVz(x3,t) denote the wind veloc-
ities seen by an observer fixed to the moving, =2, 23)- coordinate system, which
are given as
Vi(zs,t) = (1 —a)Vo + vi(zs,t) — i (z3,1) (2.21)
‘/'2(£C3,t) = (1—}—0/)9,%3 +U2(,’E3,t) —ﬂ2($3,t) '

whereV} is the mean wind velocity far up-stream of the rotarzs, t) andvs(xs, t)

are the rotational sampled turbulence (Connell 1982) corapts inz,- andxz- di-
rections, respectivelyi, (z3, t) andis(xs, t) are the velocity components of the blade
in z1- andx,- directions, due to elastic deformations of the blade, tiweet and the
drivetrain.a(z3) anda’(z3) are axial and tangential induction factors determined by
the modified BEM method (Hansen 2000). The instantaneoussffmies (x5, t) and

the effective wind velocity, (x3, ¢t) defined in Figure 2.5 are given by

‘/1(253,1;)

¢($3, t) = arctan <m

> L Velwst) = \VR(@s.t) + VR(aat)  (2:22)
The instantaneous angle of attaef:s, ¢) is written as

a(zs,t) = ¢(zs,t) — B(t) — k(z3) (2.23)

wherex(z3) is the pre-twist of the blade section. Based on the quascstasump-

tion, the lift and drag forces per unit length are given by

pr(ws,t) = 0.5pV2 (w5, t)es)er (@) } (2.24)

pp(x3,t) = 0.5pV2(x3,t)c(x3)ep(a)

wherep denotes the mass density of aifz3) is the chord length of the airfoit;;, ()
andcp («) are the static lift and drag coefficients of the airfoil. Gzspondingly, the
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normal and tangential loads per unit length become

pN(xZiat) :pL(xiiat) COS¢+pD(x37t) Sin¢ } (225)

pr(x3,t) = pr(xs,t)sing — pp(x3,t)cos¢

Havingpy (z3,t) andpr(z3, t), the external load vectdy, (q(t), 3(t), t) on the
right hand side of Eq. (2.16) can be obtained. This 13-dinogas$load vector stores
the external loads work-conjugated to the defined degreffe@dom. In the present
case, the components ff(¢(t), 5(t), t) are given as

Lp
fi®) :/ Py (z3)pn,j(w3,t)das, j=1,2,3
0
Lp
f]+3(t) = / (I)Q(I3)pT.,j(x37t)dx37 .] = 17 273

3 ’ Lp
= 1 ) d
J2(t) ;/o pw,j(23, t)dzs
3 Ly
fs(t) = —; /O cos U; pr (w3, t)dzs (2.26)

3 Lp
flO (t) = Z/ (£E3 COS \I/j pN,j (CE3, t) — ssin \Ifj pT,j (CE3, t))d.’tg,
=170

3 Lp
fll(t) = Z/ (Ig sin\IJj pN,j(Qig,t) + s cos \I/jpT,j(Jig,t))dxg
j=1"0

3 Lp
fa®) = (1= Y [ waprs(as, o
j=1"0

f7(t) and fs(t) indicate the force resultants of the loads on the bladesen th
direction of the global translational degrees of freedgtft) andgs(¢). Similarly,
f10(t) and f11(t) signify the moment resultants in the direction of the glotwdh-
tional degrees of freedom(¢) andg; 1 (¢). f12(t) denotes the effective torque on the
drivetrain available for power production. It is reducedtbg factor(1 — u) relative
to the aerodynamic torque on the rotor, due to friction inktbarings and the gearbox,
as specified by the friction coefficient

Further, f13(t) is the generator torque that can be specified in differemh$or
for damping lateral tower and drivetrain vibrations, asl\wg& shown in Eq. (4.3)
in Chapter 4. fo(t) is related tof12(t) and f13(¢) due to the load transfer from the
drivetrain to the nacelle, as also will be shown in Chapter 4.
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CHAPTER 3
Damping of edgewise
vibrations in rotating wind
turbine blades

In this chapter, different passive control devices havenl@eposed for mitigating
edgewise vibrations in rotating blades. Normally, dampeffgcts of these dampers
are governed by the gravitational acceleration. For mogatvind turbine blades, the
corresponding damping effect are governed by the cenaifacceleration, which can
reach to a magnitude of 7-8 g for the outboard portion of a 6l&img blade. This
makes it possible to use these dampers with rather small ratiss for effectively
suppressing edgewise vibrations. Formulations and aisalfthe blade-damper sys-
tems have been established, where the blade edgewise risatiodeled by SDOF de-
fined in the blade-fixed rotating coordinate system. The oyogsof different dampers
are either described in the global fixed coordinate systerim, local moving coordi-
nate systems. The formulated nonlinear models for the kdaseper systems have
been used for the parametric optimizations of the dampedsttee optimized dampers
are incorporated into the more sophisticated 13-DOF aastielmodel (Chapter 2) to
verify the application of these reduced-order models. $itran results show promis-
ing performance of these passive dampers on mitigatingredgevibrations.

3.1 Dynamics of blade edgewise vibrations

As mentioned in Chapter 1, in contrast with flap-wise bladgrations, edgewise
blade vibrations in wind turbines are related with insigrafit aerodynamic damp-
ing. Therefore, it is of great importance to add damping edgewise mode. In the
following sections, different types of blade-mounted densphave been proposed for
damping edgewise vibrations in rotating wind turbine bkde

Edgewise vibrations of a wind turbine blade are couplededateral tower vibra-
tions (Hansen 2007). Therefore, besides the blade edgeibisgion, the motion of
the lateral tower motion which will also influence the motifrthe dampers mounted
inside the blade. Since the focus in this study is on theaateon between the damper
and the blade, as well as the damping effect of the damper gewese vibrations,
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the basic assumption here is that the influence from the tova¢ions can be ignored.
Therefore, the design of the dampers are totally based olotiaé dynamics of the
rotating blade. The validity of this assumption has beetuatad by the more sophis-
ticated 13-DOF wind turbine model (Zhargal. 2014; Zhanget al. 2015; Bastet al.
2015), and this coupling has been proved to be of minor inapae for the optimal
design of the passive dampers inside a blade.

X3

x2

1,Z1

Figure 3.1 Dynamics of the blade edgewise vibration.

As shown in Figure 3.1, in this chapter the blade edgewisetidn is described
by the single degree of freedop(t) in the local rotating coordinate system, without
considering the coupling from the lateral tower vibrationhe equation of motion
of this SDOF model can be simply obtained from the Euler-hage equation (Pars
1965)

mo §(t) + co () + (ko — Q®mo) q(t) = fo(4,t) + fo(t) 3.1)

wheremy, ¢y andkg are the modal mass, modal damping and modal stiffness,aespe
tively. ko includes both the elastic and geometric contributionst(degal stiffening
due to rotation and centrifugal softening caused by thetian of axial force due to
the weight of the blade)fy(¢, t) denotes the wind induced edgewise modal load on
the primary structure, taking the aerodynamic damping ¢otosideration (see Chap-
ter 2). f,(t) denotes the modal load from gravity, which will result in arnanic
motion in edgewise direction with an angular frequency of{d®tresponding to the
rotational speed of the rotor). The detailed expressionkasfe parameters are given
by Appendix C.

In Eq. (3.1), the negative stiffness teraf)?my is the result of the centripetal
softening effect, where the blade deflection in the edgediigetion induces a com-
ponent of the centrifugal force in the same direction (tegdo further increase the
blade edgewise deflection) in the rotor plane. The centaifagftening effect almost
cancels the centrifugal stiffening effect, and thus thationh of the rotor has insignif-
icant effect on the stiffness of the edgewise blade bendioden

Based on this 1-DOF blade model, different reduced-ordefaisdfor the blade-
damper system have been established for the proposed damper
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3.2 Roller damper

The idea of the roller damper (named ball vibration absQrrmerged for the first time
in Czech proposed for controlling vibration of a suspendesipessed concrete foot-
bridge, although it was not installed because the vibrateased with the completion
of the bridge deck (Pirner 1994). This kind of damper has faekpted successfully
on two television towers (Pirner 2002), as shown in FiguP$s8. Recently, the roller
damper (ball vibration absorber) was investigated forgaiihg tower vibrations of
offshore wind turbines (Zhanet al. 2014), as shown in Figure 3.2(b). Both experi-
mental and numerical results show the efficacy of roller darmp reducing dynamic
responses of wind turbine towers. These successful afiphsagive us motivations
for investigating the performance of roller dampers onguaiting edgewise vibrations
in rotating wind turbine blades.

)

Figure 3.2 Previous investigations of the roller damper. (a) The biltation absorber used on two TV
towers (Pirner 1994). (b) Shaking table tests on the pedoga of roller dampers for controlling wind
turbine tower vibrations (Zhanet al. 2014).

The roller damper consists of a roller rolling along an asck: The energy
input to the primary structure from dynamic loads could thesbsorbed through the
rolling motion of the roller. Figure 3.3 shows three possilalyouts of the roller, i.e.
a homogeneous ball, a homogeneous cylinder and a flywheda.fljiluheel is less
compact but more efficient than the ball and the cylinderesinbas the largest mass
moment of inertia.

Figure 3.3 Possible layouts of the roller damper, with the same mass(@) homogeneous ball] =
2

2mr?, (b) homogeneous cylindey, = Lmr2, (c) a flywheel and two small rail wheeld, = 2ymr? +

(1 —2y)mR3.

In the case of tower vibrations the damping effect of thesralamper is governed
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26 Damping of edgewise vibrations in rotating wind turbine b lades

by the gravitational acceleratign For the rotating blade, the corresponding damping
effect is governed by the centrifugal acceleration, whigh reach up to a magnitude
of 7-8¢ for a blade with a length of 63 m. This makes it possible to bseroller
damper (or dampers with similar principles described infthlewing sections) with
rather small mass ratios for effectively suppressing edggewibrations.

The roller damper is described by four parameter®, m and.J, representing
the radius of the roller, the outer radius of the track, thessnaf the roller, and the
mass moment of inertia around the gravitational center efrttier, respectively. In
order to ease the notation as well as the derivation of thateuof motion, these
four parameters can be combined into merely two parametansely the equivalent
massm. and the equivalent lengtR., which may be interpreted as the mass and
length of an equivalent mathematical pendulum, as showrigaré 3.4. Based on
the principle that the equivalent mathematical penduluoukhrepresent the same
kinetic and potential energy as the roller damper (AppeBJjthe expressions of.
andRR, become

J R?
Me =M+ —

r2 (R—r)?’

Re=R—r (3.2)

Figure 3.5 Schematic diagram of the reduced 2-DOF model, where therrdiimper is presented by the
equivalent mathematical pendulum.

Figure 3.5 shows the reduced 2-DOF model for the blade-dasyséem, where
the roller damper has been replaced by the equivalent matiehpendulum. The
position of the damper mass is defined by the local degreesetifrmd(¢), which is
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the clockwise rotation from the deformed blade axis. Dédog the position vector
and velocity vector of the roller in the fixed glob@s, X3)- coordinate system (the
blade edgewise vibration is described in the logal, z3)- coordinate system), the
kinetic and potential energy of the blade-roller dampetesyscan be formulated (see
Appendix B). Employing the Euler-Lagrange equations (R8865), the equations of
motion of the 2-DOF system can be obtained, which turn ouetodnlinear ordinary
differential equations with parametric-excited termsgE(@1) and (22) in Appendix
B).

Ignoring the influence of gravity, the angular eigenfrequyesf the roller can be
obtained as

me2xg 20§22
= = 3-3
wd \/ MeRe \/ R. (33

Itis shown from Eq. (J.1) that the motion of the roller is qofied by the cen-
trifugal acceleration:;Q?, which is much larger thap if z, is large enough. The
roller damper should be devised such thais approximately equal to the fundamen-
tal frequency of the blade. This can be achieved by adjudtingvhen the position
of the damper:, and the rotational speed of the rotor(the rated rotational speed)
are fixed. However even during rated operation conditioagdiational speed of the
rotor is varied around the rated value within 5%, which resir the slight change
of the eigenfrequency of the damper and thus detuning to lddelfrequency (as
mentioned in section 3.1, stiffness of the rotating bladedgewise mode is almost
unchanged with differerf2 due to both centrifugal stiffening and softening effects).
This slight detuning effect can be counteracted by incregisandwidth of the damper
via a damping mechanism (Krenk 2005). The damping mechaofdire roller re-
sults from the rolling friction between the contacting sieés of the roller and the
track (see Appendix B). However the damping property is msydo quantify accu-
rately and difficult to adjust during operation, which is thain disadvantage of the
roller damper.

Based on the 2-DOF blade-damper model, parametric optiioizeof the tuning
ratio and the coefficient of rolling friction have been cadiout using 2-dimensional
numerical optimization (Appendix B). It is shown that as thass ratio (mass of the
roller to the modal mass of the blade) increases, the optimalg ratio decreases and
the optimal friction coefficient decreases very slighthheTdetuning effect becomes
less sensitive with larger mass ratios, and acceptableatceftect of the damper
can be obtained at a wider range of parameter variationghé&yias the mass ratio
increases and as the damper is mounted closer to the bla@eéttigarger centrifugal
acceleration), the damping effect on edgewise vibrati@t®mes more pronounced.
However, the mass of the damper and its mounting positionldhoe constrained
by the available space inside the blade, making the chostresé two parameters a
tradeoff problem.

Figure 3.6 presents the performance of a roller damper witinized parameters
for mitigating edgewise vibrations, when the mean wind gpsé5m/s and the turbu-
lence intensity is 0.1. The mass ratio is 0.03 and the mogpidsition isty=45m. As
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Figure 3.6 Performance of the roller damper for wind turbines undenradoperational conditiong/y =

15ms~1,1=0.1,m = 0.03myg, zo = 45 m, optimal tuning ratio and friction coefficienR. = 1.785m.
(a) Time series of the edgewise vibration, (b) Fourier amgé of the edgewise vibration.

shown in Figure 3.6(a), the modal loads from gravity resuk large harmonic mo-
tionin edgewise direction with an angular frequency of LiPt@p of this deterministic
harmonic-varying motion, oscillations related to the egige eigenvibration are also
presented in the time history. The roller damper has no effie¢che gravity induced
1P motion (very low frequency) since it's a inertia basedation absorber, but it ef-
fectively adds damping into the edgewise eigenvibratidre Blade edgewise motion
with the roller damper become almost pure harmonic (withltRerequency) since
the high frequency oscillation has been significantly raitigl the the roller damper
(with a mass of 39 kg). From the Fourier amplitude spectrumsémi-logarithmic
chart) ofg(¢) in Figure 3.6(b), it is more clearly seen that the roller damgffectively
suppress the peak around 6.85 rad/s corresponding to tdarfental edgewise an-
gular frequency. This means that a properly designed rd#emper is able to absorb
almost all the energy in the fundamental edgewise mode dbldae. However, the
1P frequency peak is not influenced at all by the roller damper

(@) 4 : : ® e
Without roller damper Without roller damper
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Figure 3.7 Performance of the roller damper for wind turbines undeoelestic instability (here mimicked
by manually set the damping rat{® = —0.001), m = 0.03mg, zo = 45 m, optimal tuning ratio and
friction coefficient,R. = 1.785m. (a) Time series of the edgewise vibration, (b) Fourier léoge of the
edgewise vibration.

In contrast to the gravity induced motion, the edgewiseatibn (in the funda-
mental edgewise mode) is stochastic in nature, and is irdketby both the turbu-
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lent wind and the operational condition of the turbine. Tleeodynamic damping
may become negative under certain conditions (Hansen 26030re 3.7 shows the
performance of the roller damper (same parameters usedragure 3.6) when the
aeroelastic instability takes place. In the present nurakexample, the modal damp-
ing ratio(y of the blade is manually set to be -0.001 (in princi@és always positive)
in order to mimic the negative total damping (the structdieahping plus the aerody-
namic damping) under aeroelastic instability. It is seet the edgewise response
increases exponentially with time when there is no rollengar mounted. The in-
stability is totally eliminated by the attached roller daampgmplying that significant
damping is introduced by the roller damper into the fundamlesdgewise mode to
overwhelm the negative aerodynamic damping.

The roller damper has the advantage that its mass momengigiican be ad-
justed (with the same mass) during design process by usffegatit layouts of the
roller. However as mentioned earlier, the damping propnitstion between the roller
and the track) is difficult to quantify and adjust. This mattessroller damper a device
with relatively narrow bandwidth, i.e. the detuning effeetcomes significant when
the rotational speed of the rotor changes (during startmgruclosing down of the
rotor), since the damping property can not be adjusted dougly. Therefore, liquid
dampers, the damping property of which can be controlletlyehgscome interesting
to be investigated.

3.3 Tuned liquid column damper (TLCD)

Among different liquid dampers, tuned liquid column dam@ErCD) is one of the
favored options because it has several advantages, ingllmliv cost, easy installa-
tion and maintenance, easy adjustment of damper geomethe ttarget frequency
and controllable damping property by the orifice openinge €antrollable damping
property is important for wind turbine blades since detgrohthe damper occasion-
ally takes place when the rotor speed deviates from the ratkok, such as in the
below-rated region (Burtoat al. 2001).

TLCD imparts external damping to a structure through thetialeforce of an
oscillating liquid column in a U-shaped container (Sadiaal. 1989). Energy of the
liquid column is dissipated when the liquid passes througbriice opening in the
middle of the horizontal tube. This kind of damper has beecassfully implemented
in Hotel Cosima, Hyatt Hotel and Ichida Building in Osakai(8izu and Teramura
1994) and also in One Wall Centre in Vancouver (Colwell anduB2008). A number
of studies (Balendrat al. 1995; Balendrat al. 1999; Wonet al. 1996) have shown
that a properly tuned TLCD could significantly reduce stuuatresponses under wind
and earthquake excitations. TLCD was developed mainljh@purpose of suppress-
ing horizontal motion of structures (Gat al. 1997), as shown in Figure 3.8(a), but
it was also propose for suppressing pitching motion of $tmes such as bridge deck
(Xue et al. 2000), as shown in Figure 3.8(b). Investigation has also loeeried out
for comparing the performance of TLCDs with TMDs, and it wasduded that TL-
CDs were as effective as TMDs in damping structural vibragi@Xu et al. 1992).
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30 Damping of edgewise vibrations in rotating wind turbine b lades

Lee et al. (Leeet al. 2006) investigated the TLCD in reducing the wave induced vi-
brations of the floating platform system. Both the analyt@oal experimental results
show promising performance of the TLCD when it is accuratiehed. More recently,
Colwell and Basu (Colwell and Basu 2009) carried out a thghotheoretical study
on the performance of a TLCD for vibration control of offseavind turbine towers
and observed that a single TLCD could reduce the tower dispient by up t&5%.
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Figure 3.8 Previous investigations of TLCD. (a) TLCD for suppressimgizontal motion of the structure
(Gaoet al 1997). (b) TLCD for suppressing pitching motion of the stane (Xueet al 2000).
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Figure 3.9 A rotating blade equipped with a TLCD, 2-DOF model proposethe present study.

The successful applications of TLCD in civil engineeringistures again mo-
tivate us to utilized it in wind turbine blades. Same as tHeeralamper, damping
effect of the blade-mounted TLCD is governed by the largdrfiegal acceleration
20§22, As shown in Figure 3.9, the TLCD mounted inside the blad@isposed of a
U-shaped tube with an orifice installed at the ceii?enf the horizontal tube. Since
the U-shaped container is mounted inside a rotating blatteavthanging azimuthal
angle, it should be manufactured in a closed form to preveatitjuid from leak-
ing out of the tube. In this case, an extra slim tube conngdtiro vertical tubes is
fixed in order to balance the pressure above the liquid coldunimg oscillation. The
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cross-sectional area of the TLCD can be non-uniform, whegeértical and horizon-
tal column cross-sectional areas are denoted asd Ay, respectively. The density,
the horizonal width, the vertical height and the overalgiénof the liquid inside the
TLCD are represented by H, B and L, respectively, wheré = 2H + B.

A moving (y2, y3)- coordinate system fixed to the damper has been introduced
to describe the liquid motion(¢) relative to the U-shaped tube. Describing the liquid
motion in (y2, y3)- coordinate system and the blade edgewise vibratiopxinzs)-
coordinate system, the kinetic and potential energy of thReeb TLCD system can be
formulated (see Appendix C). Employing the Euler-Lagraegeation, the equations
of motion of the 2-DOF blade-TLCD system can be obtainedctvitirn out to be
nonlinear ordinary differential equations (Eqgs. (18) ah@)(n Appendix C).

Ignoring the influence of gravity, the circular eigenfregag of the TLCD can
be obtained as

LCQ — (1 — )
2H +aB aB L —I— L+ (a—1)yL (3.4
wherea = A/Ay is the area ratio. The horizontal length ratids defined asy = %.
It is clearly seen that the motion of the liquid is governedthg centrifugal accel-
erationzo2?. For gravity-based TLCDs with uniform cross sections, tireutar
frequency is given by the well-known expression = \/2g/L. Gaoet al (1997)
further give the expression of circular frequency for theCD_(gravity-based) with
different cross-sectional areas in its vertical and hariabsections, which is written
aswq = \/29/Lee, WhereL.. = L+ (a—1)B = L+ (a—1)vL. Eq. (3.4) is analo-
gous to this expression, with the gravitational acceleratéplaced by the centrifugal
acceleration.

Further, it should be noted that the damping force of liquigtion (due to the
orifice) can be expressed as (Sadial. 1989)

1 L.
Fq= —§§PA0|U0| o (3.5)

whereuy is the displacement of the liquid in the horizontal tulgeis the head loss
coefficient by the opening ratio of the orifice. The valug afin be easily adjusted by
changing the orifice opening. Even semi-active control efthCD can be carried out
by varying the orifice opening in real-time according to aertoptimal control laws
(Yalla et al. 2001). This makes the TLCD a device with relatively largedwiath,
and it is a major advantage of the TLCD comparing with theerallamper.

Based on the 2-DOF nonlinear model for the blade-TLCD systeanametric
optimizations of the turning ratio and the head loss coeffichave been performed
for various values of mass ratios, the area ratiand the horizontal length ratig,
using 2-dimensional numerical searching (Appendix C). Amother findings, it is
shown that better control performance of the TLCD can beionbthby increasing.
This is because the mass of the horizontal part of liquid ésahly effective mass
of TLCD acting on the structure, and a damper with a higheuevalfy has a larger
effective mass. Howevet,should be limited by the space restriction inside the blade.
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32 Damping of edgewise vibrations in rotating wind turbine b lades

Moreover, an increase in leads to a shortening of the total length of the liquid
as well as the horizontal lengtB, but to a slightly reduced control efficiency of the
TLCD. This characteristic is meaningful for applying TLCBté the wind turbine
blades where the available space in the vicinity of the tipriged.

30
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Figure 3.10 Behavior of the TLCD under various rotational speeds of titerrVy = 15 m/s,/ = 0.1,
xo = 55 m, mass ratio=0.03y = 2,y = 0.7.

When the rotational speed of the rotor deviates from thelna&ie, the damping
effect of the damper will be reduced due to detuning. Howdwerarying the head
loss coefficient (orifice opening) in response to the charfigiesorotational speed, the
performance of the TLCD can be enhanced. Figure 3.10 shosvsdhtrol perfor-
mance of the TLCD under various rotational speeds of the.rét®expected, whef?
deviates from the rated value, the control efficiency of th€D is drastically reduced
because of the frequency detuning. Nevertheless, it isrebdehat its performance
is improved by semi-actively varying the head loss coefficie response to the rotor
speed. As for the passive TLCD with fixed head loss coefficighet reduction ratio
drops to below 10% fof) < 1 rad/s. On the other hand, the reduction ratio remains
above 10% for all? between 0.6 and 1.267 rad/s when different optimal valué&s of
are used for differer®.

When the rotor speed is fixed to the rated value, the TLCD wjtinaal param-
eters is less effective than the optimized roller dampeh wisame physical mags.
This is because the effective mass of the roller dampergetdahann, as revealed by
Eq. (3.2), while the effective mass of the TLCD (the liquidiire horizontal tube) is
always less tham. However, in practice the rotor speed will always be variétthiw
a certain range, and TLCD with controllable orifice openirgyrperform better than
the roller damper in this respect. The controllable dampraperty of the TLCD
makes it promising to be applied in an operating wind turbine

3.4 Circular liquid column damper (CLCD)

The roller damper has the advantage of larger effective magdshe TLCD has the
advantage of controllable damping property. Is it possiblélevise a damper that
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Figure 3.11 Geometries of the circular liquid damper.

includes both characteristics? The answer is yes.

Motivated by the idea of TLCD together with the roller dampenew type of
liquid column damper (LCD) has been proposed here for edgewibration control
of wind turbine blades. The damper is circular in shape onggoy and hence is
termed as the circular liquid column damper (CLCD). Figuel 3hows the schematic
diagram of the CLCD. It is virtually a circular tube partlyléitl with certain amount
of liquid that could oscillate back and forth inside the tuble liquid and the circular
tube behave as the roller and the track, respectively. Oatttex hand, orifices can be
installed inside the circular tube for providing dampingamanism of the CLCD.

The radius of the circular tube (distance from the cententp@ito the central
axis of the tube) is denotd@l, and the radius of the cross-section of the tube is denoted
by r. Therefore, the total dimension of the damper can be cakaisH = 2(R+7).
The liquid inside the tube is assumed to be connected, fidlisggment with central
angle20, of the complete circle and the center of gravity is denotedby moving
(y2, y3)-coordinate system fixed to the damper has been introdud&d.cbordinate
system has its origin at the center paihbf the circular damper, withs;-axis placed
on the symmetry line of the damper as shown in Figure 3.11.mMdwon of the liquid
is described by the degree of freed@(n), which measures the clockwise rotation of
the center of gravity of the liquid from thg- axis.

From the dynamics point of view, the working principle of 6eCD is exactly
the same as the roller damper. Therefore, the liquid ingidecircular tube is again
represented by an equivalent mathematical pendulum wéretjuivalent mass:.
and the equivalent radiuB.. Based on the principle that the equivalent mathemat-
ical pendulum should represent the same kinetic and patesriergy as the CLCD
(Appendix D), the expressions of. andR. become

1 1+ 3a?

R. = R <1+ —a2) e = m(74a)2 (3.6)
4 (14 1a?)

wherea = r/R is defined as the radius ratio between the cross-sectioniendac

tube. It can be seen from Eq. (3.6) that the effective masss always larger than
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the physical mass: for 0 < a < 1, making the CLCD a more effect damping device
than the TLCD {n. < m) when the rotor is operating in rated rotational speed. On
the other hand, the effective mass of CLCD is generally sm#ilan that of the roller
damper (Eg. (3.2)) when same physical mass is used for batpeis.

Having R. andm., the resulting equations of motion of the blade-CLCD system
can be obtained following the same procedure as for therddlmper, and are almost
same as that for the blade-roller damper system, exceptéodamping force terms.
Same as the TLCD, the damping force acting on the oscilldtingd is due to the
energy dissipation when the liquid passes through the eiiifiside the CLCD. There-
fore, the CLCD possesses the same advantage of TLCD withadlatie damping
properties, and has larger bandwidth when the rotatioregdpf the rotor deviates
from the rated value. Even semi-active control can be chwig by changing the
orifice opening in real-time according to certain optimahirol laws. For detailed
equations of motion of the blade-CLCD, as well as the resulid analysis of the
performance of the CLCD, please see Appendix D.

Having both characteristics of the roller damper and the DLCLCD turns
out to be a quite promising device for damping edgewise tiiima in rotating wind
turbine blades.

3.5 Tuned liquid damper (TLD)

Another kind of liquid damper, namely tuned liquid dampeLDJ, has also been
widely used in civil engineering structures, and becomestaral candidate for damp-
ing edgewise vibrations in wind turbine blades. The larg&rifeigal acceleration of
the rotating blades again makes it possible to use TLD witierssmall mass ratios.

The TLD, which consists of a tank partially filled with fluid,itigates struc-
tural vibrations by utilizing the sloshing fluid. Thereforie also has the name of
tuned sloshing damper (Fugit al. 1990; Kareem 1990). Normally, the fundamental
sloshing frequency of the liquid is tuned to the fundamefnégjuency of the primary
structure. When the TLD is excited by the motion of the priyrgtructure, the liquid
in the tank begins to slosh, imparting inertial forces off® $tructure, out of phase
with its motion, thus absorbing and dissipating energy. iitaén advantages of the
TLD are the ease of fabrication and installation, especiatiere space constraints
exist, and minimal maintenance after installation, whichkenthe device even more
cost-effective than the TLCD and the CLCD.

The TLD has been shown to effectively suppress the winddadwibration of
structures (Fujiiet al. 1990; Tamuraet al. 1995; Chang and Gu 1999). It is also
proposed for seismic control of structures. Both experit@leand theoretical studies
(Banerjiet al. 2000; Leeet al. 2007; Jinet al. 2007) have shown that a TLD does
reduce the vibrations of flexible structures subjected tthgaake excitations.

For the roller damper, the TLCD and the CLCD, the local dyreof the damper
can be well accounted for by a single degree of freedom métiaice, reduced order
2-DOF blade-damper models have been established for tHgs@and design of
these devices. However for the TLD, the highly nonlineauraf the sloshing liquid
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makes the modeling of TLD much more challenging.

Numerous methods have been proposed to predict the respbsleshing lig-
uid. Equivalent mechanical models based on TMD analogy éah 1995; Yuet al.
1999) simplify the TLD to an equivalent tuned mass dampeh thie equivalent mass,
stiffness and damping calibrated from the experimentalltsThis kind of model is
able to predict the energy dissipation through liquid slegland is useful in the pre-
liminary design of the TLD. However, the nonlinear fluid reepe cannot be captured
by such simple models. Nonlinear shallow water wave theSgn(and Fujino 1994;
Reedet al. 1998) has been proposed for predicting the response of flogthisg
in rectangular tanks. Although the nonlinear shallow-watave equations can be
solved numerically, it is computational inefficient and daowt provide an effective
design tool for engineering application. Modal expanseohhiques (Faltinseet al.
2000; Faltinsen and Timokha 2001; Love and Tait 2010) haea sed to model the
sloshing problem, where the fluid flow is assumed to be indjsniotational, incom-
pressible and without rigid-body rotations. The velocittgntial and the free surface
are expressed as a summation of sloshing modes, and a syfsteupted ordinary
differential equations are developed by applying calcaisgariations (Faltinsen et
al., 2000; Faltinsen and Timokha, 2001).

Similar as in the work of Faltinsen et al. (Faltinsatral. 2000) and Faltinsen and
Timokha (Faltinsen and Timokha 2001), modal expansionriggete has been used in
this paper for the sloshing problem. However, the main atsia modeling the TLD
in rotating blades is that strong non-inertial forces appedhe Euler equations in
terms of the angular acceleration, the Coriolis accelenatind the centripetal accel-
eration. These effects render the use of potential flow thimealid even for inviscid
and irrotational fluid flow. Therefore, modal expansion isriea out directly on the
velocity field of the fluid rather than the velocity potentialhe basic idea for the
modeling of TLD is as follows.

X3

|t~

1,21

Figure 3.12 Schematic diagram of the blade-TLD model.

As shown in Figure 3.12, the motion of the fluid relative to thek is described
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in (y1,y2,ys)-coordinate system fixed to the damper with its ori@ihplaced at the
center of the mean water level (MWL). The free surface is a@effiny a single variable
of the surface elevation(yi, ys, t) measured from the mean water level. By refor-
mulating the Lagrangian description of the particle mofimio Eulerian description
(Malvern 1969), the boundary value problem (Euler equatitth nonlinear boundary
conditions) is established iy, y2, y3)-coordinate system (see Appendix E). Since
inviscid flow has been assumed , no dissipation terms extheifuler equation. The
indicated dissipation mechanism will be modeled by inti@dg an equivalent lin-
ear damping term in the Euler equation. This linear dampang taccommodate the
overall energy dissipation arising from both the fluid visitp and the flow restrict-
ing devices such as damping screens and baffles (AppendiX1t®.validity of the
modeling of this equivalent damping has been verified by ¢laé-time hybrid testing
(RTHT) described in the next chapter.

A weak form of the boundary value problem can be obtained kyGhlerkin
variational method, where the modal expansions of the itgl@ield v(y,t) and its
virtual variationdv(y) are expressed as:

N

viy,t) = > nt)Vily) . yeV(t)
=t (3.7)

N
ovly) =D orVily) , yeV()
=1

wherev(y, t) is the velocity vectors of the fluids particle as seen by areoles fixed

to the (y1, 2, y3)-coordinate systemV (t) is the time-varying fluid domainz;(¢)
andér; denote the generalized coordinates of the velocity field thedvariational
field. The shape function¥;(y) are not required to fulfill any mechanical boundary
conditions on the free surface. However, they need to haree digergence and to
fulfill vanishing kinematical boundary conditions on thdesiwalls.

Being placed close to the blade tip with small blade thickngee width3 of the
TLD will be small compared té and L. Due to this geometric constrain, the flow is
predominantly 2-dimensional, taking place in fhe, y2)- plane. Hence it is assumed
thatvs(y,t) = 0 in the present study. The eigenmodes of standing wavesearlin
wave theory have been used as shape functions:

2
Vi(y) = | cos (kilyr + L)) sinh (ki(y2 + 1)) |, (Y1, 92) = [— =, =] x [~ h,n(y1, t)]

—sin (ki(y1 + A)) cosh (ki(y2 + h)) I
0 EH

N

(3.8)

whereh is the mean water depth aid = i 7 is the wave number. The angular
eigenfrequencies; of the standing waves are approximately determined from the
dispersion relation

w? ~ 20Q*k; tanh(k;h) (3.9)
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which is identical to the corresponding dispersion refatar gravity waves (Svendsen
et al. 1976), except that the gravitational acceleratiohas been replaced by the
centrifugal acceleration, Q2.

Next, the boundary condition on the free surface is disoeetin a similar man-
ner. Modal expansions of the surface elevatjom , t) and its virtual variatiodn(y )
are formulated:

n(y1,t) = ZN:Sz‘(t) cos </€z (yl + é))

i=1

sy = 3w (s (2

wheres;(t) andds; denote the generalized coordinates)6§;,t) anddn(y;). The
selected shape functions in Eq. (3.10) is motivated by theali wave theory, where
the free surface condition reducesitdy;,0,t) = %n(yl, t). Hence, the distribution
with y; for each shape function in Eqg. (3.10) should be pairwise @ntignal to its
counterpartin Eq. (3.8).

Finally, coupled nonlinear differential equations fgft) ands;(t) can be ob-
tained by substituting Egs. (3.7), (3.8) and (3.10) intoweak formulation of the
boundary value problem (Appendix E). As mentioned earéidmear damping term
uv(y,t) has been incorporated into the Euler equation, accountinghe overall
energy dissipation from both the viscous effect and the diagngcreens. Upon in-
serting the modal expansions into the weak formulatiors limear damping term
turns out to bey 77, %mij (t)r;(t), wherem,;(t) is the modal mass terms given
in Eq. (19) in Appendix E. Upon reformulation, this term canforther written as
Z;’;l Ewim,;(t)r;(t), where the non-dimensional damping parametsintroduced
asé = pu/(pw1), andw; is the first sloshing eigenfrequency. Equivalent wittg also
accounts for the overall energy dissipation and will be wEethe only damping pa-
rameter in our theoretical model. In next chapter, this m&zllinear damping model
will be verified through real-time hybrid testing, and théweaof ¢ will also be cal-
ibrated under different cases. Obviously, including dargscreens results in larger
dissipation in the flow and thus larger values of

As shown in Figure 3.13, (t) with the non-vanishing moving frame components
fe1(t) and f. 2(t), denotes the external reaction force vector on the liquiltduthe
pressure(y, t) from inner side of the tank. This force vector, when trangféto the
primary structure, represents the passive control forcedgewise vibrations. The
analytical expression dt(t) can be obtained by integrating the pressu(ie, ¢) over
inner surfaces of the tank, in combination with the divegetheorem (Zhangt al.
2015), which turns out to be dependent on the state variabl&sthrough the time-
varying fluid domainl/(¢). This force vector is then incorporated into the equation of
motion of blade edgewise vibrations, i.e. Eq. (3.1).

In contrary to the other three types of dampers that are ithestby 1-DOF mod-
els, the motion of the liquid in the TLD is described bg &-DOF model, as shown
in the modal expansions in Egs. (3.7) and (3.10). Truncatairthe orderN=1 and

(3.10)
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Figure 3.13 Pressure distribution on inner surfaces of the TLD tank.

N=3 have been considered in the present study, represemagrad three sloshing
modes, respectively. Figure 3.14(a) shows the simulagsnlts of time histories of
the sloshing force iny; - direction. In general, the result from the one-mode model
agrees well with that from the three-mode model. At certasténts of time such
ast=319.7 s, relatively large discrepancies can be observieetke the two models.
This is due to the higher frequency contributions from theose and third sloshing
modes in the three-mode model, which can not be capturedetsirigle-mode model.
Figure 3.14(b) shows the corresponding edgewise tip dispient of the blade when
a TLD is mounted inside. The structural responses from tleernode and three-mode
models are in excellent agreement with each other. Esigntiee primary structure
behaves like a filter, which filters out high frequency dibarces in the sloshing force,
leading to almost identical results in Figure 3.14(b). Hertbe one-mode model is
sufficient to accurately predict the TLD-damped structueaponse, and can be uti-
lized for optimal design of the TLD.

Figure 3.15 illustrates the fluid surface elevation at wasiostants of time for
the one-mode and three-mode models. The general behavithrs sloshing liquid
are similarly predicted by both models since the first slogmode contributes most
to the liquid motion. On the other hand, it is also obvioushers that the second
and third sloshing modes have larger effect on the fluid seréevation than on the
sloshing force and the structural response. The one-modelnoaly represents the
first sloshing mode (cosine function), resulting in zerdate elevation at the middle
of the tank at all time, which is surely unrealistic. Therefdor accurately predicting
the surface elevation, modal expansions to three or moshisig modes need to be
carried out. Furthermore, it can be seen by comparing Figu4(a) and Figure 3.15
that there is a strong correlation between the sloshingfand the surface elevation,
i.e., the sloshing force agrees well with each other whgn is in good agreement
(such ag=306 s, 315.4 s).

To sum up, the TLD is proposed as a competitive candidatedoming edge-
wise blade vibrations in this project. The main contribotitere is to establish a
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useful engineering model for modeling the blade-TLD systsing modal expansion
technique, where the total energy dissipation during flladreng has been accounted
for by incorporating linear viscous damping terms. Differ&evels of accuracy can
be achieved by using different numbers of sloshing modekémtodal expansion.
In the simplest case, one-sloshing-mode model can be useuiddicting the con-
trolled structural response, while it fails to predict thesking response of the liquid
and higher modes need to be included. In next chapter, thaityadf this theoretical
model will be further verified by RTHT using a full-scale TLD.

Besides its advantage of cost-effectiveness, TLD alsoHeagdtential of being a
semi-active device with rotatable baffles installed ingftetank (Zahragt al. 2012),
as shown in Figure 3.16. The main idea behind installing fatfies is to compen-
sate the effects of probable mistuning of the TLD, since tigerdrequency of the
TLD can be adjusted with different angles of the baffle. THiaracteristic of con-
trollable eigenfrequency makes the TLD a even more promidivice for rotating
wind turbine blades than the TLCD and CLCD (with only corlable damping prop-
erties). Further experimental investigations (RTHT) denped to be carried out in
this respect in the future.

|
. -
. 7
\l 3

Figure 3.16 TLD with some standing rotatable baffles (Zahetial 2012).
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CHAPTER 4
Mitigation of lateral tower

vibrations in wind turbines

This chapter deals with both active and passive control tefrd tower vibrations.
By means of modern power electronics, the generator torgnée prescribed to a
certain value with a time delay belo)—2 s and affects the lateral tower vibration
through the reaction on the generator stator. Using thipgaty, feedback control of
lateral tower vibrations can be performed. The load transfechanisms from the
drivetrain and the generator to the nacelle are derived tla@dnteraction between
the generator torque and the lateral tower vibration arsgmted in a generalized
manner. Next, as an alternative to the active generatoratert passive control of
lateral tower vibrations using TLDs have also been investid, since it is a more
cost-effective and robust method. The nonlinear modebésteed for the blade-TLD
system in the preceding chapter has been modified to deatheitiower-TLD system.
Furthermore, to verify the proposed theoretical model al$ agethe assumed linear
damping term in the model, and to evaluate the actual behafibLDs in damping
lateral tower vibrations, a series of real-time hybrids¢&THT) have been performed
on a full-scale TLD (physical substructure), with the 134®odel formulated in
Matlab/Simulink (numerical substructure).

4.1 Active generator control of tower vibrations

Similar to the blade edgewise vibration, lateral tower atloms are also very lightly
damped due to low aerodynamic damping present in this moldereTis also a pos-
sibility of aeroelastic instability in lateral tower modarfsome combinations of aero-
dynamic properties and operational conditions, espgdiatithe parked turbine with
nacelle yaw errors (Bir and Jonkman 2007). Moreover, fostadfe wind turbines
placed at shallow water, the wave load may act in a differéetton of the mean
wind direction due to refraction, and significant lateral¢o vibrations may be initi-
ated by the wave load in combination with the resultant agrathic loads from the
three blades in the lateral tower direction.

The idea of providing active damping to lateral tower vilatusing generator
torque was first proposed by Van der Hoeftal. (Van der Hooftet al. 2003) and
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42 Mitigation of lateral tower vibrations in wind turbines

was further investigated by de Corcueteal (De Corcuerat al. 2012) and Fleming
et al (Fleminget al. 2011). Essentially, the generator torque affects thedater
tower vibration through the reaction on the generator stathich is rigidly fixed
to the nacelle. By means of modern power electronics, thergéor torque can be
prescribed to a certain value with a delay beltw? s (Blaabjerget al. 2004). By
using this property, feedback control of the lateral towibrations can be performed.
Van der Hooftet al. (Van der Hooftet al. 2003) simplified the tower by a single-
degree-of-freedom (SDOF) representing the lateral tadiosial motion, and the tower
top rotation was neglected. Since the generator torquefastafg the lateral tower
motion via the tower top rotation, this SDOF tower model do@sadequately account
for the transfer of the generator torque. De Corceral. (De Corcuerat al. 2012)
demonstrated a strategy to design a multi-variable cdatrbhsed on the K norm
reduction for reducing both the drivetrain torsional viilwa and the tower side-to-
side vibration, with simulations carried out in the GH Blddmftware. This study
focuses on the controller design procedure. However, tlipigotransfer mechanism
from the generator to the tower vibration and the effect efgenerator torque on other
components of the wind turbine are not demonstrated. Figetial. (Van der Hooft
et al. 2003) presented the field-testing results of the effect ive@generator control
on the drivetrain and lateral tower vibrations in a 600-kWhaviurbine. A multi-
SISO (single-input-single-output) controller is commhvéth the H,, controller, and
a similar effect for damping the lateral tower vibration vedained.

Actually, the edgewise vibrations of the blades are coufietthe lateral tower
vibration, as well as to the torsional drivetrain vibratibmough the collective mode.
Since very low, even negative, aerodynamic damping takaeseph edgewise vibra-
tion, it is important to investigate the effect of the acti@nerator torque on this mode
of vibration. Moreover, as the basis of implementing actigaerator control, the load
transfer mechanisms from the drivetrain and the generattre nacelle, as well as
the interaction between the generator torque with thedhtewer vibration are not
clearly demonstrated in the above-mentioned studies. Tdahanisms need to be re-
vealed clearly. Further, all the previous studies focusergear-driven wind turbines.
With offshore wind turbines becoming larger and being mawgtcfurther at sea, there
is huge application potential of direct-driven systemsereithe turbine rotor is cou-
pled directly to the electrical generator without the gearb For the direct-driven
wind turbines, the electric torque in the generator is machdr comparing with the
gear-driven wind turbines, making it possible to damp therkd tower vibration more
effectively. Therefore, cases of both the gear-driven drettdriven offshore wind
turbines have been considered in the present study.

The 13-DOF model described in Chapter 2 is used for deriieddad transfer
mechanisms from the generator to the nacelle. All notatgivsn in Chapter 2 are
kept the same here. As shown in Figure 4.1, using D’Alembé@rinciple, the load
work-conjugated t@q () becomes (Appendix F)

Fou(t) — pfra(t) + fra(t) — ko (1 4 i) («m(t) - iqls(o) (odd)

N N
folt) = ) ) (4.1)
Foun(®) = ufia(®) = fia®) ~ o (1= ) (20 = yars(®))  even)
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Figure 4.1 Schematic diagram of the torque transfer mechanism bettiesdrivetrain and the tower.

where the first equation corresponds to the case with odd euoflgrea stages and
the second equation for even number of gear stages. Theeeati@h termsj;o(¢)
anddis(t) have been eliminated by means of the equations of motioreadtivetrain
(Chapter 2)... denotes the friction coefficient due to friction in the begs and the
gear box N is the gear ratiofy ,,(¢) is the load conjugated i@ (¢) induced by waves
propagating in theX, direction (Appendix F).

Especially for direct-driven wind turbines, wheke= 1, we get from the second
equation in Eq. (4.1) that

fo(t) = fo,w(t) — pfi2(t) — fi3(t) (4.2)

Hence, based on the relationship (transfer mechanismeeetfy(¢) and f15(¢)
in Egs. (4.1) and (4.2), the lateral tower vibrations can tetolled by specifying
the format of the generator torqyie; (¢). Modern power electronics makes it possible
to specify the generator torque within certain limits altiostantly. The generator
torque can thus be used as an actuator in the active conttatesl tower vibra-
tions. In the present study, the generator controller wetdback from lateral tower
vibrations is proposed as:

fi3(t) = fiz,0 + Afiz0(t) = fi3,0 + codiz(t) + cads(t) (4.3)

where fi3,0 is the constant nominal torque amxlf;3 ¢(¢) is the torque increment
which can be used as actuator and specified in various wayks(t) is the tor-
sional damping term for the drivetrain with feedback fromasiered generator speed
(Licari et al. 2013), which is very commonly included in the generator tie:.qFor
mitigating lateral tower vibrations, a damping terms(¢) (derivative controller) is
included with feedback frongs (¢) to add damping into the lateral tower mode, apd
is the gain factor. Generally speaking, the tower contraé be augmented with a
torque component proportional to either the displaceragini (proportional control)
or the acceleratioii () (acceleration control), so that the eigenfrequency ofdhet
can be changed to a certain extent. This has not been funtihgugd in the present
study, since the derivative controller alone is very effecin mitigating lateral tower
vibrations as shown below.
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44 Mitigation of lateral tower vibrations in wind turbines

In practical applications, the feedback signalt) is obtained by integrating the
measured tower top acceleration from accelerometersglacthe nacelle. From a
vibration point of view, it is favorable to have larger and introducing higher damp-
ing into the lateral tower mode. However from a power eledtr@oint of view, it is
favorable that, is as small as possible in order to have a small power outpris&
quently there is tradeoff between these two objects. Thefgatorc, is chosen such
that the performance criterion considering both the stma¢tvibration and the power
smoothness is minimized (Appendix F).
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Figure 4.2 Lateral tower vibration with and without active generatontrol, gear-driven wind turbinea)
Time history in 400-500 sb{ Fourier amplitude of lateral tower vibration.

Figure 4.2 shows the lateral tower top displacemegts) in both the time and
frequency domain. There is a reduction of 17.8% in the marimasponses and
a reduction of 37.6% in the standard deviations. The FFT efrésponses(t) is
presented in Figure 4.2(b). For a system without active ggaecontrol, a clear peak
corresponding to the tower eigenfrequency (arolT@ rad/s) is observed without
other visible peaks, owing to the fact that very low aerodyitadamping takes place
in this mode. This peak is reduced to approximal?lyy the active generator torque
due to the introduced damping to the lateral tower mode.

5.4 ; .

Basic controller
! — — — Active generator control
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Figure 4.3 Influence of the active generator torque on the power ougmatr-driven wind turbine.

With the extra torque componeniqs(t) for tower vibration control, fluctuating
of the power output is introduced on top of the nominal torgie shown in Figure
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4.3, due to this torque increment, the generated power besomore fluctuated with
an increase of 1.3% in the maximum value and an increase 0#3M the standard
deviation. Since the stiffness and mass of the tower for ffghore wind turbine is
very large, it is inevitable that effective control of thevier vibration is at the expense
of a little more fluctuated power output, which is unfavoeafadr the grid side. One
possible solution to accommodate this problem is to ineréas energy storage in the
power converter by increasing the size of the capacitor.

Further, it is also favorable to observe from simulation gapdix F) that the
edgewise vibration is slightly suppressed by the activeeggnor controller due to the
coupling of edgewise vibration to the lateral tower viboati The maximum response
and the standard deviation are reduced by 5.5% and 5.0%atasgly (Appendix F).

For direct-driven wind turbines, the nominal generatoqtmr is increased by
times comparing with the gear-driven wind turbine, while tominal rotational speed
of the generator is reduced by times. Figure 4.4 shows the remarkable capability
of the active generator controller in suppressing laterakt vibrations for the direct-
driven wind turbine. The maximum responseggft) is reduced by 26.6%, and the
standard deviation is reduced by 54.0%. The Fourier spactriuthe lateral tower
top displacement (Figure 4.4(b)) shows that the peak araduftdrad/s, correspond-
ing to the tower eigenfrequency, is almost totally elimgthby the active generator
controller, comparing with that of the uncontrolled casbe Teason for the superior
performance is that the nominal generator torgug, is much larger in the direct-
driven wind turbine, and thus, the additive torque are aisodased accordingly.
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Figure 4.4 Lateral tower vibration with and without active generatontrol, direct-driven wind turbine.
() Time history in 400-500 sb Fourier amplitude of lateral tower vibration.

Figure 4.5 shows the time-history of the power output fromdlenerator of the
direct-driven wind turbine. A little negative effect on tseoothness of the power
output is observed after the implementation of the activeegator control. The max-
imum value of the power output is increased fréndl MW to 5.48 MW (increased
by 1.3%), and the standard deviation is increased fdar68 MW to 0.125 MW (in-
creased by 15.7%), which means less impact on the grid satetttat of the gear-
driven case. For direct-driven wind turbines, the valuefgf, is significantly in-
creased, and the relative magnitude betwegR(t) and f13, is smaller comparing
with that of the gear-driven turbine; thus, the smoothnéskepower output is less
affected by the active control.
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Figure 4.5 Influence of the active generator torque on the power outfigct-driven wind turbine.

To sum up, the effective control of lateral tower vibratienat the expense of
somewhat more fluctuated power output, and a tradeoff betteevibration aspect
and the power electronic aspect should be considered bygyoghoosing the con-
troller gain. The active generator controller shows suggrérformance for the direct-
driven wind turbine, since a better vibration control effigaan be obtained with less
impact on the smoothness of the power output. Further, Issfavorable to observe
that the active controller has slightly positive influena#ti{ough negligible) on the
lightly damped edgewise vibration.

Since this method introduces negative impact on the smesthaof the power
output (even for the direct-driven wind turbine), it is segted that the controller
should only be switched on when significant lateral toweratilons take place, e.g.
due to wave excitation or sudden shift of wind directionsrtiker efforts should be
paid on exploring alternative methods for mitigating latéower vibrations without
influencing the power output. Once again, structural cotéahnique turns out to be
a promising solution.

4.2 Damping of lateral tower vibrations using TLD

Unlike for the case of rotating blade, the widely used strtadtcontrol techniques can
be easily applied to wind turbine towers, with the modeling analysis methodolo-
gies almost unchanged.

As introduced in Chapter 1, pendulum damper, TMD, TLCD and\RBYt. have
been proposed for structural control of wind turbine towekd these dampers can
be used to effectively mitigate lateral tower vibrationsowéver, the pendulum-oil
damper and the TMD suffer from the problem of constraineaksts and the BVA has
the disadvantage that the damping property is difficult targify and adjust. Being
a very cost-effective device, the TLD again draws our ait@nsince it is free of the
stroke problem and its damping property can be easily agljusy attaching damping
screens with various mesh sizes. Consequently, the TLDnbesa natural candidate
for mitigating lateral tower vibrations in wind turbines.
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Damping of lateral tower vibrations using TLD 47

Different theoretical methods (with different accuracg@omplexity) have been
proposed for predicting the performance of TLD on the buaidi or towers, as de-
scribed in Chapter 3. In principal, all these methods cangpdied directly to wind
turbine towers. However to make the thesis consistent, theahbased approach pro-
posed in Chapter 3 for the blade-TLD system will be employedtie tower as well.
Slight modifications are needed since the rotation of thallooordinate system is
now only due to the rotational deformation of the top of thedo

Hy

0,

Figure 4.6 Modeling of the tower mounted TLD.

As shown in Figure 4.6, the TLD is assumed to be mounted atapet the
wind turbine tower (with the height dfl), where the elastic displacement and elastic
rotation at this position ares(¢) andgy(t), respectively. Sincéy(t) is very small,
the motion of the liquid is governed by the gravitationalelecationg. The modeling
procedure follows almost the same as for the blade-TLD syséxcept that the az-
imuthal anglet of the local(ys , y2)- coordinate system is eliminated. The nonlinear
differential equations Eqgs. (25), (31) and (36) in Apperidigan be easily modified
to obtain the differential equations for the tower-TLD yat

It is always important to verify a theoretical model throuegperimental study,
especially when high nonlinearity is involved such as fa sfoshing problem here.
Furthermore, as mentioned in Chapter 3, a linear dampingweth a single damping
parameter is incorporated into the Euler equation, to auiciau the total energy dis-
sipation arising from both the fluid viscosity and the dangpscreens. This assumed
damping model also needs to be verified. All these motivat® wsirry out experi-
mental studies on the TLD, with the purposes of getting a notear understanding
of the real behavior of the sloshing liquid, verifying th@posed theoretical model as
well as the assumed linear damping model, and providingadjuiels for the practical
applications of the TLD.

47 September 2015



48 Mitigation of lateral tower vibrations in wind turbines

4.3 Real-time hybrid testing of a full-scale TLD

It is not feasible to carry out a full-scale experiment of Wiad turbine-TLD system
in the lab. A scaled down model of the system tested in labitiond will essentially
suffer from the scale effect, particularly with respect be tiquid behavior in the
damper (e.g., due to viscous effects), and it may be a chyglémkeep appropriate
proportion with dynamic similarities for the wind turbingscture and the TLD.

To circumvent these problems, a state-of-the-art testiethod, the real-time
hybrid testing (RTHT) (Nakashimet al. 1992; Nakashima and Masaoka 1999; Hori-
uchiet al. 1999), has been conducted for this system where the liquigbdais tested
physically and the wind turbine is simulated. The fundarakidea of the RTHT is
to split the entire system into two parts: a numerical sulestire and a physical sub-
structure. The former will be simulated in the computer byeaedoped numerical
model. The latter, which generally has a complicated dyonarehavior (nonlinear
or load rate-dependent), is manufactured and tested ugimanuic testing equipment
(shaking table or dynamic actuators) (Leteal. 2007; Mercan and Ricles 2009). This
method has several advantages, such as the possibility mffacuring full scale
physical substructure, the reduced cost of the experinmehsafe evaluation of struc-
tures at extreme states. The RTHT has been widely adoptetthdoperformance
evaluation of energy dissipating and vibration absorbiegicks, such as elastomeric
dampers (Mercan and Ricles 2009), MR dampers (Christeasah 2008), TLDs
(Leeet al. 2007) and TMDs (lgarastat al. 2000).

Target PC

Lateral tower

top displacement
Wcmds)
S,
A,
7
Ney

Control force S
(force fbks) S

MTS controller

Actuator

L
s

Physical substructure

Numerical substructure

Figure 4.7 Conceptual view of the RTHT for the TLD-wind turbine system.

As shown in Figure 4.7, the present hybrid system includesitimerical sub-
structure, the Target PC, the MTS controller, the actuatdrthe physical substruc-
ture. A full-scale TLD is manufactured and tested as the jglysubstructure, while
the 13-DOF aeroelastic model (Chapter 2) is employed asuherical substructure
and established in Simulink/Matlab in a PC. The compliediimk model is down-
loaded to another PC, the so-called Target PC, where maalgimulations can be run
in Mathworks xPC Target environment. The MTS controllergat a frequency of
1024 Hz, which is the update rate for the servo-valve commahke communication
through the target PC and the MTS controller is managed girthe shared common
random access memory network (SCRAMNet), which is a logghtsipeed network
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ring. Such local high-speed connections drastically rediedays and make it possi-
ble to perform real-time hybrid simulation. The MTS conleoland the actuator are
connected through SCRAMNet as well. At each time step, thetalisplacement
command calculated from the Target PC is sent to the MTS altertr The MTS con-
troller generates an appropriate signal for the servoesalvich attempts to move the
actuator to the commanded position. The actual displaceaiehe actuator and the
reaction force (sloshing force) are measured at the sanee flthis reaction force is
sent back to the Target PC through the MTS controller, and tmecalculating the
tower displacement at the next time step.

In the present case, the integration time step of the nuadeitstructure is set
to be equal to the sampling time of the MTS controller (1/18R4ince no iterations
are needed for solving the numerical model and the actuaktescution time is less
than 1/1024 s. Therefore, synchronization is achievedawitlusing the predictor-
corrector technique (Mosqueeééaal. 2005; Schellenberg 2008) that is normally used
for nonlinear finite element models. Further, there is aright lag in the displace-
ment response of servo-hydraulic actuator versus the comhmiaplacement. Con-
sequently, the measured restoring forces are delayedvestatthe command signal.
To compensate for this delay, the compensation techniqoayehiet al. 1999) has
been applied here, and satisfactory results have beervadhi@ppendix G).

Figure 4.8 Test setup and the physical substructure (the TLD).

Figure 4.8 shows the test setup and the physical substeughe TLD). The full-
size TLD is made up of a closed rectangular tank, with a inizersf 1.93 m (length)
x 0.59 m (width)x 1.2 m (height). Since the width of the tank is much smallentha
the length, it is expected the sloshing of the water is predataly 2-dimensional.
The TLD is suspended to top of the reaction frame by four stables in order to
minimize the friction when the tank is enforced to move by #lctuator. Further, a
capacitance wave gauge (with a sampling rate of 10 Hz) isllestat the left end-
wall of the tank to measure the liquid surface elevation.ikérthe previously reported
reduced-scale tests on TLDs (Lekal. 2007; Ashasi-Sorkhalgit al. 2013), the full-
scale tests conducted here eliminate problems relate@ tectide effect and dynamic
similarity, and reveal real behaviors of the sloshing léjun a TLD that can be used
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50 Mitigation of lateral tower vibrations in wind turbines

in prototype wind turbines.

Cases with and without damping screens have both been igatst. The in-
clusion of damping screens significantly increases theggrdissipation of the water
sloshing, thus improving the performance of the TLD. Fosthscenarios, two damp-
ing screens are installed inside the tankl AL and2/3L positions, respectively,
whereL is the length of the tank. The size of each mesh for the preseeén is 2.2
cm x 2.2 cm. Itis expected that the damping paramétar the theoretical model
proposed in chapter 3 is much larger for the case with damgingens comparing
with its counterpart, as will be shown below.

Detailed experimental results are presented in AppendidJAppendix G. It
is observed that the measured wave height at the left endcaathin a lot of high
frequency components including both the higher sloshinglescand the nonlinear
interaction effect. The measured sloshing force (readtoce), on the other hand,
filters out most of the high frequency components since theefes the result of in-
tegrating liquid pressures over inner walls of the tank. Bserting damping screens,
the remaining high frequency components are further ngigjaresulting in a slosh-
ing force that is totally dominated by the first sloshing freqcy. Consequently, it is
shown from the results of structural responses that theisimmh of damping screens
effectively improves the control performance of TLD on tewébrations. Actually,
it is only the first sloshing mode of the liquid motion that oteracts the fundamen-
tal lateral tower vibration. Although TLD effectively addamping into lateral tower
vibration even without damping screens, it is suggesteddhmping screens are in-
cluded into the TLD for better damping performance.

(a) 15 (b) 15

—RTHT —RTHT
- - - Theoretical — - - - Theoretical
£

gs(t) with TLD [mm]
gs(t) with TLD [m
[9)]
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Figure 4.9 Comparison of the controlled tower displacements obtabyeBTHT and theoretical model, 2
MW wind turbine, tuning ratio=1}, = 8 m/s, 7=0.1. (a) Without damping screens £ 0.004 used in
the theoretical model), (b) With damping screefis<(0.015 used in the theoretical model).

Based on the experimental results, the theoretical modbedfLD-wind turbine
system described in last section can be verified. Especigdlyather important to
verify the assumed equivalent linear damping term (witmalsi damping parameter
&, as described in Chapter 3) in this model. Take one load casx&mple, Figure 4.9
shows the comparison of the controlled tower top displacésnebtained by RTHT
and the theoretical model for a 2 MW wind turbine. By setting dtamping parameter
£ to be 0.004, the result from the theoretical model agreeg wetl with the test
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result as shown in Figure 4.9(a). Acceptable agreementdegtihe experimental and
theoretical results is also obtained for the case with daggereens, by choosing the
value of¢ to be 0.015. As expected, larger valueg should be used in the theoretical
model when damping screens are installed in the TLD. Forta#irdoad cases, good
agreements can also be achieved as long as correct valgésmefbeen chosen in the
model.

From the performed RTHT, a comprehensive evaluation ofuhlesize TLD for
multi-megawatts wind turbines has been obtained, with abminof different load
cases and various damper parameters considered (Appgndikid provides some
guidelines for the practical applications TLDs in wind tumds. One important finding
is that best performance of the TLD is always obtained whertuhing ratio is 1.0
and damping screens are equipped.

Secondly (maybe more importantly), the good agreementdmtvexperimental
and theoretical results shows the validity of the proposedehas well as the assumed
equivalent linear damping modal, thus giving strong supfmosome of the previous
sections in this thesis. However, it should be noted thait &mhd-error procedures have
been applied for finding a proper value &fin order that theoretical result fits well
with the experimental result. To make our model suitabléferdesign and analysis of
a TLD, a reasonable expression betwéemd the parameters of the damping screens
(the amount, the installing position and the mesh size) Ishbe provided. In the
future, more tests are planned to be carried out on thissfed-TLD with various
parameters of the damping screen considered. Sufficientatatto be collected,
based on which an empirical expression{as to be proposed with respect to the
parameters of the damping screen.
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CHAPTER 5
Dynamics and control of

wave energy point absorbers

This chapter deals with dynamics and control of wave eneajgtpabsorbers. An
optimal control law for a single nonlinear point absorbeiriegular sea-state is first
derived, in order to maximize the absorbed energy by theditadihe performance
integral). It is proven to be a closed-loop controller wigedlback from measured
displacement, velocity and acceleration of the floater. el@w, a non-causal integral
control component dependent on future velocities appedteei optimal control law.
To circumvent this problem, a causal closed-loop contraigoroposed by slightly
modifying the optimal control law, with the basic idea thia¢ tstationary velocity of
the absorber is enforced into phase with the wave excitétiae at any time. Next,
another type of point absorber, the Gyroscopic power tdkpeaint absorber is pro-
posed as a possible solution of delivering constant powéneayrid without intro-
ducing power electronics. Assuming monochromatic wavepldied equations are
derived, valid under synchronization of the ring to the dagfrequency of the exci-
tation. Stability conditions and the basins of attractiotite point attractors defining
the synchronized motion are also determined.

5.1 Optimal control of wave energy point absorbers

A wave energy convertor (WEC) may be defined as a dynamicraysti¢h one or
more degrees of freedom in order to convert the energy in theesvinto mechanical
energy stored in the oscillating system. A point absorber WEC that is capable
of absorbing energy from waves propagating in any directaord with horizontal
dimensions that are small compared to the dominating wawgthe In this thesis,
only wave energy point absorbers are investigated. A tygbepoint absorber, the
heave absorber, is modeled as SDOF and is shown in Figure 5.1.

As mentioned in Chapter 1, the optimal control law for a fiib@trol horizon for
achieving maximum absorbed power turns out to be non-cakisah this follows that
any causal control law necessarily is suboptimal. Althoaljithe causal controllers
described in Chapter 1 work effectively, how to obtain thethmusal controller is
still a question. In the present study, the optimal contal for a point absorber in
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a)

GeneratoQ Y

Figure 5.1 SDOF model of the heave absorber. a) Static equilibriune stgtDynamic state.

an irregular sea-state is at first devised based on optinmiadheory (Meirovitch
1990; Naidu 2002). There are two approaches to the optimizaroblem, namely,
the method of dynamic programming (Bellman 1956) and theryagin’s principle
(Pontryagin 1987). Dynamic programming is completely ealeint to the Hamilton-
Jacobi equation in analytical dynamics, and is now knowrhasHamilton-Jacobi-
Bellman (HJB) equation. The HJB equation provides the remggsand sufficient
condition for optimality. In the present study, another Inoet, the Pontryagin’s prin-
ciple has been used, which is a variational principle anéregdly states that an
optimal control must minimize or maximize a given functiomokvn as the Hamilto-
nian (Meirovitch 1990). In the analysis, first order waveadihyeis assumed, and no
constraint on the absorber displacement and the controg fisrenforced. In reality,
constraints are enforced on the control force to prevegelatructural stresses in the
floater at specific hot spots or due to the actuator saturaBamilarly the motion of
the absorber is constrained, either due to limitations erstioke of the actuator, or
in order to prevent it from hitting the bottom of the sea or inglkunacceptable jumps
out of water. Several forms of Pontryagin’s principle haee proposed for optimal
control problems with state variable inequality constigisuch as the direct adjoin-
ing approach where the Hamiltonian and Lagrangian are ftated directly from the
constraints (state constraints, mixed constraints) @emeet al. 1971), and the in-
direct adjoining approach where the derivative of the statestraints rather than the
state constraints itself is adjoined to Hamiltonian in forgithe Lagrangian (Pontrya-
ginet al. 1962). A review of optimal control algorithms with constrts is given in
Hartl et al. (1995). Optimal control of wave energy point absorber$giiate and
control force constraints is not dealt with in the presemnd gt

The performance integral is taken as the absorbed mechamersgy during a
given interval {o, t1] (Appendix H)

Jz(t), f(t)] = 1 fe(r)o(r)dr (5.1)

to

wherez(t) is the state vector(t) is the velocity of the absorber anfi(¢) is the
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control force. The control force is determined so the pentomce integral (the ab-
sorbed energy) is maximized under condition that the eqoaibf motion with given
initial conditions is fulfilled. The necessary conditiorr faptimal control is that the
1st variation of the performance integral vanishes. Sihéeadnly necessary but not
sufficient, all the obtained stationary solutions from tleafPyagin’s principle need to
be examined to achieve the "true" optimal solution.

The resulting optimal control law is of the feedback typethwieedback from
present displacement and acceleration, and future velotithe absorber (Nielsen
etal.2013), given as

jdﬂ:—Qn+m@Mﬂ—r@m)+thmh—ﬂMﬂdT (5.2)

wherem is the structural mass including ballast, is the added water mass at infinite
high frequenciesy (v(t)) is the nonlinear buoyancy function aig, (¢) is a causal
impulse response function for the radiation force.

Itis seen that the main effect of the optimal control forcmisliminate the iner-
tial force and the buoyancy stiffness from the equationsation, leading to the fact
that at optimal control, all harmonic components of the gityoand the wave excita-
tion force are in phase (Nielset al. 2013). This means that the Fourier transform of
the control force and the floater velocity are related as

F,(w) = Cph(w)V(w) (5.3)

whereC),(w) = Re(H,»(w)) is the frequency-dependent hydrodynamic radiation
damping, andd,.; (w) is the frequency response function relatedtg(t).

The non-causality (the control force depends on futurecités of the absorber)
makes the optimal control law useless for practical appiica, unless future veloc-
ities can be predicted. The prediction is difficult for breamhded wave excitation,
and is also related with errors, which inevitably resultaisuboptimal control law.
To circumvent this obstacle, a causal closed-loop comirdl suggested by slightly
modifying the optimal control law (Nielsegt al. 2013), written as

t
fe(®) = —=(m+mp)v(t) + 2¢.0(t) — r(v(t)) — / heo(t — T)0(T) dT (5.4)
where the gain factat, is determined by maximizing the absorbed mean power. The
rational of the proposed causal control law is that it alsioees the velocity of the
absorber into phase with the wave excitation force at afjdemcies. In this case, the
Fourier transform of the control force and the floater veioare related as

F.(w) =2¢.V(w) (5.5)

Eq. (5.5) is quite similar to Eq. (5.3) with the differencatlthe proportionality
coefficient is frequency independent.

This causal controller is of course suboptimal, howevas, @bserved to absorb
almost the same power as the optimal causal controller.r&i§2 shows the mean
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power absorbed by the optimal controller and by the suba@tbausal controller cal-
culated from analytical expressions (Nielsgal. 2013), where all response processes
are stationary Gaussian process since the wave excitatiop$s is assumed to be so.
Different values of the significant wave height and the bandwidth parametey
have been considered. As seen, the performance of the smlabpausal controller is
very close to that of the optimal controller at all parametdues.

b)

850 3000
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T - T RS B 1Y ST a5 4 25 8 a5 4 45 s
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Figure 5.2 Absorbed mean power by optimal controller and sub-optiraaisal controller. —: Optimal
controller. - - -: Causal controller. a) Variation witty, Hs = 3 m. b) Variation withHs, oy = 0.1.

Again, it should be noted that no constraints on the floatepldcement and
the control force have been considered in the present stmdlythus the unbounded
optimal control force has been sought from stationarityhef iHamiltonian. Further
works is to be done on optimal control of point absorbers wahstraints on system
state and control force.

5.2 Gyroscopic power take-off wave energy point
absorber

For most point absorbers such as the heave absorber, thatarstous absorbed en-
ergy varies significantly with time, making the expensivditidnal power electronics
mandatory before the power can be supplied to the grid. Thitvates a search for an
alternative device which is able to deliver a more constamigy to the grid without
introducing power electronics.

The Gyroscopic power take-off (GyroPTO) wave energy pdisoaber is a pos-
sible solution to this problem. As shown in Figure 5.3, thed®TO wave energy
point absorber consists of a float rigidly connected to arlebe the other end the
lever is supported by a hinge, which allows for rotationsuaba horizontal and ver-
tical axis. Inside the float is a mechanical system made ugspfraning flywheel with
aring and a power take-off system connected to the ring atemgtational axis. The
ring is free to rotate in a plane orthogonal to the lever. Tpia axis of the flywheel
is supported by a track on a ring with a width slightly lardeairt the diameter of the
axis. The track forms a guidance for the precession of theeass, which is assumed
to roll on the inner side of the track during rotations of thegrwithout any slip. The
wave induced pitch and roll motions of the float produce a tiamying rotation of the
ring, which combined with the spinning velocity of the flyvdiereates a gyroscopic
torque parallel to the precession axis. This moment pragltioe necessary contact
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(a)

Figure 5.3 The GyroPTO point absorber. (a) Schematic details. (b)e8oalodel tested in a wave tank.

force between the spin axis and the inner side of the trackawigte the friction force
making the rolling of the spin-axis possible. Hence, theoggopic moment enforces
a non-holonomic kinematical constrain between the ratafioelocities of the spin
axis and the ring and makes the former to rotate at a largedangelocity.

When synchronization of the angular frequency of the ringhe angular fre-
quency of the wave loading takes place, the response of tigebecomes almost
harmonic. This phenomenon is the basic reason for the fumotj of the system. At
synchronization, this means that the generated electiepbecomes almost con-
stant in time, making the need for expensive additional p@hextronics unnecessary
before the power can be supplied to the grid.

Assuming monochromatic waves simplified equations areve@yivalid under
synchronization of the ring to the angular frequency of tkatation (Appendix I). It
is demonstrated that the dynamics of the ring at synchrtinizaan be described as
an autonomous nonlinear SDOF system with parametric éxaitaThis equation is
related with three different types of attractors dependingnitial conditions of the
ring. In one case, the ring vibrations are attracted to & stftest indicating unstable
synchronization. For the other two types of point attragttire ring is synchronized to
the wave angular frequency, either rotating in the posiivia the negative direction.

Figure 5.4 shows the responses of the ring for the initiaﬂwtwo,ﬂ/}o) =
(5,w), wherew is the angular frequency of the wave load, and) and(t) are
the rotational angle and angular velocity of the ring, resipely. Synchronization
with positive rotational speed of the ringﬁ:((t) ~ w) takes place close to a given equi-
librium point §; of the said SDOF oscillator (see Appendix I). At synchrotita,
the quantitys(t) = 1 (t) — wt — p1 converges towards;, wherey, is a phase an-
gle that can be determined from system parameters, anditteofny(¢) /w converge
towards 1. In this stationary synchronized state, a for@thbnic oscillation (small
amplitude) with the angular frequency Zan also be observed, which is cased by a
parametric excitation term in the autonomous equationefitig.

Figure 5.5 shows the corresponding results, when thelindgizditions are changed
to (¢0,%0) = (— %, —w). In this case synchronization with negative rotationakspe
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Figure 5.4 Synchronization with positive rotational speed of the rifigi, 1) = (3,w),T=2s.(a)
Time history of the rotational angle of the ring(t). (b) time history of the angular velocity of the ring

P(t).
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Figure 5.5 Synchronization with negative rotational speed of the.rifi, 10 ) = (5, —w), T =2s.
(a) Time history of the rotational angle of the rigigt). (b) time history of the angular velocity of the ring

U(t).

of the ring takes place to a different equilibrium podat(see Appendix I). At syn-
chronization, the quantity(t) = v (t) + wt — uo converges toward$;, whereps is
another phase angle that can be determined from system g@@mrand the fraction
¢(t)/w converges towards -1. Again, the forced harmonic osalfetiwith the angu-
lar frequency2w around the equilibrium point in the stationary synchrodisete is
caused by the parametric excitation term in the autonomguiaten of the ring.

It is clearly seen from the above results that the performariche system de-
pends strongly on the initial value{ﬂjo, ;Z}O). In order to analysis this problem fur-
ther, the basins of attraction (or domain of attraction)yfgh and Mook 2008) in the
(8(t),0(t)) state space for synchronizationdgt) = w and<)(t) = —w are deter-
mined. The basin of attraction of an equilibrium point iraties the subset of initial
values(vy, ¢0) in the phase space for which the trajectories tend to appithacequi-
librium point, although persistent oscillations may occlhe basins of attraction are
separated by the separatrix manifolds originating frormstiddle points.

In Figure 5.6(a) and 5.6(b), the grey colored areas showdkab of attraction
in the the(o, 5)-plane for the same systems as considered in Figures 5.4.ank5
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2 0 2

o(t) (rad)
Figure 5.6 Basins of attraction]” = 2's. (a) Synchronization td;(t) = w. (b) Synchronization to
Y(t) = —w. 0: Stable equilibrium points);, x: Saddle pointsds.

spectively. In the disjoint white part of the state spacesyrchronization is possible,
and the system is attracted to a state of rest. As seen statdbrenization requires
thatd(t) is confined to a finite interval centered around the equilirpointo; .

The generator has a stator fixed to the ring and a rotor fixetlecspin axis
of the flywheel, so the angular velocity of the generator isaédo the angular spin
velocityé(t) = N¢(t), whereN is the gear ratio between the angular spin velocity
of the flywheel and the precession angular velocity of thg.rlhis assumed to be an
asynchronous generator with the characteristic (Simég$-arret 2014)

M,y(t) = Mq,l(V)N¢(t) (5.6)

whereM, 1(V) is a gain factor depending on the voltalge Synchronization is pos-
sible only if the gain factod, ; (V') fulfills (Appendix I)

3
My < S5 [0 4 a3 TEen(20) cos(Br — ) (5.7)

where the upper sign ig: refer to synchronization in the positive directiods is
the polar moment of inertia of the flywheel. Let(¢) and »3(t) denote the an-
gular rotations of the float around the horizontal and vattaxis, respectively. At
synchronizationyl () and 3 (t) becomes almost harmonic with the angular wave
frequencyw, the constant amplitudes, and®3, and the constant phasgs andfs.
B = arctan (®1/®3). The right hand side term in Eq. 5.7 is the maximum value
of the gain paramete¥/, ; that can be used to achieve stable synchronization (the
system state remains inside the grey colored areas in Fig6ye

In irregular sea-states, waves with different amplitudes phases are exciting
the structure, causing a broad-banded wave load. Howeéweresponse processes

59 September 2015



60 Dynamics and control of wave energy point absorbers

of the float turn out to be narrow-banded with the central éarginequency equals
the peak angular frequency of the wave spectyn Then, the response processes
indicated by the so-called Rice representation (Rice 1&4B¢ner 1990)

©1(t) = ®1(t) cos (wpt + Pr(t)) }

1

! 5.8
©3(t) = @3(t) cos (wpt + B3(t)) 8
where®,(t) andg;(t),j = 1,3 are the slowly varying amplitude and phases. Eq.
(5.7) still holds withw replaced by, and the constant amplitude and phases replaced
by the time-varying equivalents. Therefore, this opens ueed for a semi-active
control for the stability of the synchronization, i.84, (V') should be reduced by
changing the voltag® when the value of the right hand side term become smaller
than the presentvalue 81, ; (V'). During operation, the time-varying amplitudes and
phases need to be identified in real time from measutét), K1 (), pi(t), pi(t), in
order to check whether the system remains within the basattizEction guaranteeing
synchronization.

Further, from the generator torque in Eq. (5.6), the insta@bus generated elec-

tric power is given by

P.(t) = My(t)N9(t) = N2> M, 1 ¢*(t) (5.9)

On the other hand, the instantaneous absorbed power by Htddlaritten as
(Appendix 1)

Pa(t) = Myi(t)@1(t) + Mys(t) ¢3(t) (5.10)

whereM 1 (t) andM s () are the external hydrodynamic moments work conjugated
to ¢1(t) andpi(t), respectively.

Let P, and P, denote the time averages Bf(t) and P.(t), respectively.P, ()
varies strongly with time, whereds (¢) is almost constant at synchronization since
the angular velocity of the fIyWhedl(t) is almost constant. However, the time av-
eragesP, and P, must balance each other disregarding a small loss due tmaite
friction, leading to the following relation

P, ~P.~P.(t) (5.11)

Eq. (5.11) implies that the generated electrical power aatrerceed the mean
absorbed power of the float. GeneralR, is relatively small compared to the theo-
retical maximum where the motions of the float is activelytoolted. This means the
generated electric powét. (¢) is also limited due to this power balance. For this rea-
son the system may be improved if it is combined with an actrgrol of the motion
of the float somewhat similar to the heave point absorberrdestin the previous
section, in order to increage, and thus the generated power(t). Both semi-active
and active control of of this system under irregular wavdsha pursued in a future
study.
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CHAPTER 6
Conclusions and future

directions

The focus of the present study is to address two seeminglytgdbut actually highly
related issues: reducing structural vibrations of wintitee components and increas-
ing mechanical power supplied to wave energy point abseridodeling of different
dynamic systems have been carried out throughout the théaitous control solu-
tions, both passively and actively, have been proposed malyzed in detail. This
final chapter gives the general conclusions drawn from tiidysand possible future
extensions of this work.

6.1 General conclusions

(1) The lightly damped edgewise vibrations in wind turbitedes can be suppressed
by various types of passive control devices, i.e. the ral@mper, the TLCD, the
CLCD and the TLD (sloshing damper). For rotating wind tugblilades, the large
centrifugal acceleration governs the damping effect ad¢hgassive dampers, making
it possible to use the dampers with rather small mass raiosffectively reducing
edgewise vibrations. Under certain circumstances wheoetastic instability takes
place in the edgewise mode, these passive dampers can albdiizstthe structural
response by introducing sufficient damping into the system.

(2) The roller damper has the advantage that its mass momémrtia can be ad-
justed (with the same mass) during the design process by défierent layouts of
the roller. However, the damping property (friction betweke roller and the track)
is difficult to quantify and adjust once the damper has beenufeatured. On the
other hand, the damping property of the TLCD can be conttaisily by changing
the orifice opening in real-time, making even the semi-aationtrol applicable. The
shortcoming of TLCD is that only the liquid in the horizontabe acts as the effective
mass, making the damper less effective than the roller damitie a same physical
mass (when both dampers are optimized). The CLCD is as nemofyjiquid damper
that combines the idea of TLCD with the roller damper. Therefit has both the
advantages of large effective mass (larger than the TLCDndas large as the roller
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damper) and the controllable damper property. Finally tleroliquid damper, the
TLD, turns out to be the most cost-effective device with theamtage of easy fabri-
cation and minimal maintenance. Besides that, TLD alsolmapotential of being a
semi-active device with rotatable baffles installed ingltetank, where the sloshing
frequency can be adjusted by changing angles of the baffle.

(3) By means of modern power electronics, the generatoutogn be prescribed
to a certain value with a time delay belaw—2 s and affects the lateral tower vibra-
tion through the reaction on the generator stator. It is shihat lateral tower vibra-
tions can be effectively suppressed by active generatgu&ifor both the gear-driven
and direct-driven wind turbines. However, the effectivatcol of tower vibration is
at the expense of somewhat more fluctuated power output, dredieoff between
the vibration aspect and power electronic aspect shouldbsidered. The negative
impact on the smoothness of the power output can be avoidedibyg TLD in con-
trolling lateral tower vibrations. A series of real-timebrid tests have been carried
out on a full-scale TLD, and proves the TLD to be very effegtin reducing lateral
tower vibrations in multi-megawatts wind turbines. It isosm that the best control
effect of TLD is always achieved when the tuning ratio is Ind @amping screens
are equipped. The good agreement between experimentahaoiktical results also
validates the theoretical model for TLD proposed in thistbe

(4) From stationarity of the Hamiltonian, an optimal cohtiaw for a single wave
energy point absorber in irregular sea-state is first ddriltés proven to be a closed-
loop controller with feedback from measured displacemesigcity and acceleration
of the floater, together with a non-causal integral compbdependent on future ve-
locities. A causal closed-loop controller is next propogedircumvent this problem,
by slightly modifying the optimal control law. The basic &lis to enforce the station-
ary velocity of the floater into phase with the wave excitatiorce at all frequencies
in the excitation. Itis shown that the devised causal cdietrabsorbs almost the same
power as the optimal controller in plane irregular sea stefer delivering more con-
stant power to the grid without introducing power electosnianother type of point
absorber, the Gyroscopic power take-off point absorberapgsed. It is shown that
the dynamics of ring at synchronization (angular frequenfcghe ring equals to the
angular frequency of the wave excitation) can be descrilseghaautonomous non-
linear SDOF system, affected by three different types ofipaitractors. One where
the ring vibrations are attracted to a state of rest indicatinstable synchronization,
and the other two point attractors where the ring is syndaeshto the wave angular
frequency, either rotating in positive or negative direet. At stable synchronization,
the generated electric power becomes almost constant.

6.2 Proposals for future directions

(1) Semi-active control of wind turbine components using fuid dampers
The dynamic properties (eigenfrequency, damping) of thedwiirbine system
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are dependent on various internal or external conditiorgs, ¢he rotor rotational
speed, the mean wind speed and the turbulence intensitgiveaampers with rel-
atively narrow bandwidth may suffer from detuning effectamteigenfrequencies of
the wind turbine components deviate from the designed gal@emi-active liquid
dampers, such as the TLCD with controllable orifice openting, TLD with rotatable
baffles, are expected to have better performance for thewangng wind turbine
system. It will be important to carry out both theoreticatlaxperimental studies on
the semi-active liquid dampers for vibration control of @iturbine components. Es-
pecially, full-scale real-time hybrid testing of the seautive damper using different
control algorithms will be of great value for the applicatiof liquid dampers in real
multi-megawatts wind turbines.

(2) Flutter analysis of wind turbine systems and flutter suppession by means
of control

With the increasing size, wind turbines also become moreraoie optimized
with respect to structural dimensions and material usageur€ turbine designs will
likely be stability-driven in contrast to the current loadisven designs. Although
classical flutter has not been observed on modern pitcHatsglwind turbines, it
is believed to become a very important design consideratiowind turbine blades
become more flexible.

Actually besides the 13-DOF wind turbine model, a detailaiddielement (FE)
model for the wind turbine system (not shown in the preseesi) has also been
developed during the period of this Ph.D. study. The FE mealeds into account
the following effects: (i) offsets between the center ofvifsa the shear center and
the aerodynamic center of each cross-section along the blddch have significant
influence on the coupling between the flap-wise bending modétee torsional mode.
(ii) the distribution of pre-twist along the blade, whichshsignificant influence on
the coupling between the flap-wise mode and the edgewise .m@iilecouplings
between the blade vibrations with tower and drivetrain aflons (as have already
been considered in the 13-DOF model), which means thereb@ikknergy transfer
between different components of the wind turbine. All thefects are important for
accurately carrying out flutter analysis and predicting ¢higical flutter speed of a
wind turbine system.

The indicated FE model can be used as a basic tool for flutedysis of wind
turbines. However, it might be necessary to develop a ndebllgy criteria rather
than the widely-used eigenvalue analysis. More imponahtiw to suppress flutter
when it takes place under certain circumstances? One p@ssilution may be the
so-called "small rotor", where rotatable flaps are mountexliter part of the blades,
and aerodynamic properties of the blade can be adjustedasively when the angle
of flap changes. Another idea is to devise certain novel dasrpe torsional mode
of the blade, and the damping of the torsional mode can beased by installing
this kind of damper inside the blade. The proper design aodrate modeling of the
torsional damper become very important.

(3) Stochastic optimal control of wave energy point absorlbms with state con-

63 September 2015



64 Conclusions and future directions

straint

No constraints on the floater displacement and the controefbave been con-
sidered in the present study, and thus the unbounded opton&iol force has been
obtained from the classical optimal control theory. In itgatonstraints are enforced
on the control force to prevent large structural stressdbenfloater at specific hot
spots or due to the actuator saturation. Similarly the nmotibthe absorber is con-
strained, either due to limitations on the stroke of the aiciyy or in order to prevent it
from hitting the bottom of the sea or making unacceptablejsiout of water.

Several forms of Pontryagin’s principle have been propdaseather researchers
for optimal control problems with state variable inequatbnstraints, such as the
direct adjoining approach where the Hamiltonian and Lagjieamare formulated di-
rectly from the constraints, and the indirect adjoiningraagh where the derivatives
of the state constraints rather than the state constraiatadjoined to Hamiltonian
in forming the Lagrangian. These methods are applicabléhoptimal control of
wave energy point absorbers with state and control forcstcaints.

(4) Stochastic filtering theory and its application to the catrol of renewable en-
ergy structures

To control the system performance, we must accurately oapie state of the
system at any instant of time. In reality, physical systeresabjected to random dis-
turbance, so that the system state may itself be randomdér tw determine the state
of the indicated system, one may build a measuring deviceakes measurements
or observations on this system. These measurements amafjgnentaminated with
noise caused by electronic and mechanical components afelsuring device.

The problem of determining the state of a system from noisgsuements is
called filtering or estimation, and is of central importaficethe control of system.
The dynamic system can be modeled by a finite-dimensionakd¥aprocess, the
output of a stochastic differential equation. The goal istitain the conditional prob-
ability density function of the state, given the measuretsierhis conditional density
embodies all the information about the state of the systemiwik contained in the
available measurements, and all estimates of the stateecanristructed from this
density.

Definitely, it is of both theoretical and practical valuegfply filtering theory to
the control of renewable energy structures.
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APPENDIX A
System Matrices of the

13-DOF model

A.1 Mass matrix

The mass matri (t) is symmetric and positive definite, and is made up of the fo
lowing two contributions

M(t) = M (£) + M, (A.1)

whereM; (¢) indicates the mass matrix that is attributed to the rdtfs,indicates the
contribution from the tower, the nacelle and the drivetrain

(1) M1 (¢t) has the structure

My My 1)

M, (t) = A.2
1( ) Ml,gl(t) Ml,gg ( )
M, ;; is given as
fm1 0O 0 0 0 07
0 mi O 0 0 0
0 0 my O 0 0
M, = A.3
e 0 0 0 me 0 0 (A-3)
0 0 0 0 mo O
LO 0 0 0 0 mol

wherem; andm, are modal masses related to the fundamental flap-wise aledvesig
eigenvibrationgg; (¢) andg;5(t)) defined as

Lp
my = / w(z3)®3 (23)dxs
0

L (A.4)
me = /0 u(xg)q)g(:vg)d:vg
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M, () = M ,(t) is given as

[ms 0 0 msgcosW,y ms sin Wy 0 07
ms 0 0 msgcosWPy mssin Wy 0 O
ms 0 0 msgcosVPs mssin W3 0 O
Mg =13 _ U, 0 —myssin®; — v 0
my cos ¥y mys sin Uy myscos ¥y  mg
0 —mgcosW¥sy 0 —myssinWs —myscosW¥s mg 0
L0  —mycosW¥s 0 —myssinWs —myscosWs mg 0]
(A.5)
where
Lp Lp
ms =/ p(x3) Py (w3)des, my =/ p(x3) P (23)dxs
o S (A.6)
ma= [ waaasta(eadzs, mo= [ ntaaasta(eadrs
M, 44 is given as
3mg 0 O 0 0 0 0]
0 3mg O 0 0 0 0
0 0 O 0 0 0 0
My,=1| 0 0 0 3mos’+3J, 0 0 0 (A7)
0 0 0 0 3mes* +5J. 0 0
0 0 O 0 0 J. 0
| 0 0 0 0 0 0 0]

wheremy is the mass of a single blade ardis the mass moment of inertia of the
rotor, given by

LB LB
mg = / w(zs)des, J,. = 3/ p(z3)rades (A.8)
0 0
(2) M, has the structure
0 0
M, = A.9
’ {O M27gg] ( )
_m7)7+M0 0 0 mr.10 0 0 0]
0 m8,8+M0 ms.9 0 0 0 0
0 Mg g m979+J9 0 0 0 0
Mz go= | m710 0 0 m10,10+J10 0 0 0
0 0 0 0 mii+Jin 0 0
0 0 0 0 0 0 O
0 0 0 0 0 0 J,
(A.10)
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where M, is the mass of nacelle including drivetrain and equipmeft. J1, and
J11 are the mass moment of inertia of the nacelle relateg o), ¢10(¢) andqi1 (t),
respectively.m7,7 = mg,;g, M7 10 = Mi0,7 = M8 9 = Mg g, M10,10 = 19,9, these
are the consistent mass coefficients of tower relateg; (0) and ¢1o(¢) (the fore-
aft tower vibration), andjs(t) and ¢o(t) (the lateral tower vibration), respectively.
As mentioned in Chapter 2, cubic Hermite polynomial intdéasion functions have
been applied for tower displacements (Bernoulli-Eulembéaeory). Furthenn 11

is the consistent mass moment of inertia of the tower reltded; (¢), with linear
interpolation of tower rotations (St. Venant torsionaldhg. J, is the mass moment
of inertia of the rotor of the generator.

A.2 Stiffness matrix

The stiffness matri¥(¢) is made up of the following two contributions
K(t) = K, + K,(t) (A.11)

where K, is the structural stiffness matrix that is symmetric anditpas definite.
K, (t) is the gyroscopic stiffness matrix.

(1) K, has the structure

K, 0
K,=| > (A.12)
0 K.,
K is given as
k1 0 0 0 0 0T
0 k& 0 0 0 0
0 0 k 0 0 0
K, = A.13
=10 0 0 ke 0 0 (A-13)
0 0 0 0 k O
L0 0 0 0 0 kol

wherek; andks are the modal stiffness for the fundamental flap-wise an@\wig
modes under normal operation, i.e. including centrifugiiesiing. There are written
as

o [ (e (2552 i (242 )
ky = /OLB <E12(5E3) (CP(I;QT(;B)Y + F(x3) (d(D;aE:B)Y) dxs

whereF (x3) = Q2 fILS w(€)&d¢ is the centrifugal axial force per unit length along the
blade.

(A.14)
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K, 44 is given as

[ k.7 0 0 k7,10 0 0 0
0  ksg kspo 0 0 0 0
0  kog koo 0 0 0 0
K g9= |k710 0 0 koo O 0 0 (A.15)
0 0 0 0 knu 0 0
0 0 0 0 0 k —Lik
| 0 0 0 0 0 —%ko =ko|

k7_]7 = k&g, k7_]10 = k10,7 = kg_]g = kg’g, klO,lO = kg_’g, these are the consistent
stiffness coefficients of tower relateddg(t) andgio(t) (the fore-aft tower vibration),
andgs(t) andgg(t) (the lateral tower vibration), respectivell;; 1; is the torsional
stiffness coefficient related @ (¢), with linear interpolation of tower rotations (St.
Venant torsional theory)k, is the equivalent St. Venant torsional stiffness of the
drivetrain, given as

11 1 N2k, k,

T el T (A.16)

wherek, andk, denote the St. Venant torsional stiffness of the rotor shadt the
generator shaft, andy is the gear ratio of the gearbox.

(2) K, (t) has the structure

K 0
K, = [ 9l ] (A.17)
Kg,gl(t) 0
K, 1 is given as
M 0 0 0 0 0 7
0 0 O 0 0 0
0 0 O 0 0 0
K,u= A.18
P00 0 0 —02ma 0 0 (A.18)
0 0 O 0 —0%me 0
10 0 0 0 0 —0%mo |

K, introduces negative stiffness into equations of motionefdgewise degrees of
freedomg,(t), ¢5(t) andgs(t), the so-called centrifugal softening effect.
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K, (t) is given as

0 0O 0 0 0
0 0 0 mygcosV¥y my sin Wo my sin Wy
0 0O 0 0 0
K, g =210 0 0 myssin, massin Uy massin Wy (A.19)
0 0 0 —myscos¥; —myscosWsy —myscosWsg
0 0 O 0 0 0
0 0 0 0 0 0 ]

A.3 Damping matrix

The damping matrixC(t) is made up of the following two contributions
C(t) =Cs + Cg(t) + Cgen (A20)

whereC; is the structural damping matrix that is symmetric and pasitlefinite.
C,(t) is the gyroscopic damping matrix, alg,.,, is the generator damping matrix
that can be specified by the active generator controller.

(1) C; has the structure

C, 0
c,=| =t (A.21)
0 Ciy
C, . is given as
et 0 0 0 0 07
0 ez 0 0 0 O
0 0 ¢ 0 0 0
sl = A.22
Con=1g 0o o ca 0 0 (A.22)
0 0 0 0 ¢ 0
L0 0 0 0 0 co

wherec; andc, denote the modal damping coefficients of the fundamentaifiap
and edgewise modes; = 2(;+/m;k;,j = 1,2, and(; is the corresponding modal
damping ratios.

C, 44 is given as

Cr.7 0 0 C7.10 0 0 0
0 cg,8 €89 0 0 0 0
0 Cg,8 €99 0 0 0 0
Cs)gg: C7,10 0 0 C10,10 0 0 0 (A23)
0 0 0 0 C11,11 0 0
0 0 0 0 0 0 0
L0 0 0 0 0 0 0]

7 September 2015
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cr7 = €88, €710 = Clo,7 = C89 = Co8, C10,10 = Co,9, these are the damping
constants of tower (without nacelle) specified by means gfdigh damping model.
c11,11 is the modal damping constant of the fundamental torsiomaleof the tower
without nacelle.

(2) C4(t) has the structure

_ 0 Cg,lg(t)
C,(t) = Cyt) 0 (A.24)

C,.4(t) is given as

M0 0 0 —mssin¥; mscosWPy 0 0]
0 0 0 —mssin¥Ps mscos¥s 0 O
0 0 0 —m5sin\113 m5cos\113 0 0
C t)=Q A.25
sta(1) 00 0 0 0 00 (A-29)
0 0 0 0 0 0 0
10 0 0 0 0 0 0J
C, 4 (t) is given as
0 0 0 0 0 0
0 0 0 2my sin Wy 2my sin Wo 2my sin Wy
0 0 0 0 0 0
Cq gl (t):Q —mssinW¥Vy —mssin Vo —mssin Wy —2mygscosWy —2myscosWo —2myscos Wy
o mscosWy mscosWs mpscosWy —2myssinWy; —2myssinWo —2myssin ¥
0 0 0 0 0 0
0 0 0 0 0 0
(A.26)
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Edgewise vibrations in wind turbine blades are lightly damped, and large amplitude
vibrations induced by the turbulence may significantly shorten the fatigue life of the blade.
This paper investigates the performance of roller dampers for mitigation of edgewise
vibrations in rotating wind turbine blades. Normally, the centrifugal acceleration of the
rotating blade can reach to a magnitude of 7-8g, which makes it possible to use this kind of
damper with a relatively small mass ratio for suppressing edgewise vibrations effectively.
The parameters of the damper to be optimized are the mass ratio, the frequency ratio, the
coefficient of rolling friction and the position of the damper in the blade. The optimization
of these parameters has been carried out on a reduced 2-DOF nonlinear model of the
rotating wind turbine blade equipped with a roller damper in terms of a ball or a cylinder,
ignoring the coupling with other degrees of freedom of the wind turbine. The edgewise
modal loading on the blade has been calculated from a more sophisticated 13-DOF
aeroelastic wind turbine model with due consideration to the indicated couplings, the
turbulence and the aerodynamic damping. Various turbulence intensities and mean wind
speeds have been considered to evaluate the effectiveness of the roller damper in reducing
edgewise vibrations when the working conditions of the wind turbine are changed. Further,
the optimized roller damper is incorporated into the 13-DOF wind turbine model to verify
the application of the decoupled optimization. The results indicate that the proposed
damper can effectively improve the structural response of wind turbine blades.

© 2014 Elsevier Ltd. All rights reserved.

1. Introduction

Modern multi-megawatt wind turbines are designed with increasingly larger rotors in order to capture more energy
throughout their lifetime and reduce the cost of energy. As the rotor diameters increase in size, the stiffness of the blades is
not proportionally increased, which renders the blades more flexible and thus more sensitive to dynamic excitations.
Traditionally, the modes of vibration in the blades are clarified as flap-wise and edgewise modes. Flap-wise vibrations are
vibrations out of the plane of the rotating rotor, whereas edgewise vibrations take place in the rotor plane. Normally, modal
damping in the flap-wise direction is relatively high due to the strong aerodynamic damping when the turbulent flow is
attached to the blade [1]. Hence, the vibrations merely turn out to be quasi-static responses to the turbulence present in the
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incoming wind. In contrast, edgewise vibrations are associated with insignificant aerodynamic damping [1,2] and may be
prone to large dynamic responses. There is also a possibility of instability for some combinations of blade properties and
operational conditions. This corresponds to the case in which the aerodynamic loads pump energy into the vibrational mode
in the edgewise direction, and the sum of the structural damping and the aerodynamic damping becomes negative [3]. For
all these reasons, the reduction of edgewise vibrations has become an increasingly active area of research in the wind power
industry.

Structural control technologies, which have achieved significant success in mitigating vibrations of civil engineering
structures, are being increasingly investigated for application in wind turbines in recent years. Most of these studies focus on
the vibration control of wind turbine towers using external dampers [4-7]. Limited studies have been carried out regarding
the structural control of blade vibrations. A semi-active tuned mass damper (TMD) is investigated in [8] for the control of
flap-wise vibrations in wind turbine blades, although the modal damping in this direction is already very high due to the
aerodynamic damping. Active TMDs have also been studied for the mitigation of edgewise vibrations in wind turbine blades,
and the active TMD achieved greater response reductions than the passive TMD for the edgewise vibration [9]. An active
strut mounted near the root of each blade has been proposed in [10] for the control of blade vibrations. The active control
concept developed in this research is based on resonant interaction between the rotor and the controller, which is inspired
by the concept of TMD. The use of active tendons mounted inside each blade is described in [11] for the active control of
edgewise vibrations. The controller allows a variable control force to be applied in the edgewise direction, and the control
forces are manipulated according to a prescribed control law. However, both semi-active and active control solutions need
relatively complicated controller configurations and some amount of power input. This indicates the importance and
necessity of developing simple and robust dampers for wind turbine blades. An earlier investigation on passive dampers in
rotating wind turbine blades has been carried out by Anderson et al. [12]. A pendulum-typed passive damper was tested on
an operational rotor, and the damper effectively mitigated edgewise stall vibrations of a 600 kW commercial wind turbine.
However, no detailed analytical model was present for optimizing and designing the passive damper.

In this paper, roller dampers are proposed for passive control of edgewise vibrations in rotating wind turbine blades. This
kind of damper was first proposed in [13] to control wind induced vibrations in two television towers. Recently, the roller
damper was investigated in [7] for mitigating tower vibrations of offshore wind turbines, and both experimental and
numerical results show the efficacy of roller dampers in reducing dynamic response of wind turbine towers. In the case of
tower vibrations the control effect of the roller damper is governed by the gravitational acceleration g. For the rotating blade
the corresponding control effect is governed by the centrifugal acceleration, which can reach up to a magnitude of 7-8g for a
blade with a length of 65 m. This makes it possible to use the roller damper with rather small mass ratios for effectively
suppressing edgewise vibrations. A similar idea has also been proposed by Basu et al. [14] using a liquid damper which
consists of a circular tube partly filled with certain amount of liquid that could oscillate back and forth inside the tube. The
main difference between the roller damper and the liquid damper is the dissipation mechanism. The inherent damping of
the roller is due to the rolling friction between the surfaces, while the inherent damping of the liquid is due to the liquid
passage through an orifice opening in the middle of the tube. The latter has its advantage that the damping property of the
liquid damper can be controlled by changing the orifice opening, making the semi-active control solution possible. On the
other hand, the roller damper has its advantage that the control efficiency can be enhanced by increasing the mass moment
of inertia of the roller with a fixed physical mass.

The focus of the present paper is to carry out a comprehensive theoretical study on the performance of roller dampers
in suppressing blade edgewise vibrations. First, a reduced 2-degree-of-freedom (2-DOF) nonlinear model based on an
analytical dynamic formulation is established for a rotating blade with a roller damper mounted inside. The blade is
modeled as a rotating cantilever beam using data calibrated to the National Renewable Energy Laboratory (NREL) 5 MW
baseline wind turbine [15], and the coupling with other components of the wind turbine is ignored. The parameters of the
damper to be optimized are the mass ratio, the frequency ratio, the coefficient of rolling friction and the mounting position
of the damper along the blade. The optimization of these parameters has been carried out on the reduced 2-DOF model,
with the modal loads obtained from a more sophisticated 13-DOF aeroelastic wind turbine model subjected to a
3-dimensional turbulence field. Parametric studies are also performed to evaluate the effect of the mass ratio and the
mounting position on the performance of the roller damper. Based on these results, tradeoffs can be made when designing a
roller damper in practical application. Moreover, various mean wind speeds, turbulence intensities and rotational speeds of
the rotor have been considered to evaluate the effectiveness of the damper in reducing edgewise vibrations when the
working condition of the wind turbine is changed. Finally, the optimized damper is incorporated into the 13-DOF aeroelastic
model to verify the application of the decoupled optimization as well as the control effect of the damper in the highly
coupled wind turbine system.

2. Aeroelastic model of the wind turbine system

A 13-DOF aeroelastic wind turbine model is presented in this section. The indicated model takes several important
characteristics of a wind turbine into account, including time dependent system matrices, coupling of the tower-blades-
drivetrain vibrations as well as nonlinear aeroelasticity. Fig. 1 shows a schematic representation of the wind turbine model
with definitions of the coordinate system and the degrees of freedom. Motions of the structural components are described
either in a fixed, global (X;,X>,X3)—coordinate system, or in moving (x;,X»,X3)—coordinate systems attached to each blade
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X3 X3
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Fig. 1. 13-DOF aeroelastic model of three bladed wind turbine. Definition of fixed and moving frames of reference and the degrees of freedom
q1(0), ... qp (D).
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Fig. 2. 2-DOF model of flexible drivetrain with odd number of gear stages. Definition of degrees of freedom q;,(t) and q5(t).

with origin at the center of the hub. The X;- and x;-axis are unidirectional to the mean wind velocity. The (X3, X3)- and
(X2,x3)-coordinate planes are placed at the rotor plane. The Xs3-axis is vertical, and the xs-axis is placed along the
undeformed blade axis oriented from the hub towards the blade tip. Moreover, the position of the local coordinated system
attached to blade j is specified by the azimuthal angle ¥(t), which is considered positive when rotating clockwise seen from
an upwind position.

Each blade is modeled as a Bernoulli-Euler beam with variable mass and stiffness per unit length, and is related with two
degrees of freedom. q;(t),q,(t),qs(t) denote the flap-wise tip displacement of each blade in the positive x;-direction.
q4(t), g5(t), qg(t) denote the edgewise tip displacement of each blade in the negative x,-direction. Further, the tower motion
is defined by five degrees of freedom q;(t), ..., q1(t). g;(t) and gg(t) signify the displacements of the tower at the height
of the hub in the global X;- and X,-directions. qq(t) specifies the elastic rotation of the top of the tower in the negative
Xi-direction, while q,4(t) and q;,(t) indicate the corresponding rotations in the positive X,- and X3-directions. The height of
the tower from the base to the nacelle is denoted H, and the horizontal distance from the center of the tower top to the
origin of the moving coordinate systems is denoted s.

The drivetrain is modeled by the degrees of freedom q;,(t) and q;5(t) (Fig. 2). The sign definition shown in Fig. 2 applies
to a gearbox with odd number of stages. q;,(t) and g,3(t) indicate the deviations of the rotational angles at the hub and the
generator from the nominal rotational angles 2t and N€2t, respectively, where N is the gear ratio. Correspondingly, ¢;,(t)
and §;5(t) are the deviations of the rotational speeds at the hub and the generator from the nominal values. In case of even
number of stages the sign definitions for q,3(t) and f3(t) are considered positive in the opposite direction. J. and J; denote
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the mass moment of inertia of the rotor and the generator, and k. and k, denote the St. Venant torsional stiffness of the rotor
shaft and the generator shaft.

Further, a full-span rotor-collective pitch controller is included with time delay modeled by a first-order filter. The pitch
demand is modeled by a PI controller [16] with feedback from ¢;,(t) and q;,(t). A gain-scheduled PI controller is used in this
paper, i.e. the controller gains are dependent on the blade-pitch angle [15].

The Blade Element Momentum (BEM) with Prandtl's tip loss factor and Glauert correction is adopted to calculate
aerodynamic forces along the blade [17]. Nonlinear aeroelasticity is considered by introducing the local deformation
velocities of the blade into calculations of the flow angle and the angle of attack. As a result, this model possesses high
aerodynamic damping in the blade flap-wise and the fore-aft tower vibrations, but relatively low aerodynamic damping in
the blade edgewise and the lateral tower vibrations.

3. Theory of the reduced 2-DOF model for blade-damper system

The 13-DOF wind turbine model displays a highly coupled dynamical system. Lateral displacement and rotations of the
tower around a horizontal line parallel to the mean wind direction will couple with the equations of motion of the edgewise
blade vibration and the roller damper. Since we are interested in studying the interaction between the damper and the
blade and the control effect of the damper on edgewise vibrations, we make the basic assumption for the following theory
that the coupling between the tower and the blade can be ignored. Hence, only blade edgewise vibrations are considered,
and the design of the damper is totally based on the local dynamics of the rotating blade.

3.1. Definition of the problem

Fig. 3 shows the schematic representation of a rotating blade equipped with a roller damper. The edgewise vibration of
the blade is described in the moving (x;, X2, X3)-coordinate system while the motion of the roller is described in the fixed
global (X1, X2, X3)-coordinate system. The mass per unit length and the bending stiffness in the edgewise direction of each
blade are denoted p(xs) and El(x3), respectively. The damper is merely devised to control the fundamental edgewise mode
described by the degree of freedom g5, (t), j=12,3, which is also a common practice when applying passive vibration
control techniques.

The rotation of each blade is assumed to take place with a constant rotational speed 2. Hence, the azimuthal angle ¥(t)
for blade j is given as

‘Pj(t):QtszTﬂ(jfl), j=1273 (1)

In the following, only blade j=1 is considered since all three blades behave identical with the same geometrical and
structural parameters. Consequently, all the subscripts j in Fig. 3 can be skipped, e.g. g5, j(t) =q(t) and ¥j(t) = ¥(t). Then,
the local edgewise displacement u,(xs,t) of the rotating blade in the x»-direction can be described by the single modal
coordinate q(t) as

U(x3,t) = — D(x3)q(t) (2)
where @(x3) indicates the fundamental fixed bay eigenmode of the edgewise vibration. This is normalized to 1 at the tip, i.e.
&(L)=1, where L denotes the blade length.

The roller damper consists of a roller rolling inside an arc track. The mass and the mass moment of inertia around the
gravitational center of the roller are denoted m and J, respectively. The radius of the roller and the outer radius of the track
are denoted r and R, respectively. Depending on the available space inside the hollow blade, the track may be devised in the
form of a complete circle or an arc. As shown in Fig. 3, the position of the damper mass inside the arc track is defined by the

X3

[

Fig. 3. Definition of coordinate systems, geometry and degrees of freedom.
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clockwise rotation 6(t) from the deformed beam axis. Hence, g(t) and 6(t) make up the degrees of freedom of this system. It
is assumed that the damper is placed at the coordinate x3 = Xq in the blade. Then, the local displacement and rotation of the
blade at this position with the sign definitions in Fig. 3 are given as

U 4(t) = — D(Xo)q(t) 3)
() = P (X0)q(t)
where @'(xo) = (d/dx3)P(x3)ly, - x,- For ease of notation the following auxiliary parameters are introduced:
a=D(xp)
b=®(xo) } (4)

3.2. Local kinematics of the roller damper

Fig. 4 shows three possible layouts of the roller, i.e. a homogeneous ball, a homogeneous cylinder and a flywheel. The
track for the ball or the cylinder as illustrated in Fig. 4(a) and (b) may be devised in the form of either a tube or a frame with
four rails. A more efficient but less compact layout of the roller damper as shown in Fig. 4(c) consists of two small wheels
with the radius r rolling on the rails and a flywheel with the radius Ry attached in the middle of a massless bar. It is assumed
that the wheels in contact to the rails may absorb negative contact forces if necessary. The mass am of each rail wheel and
the mass (1—2a)m of the flywheel are concentrated in the outer edge of the wheels. Hence in this case the mass moment of
inertia of the roller around its mass center becomes J = 2amr?+(1—2a)mR2, which is larger than that of the ball or the
cylinder with the same physical mass m.

For all these layouts, the roller damper is described by four parameters, i.e. r, R, m and J. In order to ease the notation as
well as the following derivation of the equations of motion, these four parameters can be combined into merely two
parameters as shown below, namely the equivalent mass m. and the equivalent length R., which may be interpreted as
the mass and length of an equivalent mathematical pendulum. The equivalent mathematical pendulum should represent
the same kinetic and potential energy as the roller damper. As shown in Fig. 5, the kinetic energy of the roller mass during
rotation can be written as

T=1mR-r20° +1J@+0y (5)

where « is the rotational angle of the roller relative to the line of gravity. By imposing a sufficient friction coefficient
between the surfaces, sliding of the damper mass is prevented. Thus the relationship between « and @ is given by the

(@) (b) (c)
(I-20)m  am

am

Fig. 4. Possible layouts of the roller damper. (a) Homogeneous ball, ] = Zmr?, (b) homogeneous cylinder, ] = Jmr?, (c) a flywheel and two small rail wheels,
J=2amr? +(1—2a)ymR3.

Fig. 5. Equivalent mathematical pendulum for the roller damper.
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kinematical relation (see Fig. 5):

r(@a+0)=R0 = ra=R-n0 = a:?é (6)
Substituting Eq. (6) into Eq. (5), the kinetic energy becomes
e L @)
where
me:m+L2R722, Re=R-r (8)
“(R—1)

m, can be regarded as a measure of the control efficiency of the damper. The larger the value of m, is, the higher efficiency is
achieved by the roller damper. For a given physical mass m of the roller, the value of m, can be increased by increasing J. In
this respect, the ball damper shown in Fig. 4(a) is less efficient than the cylinder in Fig. 4(b), which in turn is less efficient
than the device shown in Fig. 4(c). It should be noted that m, is only used for calculating the kinetic energy of the system.
The potential energy for both systems in Fig. 5 is given by

V =mgR-r)(1- cos 6)=mgR,(1— cos =6) (9)
Here the physical mass m is used since the potential energy is always related to the gravity of an object. In the following

derivations of the equations of motion of the 2-DOF system, m, and R, are used to calculate the kinetic energy, and m and R,
are used to calculate the potential energy of the system.

3.3. Modeling and analysis of the 2-DOF system

Fig. 6 shows the reduced 2-DOF model for a blade equipped with a roller damper, where the roller damper is represented
by the mathematical pendulum. It should be noted that the equivalent length R, (R. < Xp) is locally amplified in the figure in
order to clarify the geometry, which is helpful in deriving the kinetic and potential energy of the system. With sign
definitions in Fig. 6, the velocity components of the blade in the moving (x,,x3)—coordinate system can be written as

Va(X3, 1) = —Q2x3 — D(x3)q () }

V3(x3, £) = — QD(x3)q(0) (10

The components of the position vector and velocity vector of the damper mass in the fixed global (X,,X3)—coordinate
system are given by

Xp4(t)= —Xo sin ¥ —aq cos ¥ —R, sin (¥ +¢+0)

X34(t)=Xo cos ¥ —aq sin ¥ +R. cos (¥ +¢@+0) an
Vs a(t) = — (xo2+ag) cos ¥ +aqQ2 sin ‘I’—Re([2+¢+(9)cos(5"+(/)+0) (12)
V34(t) = —(X0€2+aq) sin ¥ —aq€2 cos ‘I’—RE(Q+([J+9) sin(¥+¢@+6)

The total kinetic energy of the system (i.e. one blade and one roller damper) becomes
_1 g 2 2 1 2 2
T=3 | o) (35, 0-+ V0, ) dxs +5me (Vza©+V3a0)

X3

A

Fig. 6. Schematic diagram of the reduced 2-DOF model.
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= %mo(q2 +Q2%¢*)+m 24 +%.szz
o mel(Xo 2+ ad)? + A2q 2 + RAQ b +6)
+2R.(2+ b +O0)((xo2+aq) cos (bq+ ) +ags2 sin (bq+6))] (13)
where mg = fé ﬂ(x3)<152 (x3) dx3 denotes the modal mass of the blade. Further, m; = _[é H(X3)X3D(x3) dx3, My = _[é p(x3)x3 dxs.
The total potential energy of the system is
U=mg(xo cos ¥ —aq sin ¥+R, cos (¥+bq+0))+1koq? (14)

where g is the acceleration of gravity, and ko denotes the modal stiffness of the blade including the geometric stiffness effect
from centrifugal accelerations. ko is expressed as

L D)\’ dd(xs)\
o [ (oo (5052 oo (4522) )

where F(x3) = fXL3 w(&E d¢ is the centrifugal axial force per unit length along the blade. Thus the fundamental angular
eigenfrequency of the blade can be obtained as
_ k()
o = | ™o (16)

As the damper mass rolls along the track, a friction force f{t) takes place due to the rolling friction between the contacting
surfaces. The magnitude of this force is proportional to the normal force acting on the roller through the track. In a rotating
blade, this normal force is governed by the centrifugal force since it is much larger than the gravity force. As shown in Fig. 6,
the total normal force on the damper mass can be expressed as

N() = MReB +mxo 22 cos (bq+6) (17)
Then, the friction force f(t) can be given by

f :y(mRegzﬁ—mqu2 cos (bq+0))sign(@) (18)

where y is the coefficient of rolling friction between the surfaces. A reaction force in the opposite direction is acting on the
track which is fixed inside the blade. The projection of this force on the blade in the negative x,-direction becomes co-
directional to the degree of freedom q(t). The modal load from this reaction force can be expressed as

fro= a;t(mRet?2 +mxo€2® cos (bq+6)) cos (bq +6)sigr1(9) (19)
where a is defined in Eq. (4). Then the generalized loads for each DOF are given by
Fq(t)=fo(q.t)—Ccog +f(t)
Fo(t)= —f(H)R, = —yRe(mRE€Z+mx0!22 cos (bq+6))sign(d) (20)

where f((g, t) denotes the turbulence induced modal load on the blade considering aerodynamic damping and couplings
between the blade with other components of the wind turbine, and ¢yg indicates the linear viscous damping load. f,(q, t)
is calculated using the more sophisticated 13-DOF aeroelastic wind turbine model introduced in the previous section.
¢o = 2{ymowy indicates the modal damping coefficient of the primary structure, {y is the related modal damping ratio.

It can be proved that the magnitude of fi(t) is much smaller than that of (g, t) and coq, thus this term is ignored in the
following derivation.

Using Eqgs. (12), (13) and the two generalized loads, the equations of motion of this 2-DOF system can be obtained from
the stationarity conditions of the Euler-Lagrange equations [18]:
()T -
= (Mo +Me(a® +R2b){ + meR2bO +coq + (ko — 2% (Mg +mea?)ig)q

+meR.(2abg +af — abQZq) cos (bq+6)—meR.((a— bxo)€2* +2a820 +a(bq +0)?)sin (bq+6)

—mg(a sin (2t)+bR. sin(£2t+bq+0)) =fy(q,t) (21)
d /oT\ oT oU
a(5g) 5050 =00

=5 MeReb +MeRe6) + p(MReO° +mxo$2> cos (bq+0))sign(@)
+mea(d —£2%q) cos (bq+0) +me(2a82q + £2°xo) sin (bq+0)
—mg sin (2t+bq+6)=0 (22)
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In the following numerical simulations, Egs. (21) and (22) are solved directly instead of carrying out linearization. There
are two reasons for avoiding linearization. Firstly, it may be impossible to perform linearization of the nonlinear equations of
motion in some cases when the value of @ is large. Secondly, even if linearization has been performed, there still remain
some parametric-excited terms and hence time-varying system parameters in the equations of motion. To obtain the system
responses accurately, numerical integration is still needed as in the nonlinear case, making the linearization meaningless.

To calculate the angular eigenfrequency of the roller when it is rolling in the vicinity of the equilibrium position, we set
q(t) =0 and assume small values of #(t) in Eq. (22), resulting in the following equation:

meREé(t)+y(mR892 + mxoﬂz)sign(9)+me!22x0€(t) —mg sin(Q2t+0(t))=0 (23)

Ignoring the influence of gravity, the angular eigenfrequency of the roller can be calculated from Eq. (23) as

_me@x %02
Wy = S R, (24)

It is shown that the motion of the roller is controlled by the centrifugal acceleration X0£2?, which is much larger than g if
Xo is large enough. Normally, the roller damper should be devised such that wg ~ @wy. This can be achieved by adjusting R,
when the rotational speed of the rotor £2 and the position of the damper x, are fixed.

From Egs. (21) and (22), it can be seen that the performance of the roller damper is affected by parameters m, @y, ¢4 and
Xo, Which need to be optimized when designing this kind of damper for different wind turbines. The optimization procedure
will be carried out directly on this 2-DOF nonlinear model, with the turbulence induced modal loads f(q, t) as the external
excitation. It should be noted that in the optimization the couplings of the blade edgewise vibration to other degrees of
freedom are ignored. But the decoupled optimization will be verified by incorporating the damper into the highly coupled
13-DOF wind turbine model.

The reduction ratio # is defined as

_ 0990709

n (25)

040
where 640 and o, are the standard deviations of the edgewise tip displacements of the blade without and with control,
respectively. The optimal parameters of the roller damper can be found by maximizing the reduction ratio.

4. Numerical simulations

The NREL 5 MW baseline wind turbine [15] is utilized to calibrate both the 13-DOF and 2-DOF models. In both models,
each blade has a length of 63 m and an overall mass of 17 740 kg. Eight different airfoil profiles are used for the blade from
hub to tip, the lift and drag coefficients of which are obtained from wind tunnel test. The related data of modal shapes, the
bending stiffness, the mass per unit length of the blade can also be found in [15].

In agreement with [19], the turbulence modeling is based on Taylor's hypothesis of frozen turbulence, corresponding to a
frozen filed convected into the rotor plane in global X;-direction with a mean velocity Vo and a turbulence intensity I. The
turbulence intensity is defined as I = ,/V,, where o, is the standard deviation of the turbulence component in the mean
wind direction. The frozen field is assumed to be homogeneous and isotropic, with a covariance structure given by [20].
Calibrated from this theoretical covariance structure, the first-order AR model as proposed by [10] performs a first-order
filtering of the white noise input, resulting in continuous, non-differentiable sample curves of the turbulence field at the
rotor plane. Next, the turbulence encountered in the moving frame of reference fixed to the rotating blade is obtained
by linear interpolation between the turbulence at different grid points in the fixed frame of reference, resulting in the
rotational sampled turbulence. Due to the longitudinal correlation of the incoming turbulence, a periodicity is present as
spectral peaks at 1£2, 20, 3Q2--- in the auto-spectrum density function of the rotational sampled turbulence.

By applying this turbulence field to the rotor of the 13-DOF wind turbine, we can obtain edgewise modal loads for each
blade. The calculated modal load f(q,t) is exerted to the 2-DOF model, based on which the optimization and parametric
studies of the damper are to be carried out. In the simulation, the fourth-order Runge-Kutta method was applied to solve
the nonlinear ordinary differential equations of the 2-DOF system.

4.1. Optimization and parametric study of the damper

Using data from the NREL baseline wind turbine, the constant parameters employed in the reduced 2-DOF model are
calculated and illustrated in Table 1. The parameters of the damper to be determined are the mass m, the frequency wy, the
coefficient of rolling friction # and the mounting position xo along the blade. Since the control effect of the proposed damper
is dominated by the centrifugal acceleration xo£2?, it is expected that we can obtain better control effect by mounting the
damper closer to the blade tip. On the other hand, the available space inside the blade is decreasing towards tip, which
makes the determination of xo a practical tradeoff problem. In the following optimization procedure xo is set to be 45 m,
which means that the damper is mounted at a position approximately 2 of the total blade length. The effect of various values
of xo on the performance of the damper will also be investigated later. Furthermore, it is well known that the larger mass
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Table 1
Parameters in the 2-DOF blade-damper model.
Parameter Value Unit
my 13x10% kg
ko 5.8 x 10* Nm'
o 6.67 rads—!
% 0.005 -
L 63
Q 127 rads!
g 9.81 ms—?
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Fig. 7. Contour diagrams of the reduction ratios for optimization of wg and u, Vo=15ms~ ', I=0.1, Xo =45 m. (a) m =0.01my, optimization results:
wq =0.975w, u=0.0312, n = 26.79 percent, R.=1.703 m, (b) m = 0.02my, optimization results: wq = 0.952wyq, u = 0.0310, = 31.84 percent, R,=1.785 m,
(c) m=0.03myg, optimization results: g =0.952wg, u=0.0308, n=34.79 percent, R.=1.785m, (d) m=0.04m,, optimization results: w4 =0.938ay,
u=0.0295, » = 37.26 percent, R,=1.842 m. (For interpretation of the references to color in this figure caption, the reader is referred to the web version of
this paper.)

ratio m/my would give a better control performance for a passive damper. However the damper mass should be limited
according to the construction and maintenance considerations. Thus four sets of mass ratios are considered in the
optimization procedure, i.e. m=0.01mg, m = 0.02mgy, m = 0.03mgy, m = 0.04my. In the simulation, only a ball is considered
for the roller damper. Since the equivalent mass of a cylinder or a flywheel is larger than that of a ball, it is expected that a
cylinder or a flywheel could obtain a better control effect comparing with a ball, and actually the results obtained in the
simulation are conservative. With my=1300 kg, the roller mass will vary between 13 kg and 52 kg. For each assigned value
of the mass ratio, we search for the optimal value of the turning ratio wy/@¢ and the optimal value of the friction coefficient
¢ by maximizing the value of 7.

Fig. 7 shows the 2-dimensional numerical optimization results of @y /@ and y for various mass ratios and a given x,. The
modal load is calculated from a turbulence field with a mean wind speed of 15 m s~' and a turbulence intensity of 0.1. The
color bar indicates the reduction ratio # by the damper. It can be seen from Fig. 7 that different mass ratios require different
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optimal values for the frequency ratio and the friction coefficient. As the mass ratio increases from 1 percent to 4 percent,
the optimal value of wy /@ decreases from 0.975 to 0.938, and the optimal value of y decreases very slightly from 0.0312 to
0.0295. As expected, the corresponding maximum reduction ratio increases from 26.79 percent for m =0.01mq to 37.26
percent for m = 0.04my. It can also be seen in Fig. 7(a) that a local maxima exists at the right side of the optimal point, due to
the nonlinearity of the system. As the mass ratio increases, no local maxima can be observed anymore. Moreover, the
increase of the mass ratio broadens the read areas in the contour diagram. This means that the detuning of wy/@o and u
becomes less sensitive with larger mass ratios, and acceptable control effect can be obtained at a wider range of parameter
variations.

If the roller damper parameters shift away from their respective optimal values, the control effect is expected to degrade.
Fig. 8(a) shows the effect of detuning of the frequency ratio, where the optimal values of y obtained from Fig. 7 are used for
different mass ratios. The value of # decreases faster when w,/wy shifts towards larger values compared with that towards
smaller values and it becomes very small when the frequency ratio is larger than 1. This means that the detuning effect of
@y /o is more pronounced when it shifts from the optimal value towards larger values and the damper is more robust in
the frequency range of 0.9 < w,/@o < 1. Fig. 8(b) shows the effect of various values of friction coefficient on the damper
performance with the optimal values of @, /w,. The detuning effect of x is more pronounced when it shifts towards 0. As
long as the friction coefficient is set to be larger than 0.02, reduction ratio of the edgewise vibration is not very sensible to
the value of u. Acceptable control effect can always be obtained when y is set between 0.025 and 0.05. This is favorable
when the friction coefficient between the roller and the circular tube increases slightly due to corrosion during the
operational period.

Fig. 9 shows the influence of the mounting position and the mass ratio on the mitigation effect of the roller damper.
Optimal values of wy/@¢ and p have been used for each value of m. Fig. 9(a) shows an expected result that a damper
mounted closer to the tip can reduce the edgewise vibration more efficiently, owing to the larger centrifugal acceleration. As
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Fig. 8. Effect of detuning, Vo=15ms~', I=0.1, Xo =45 m. (a) Reduction ratio versus wg/wo for various mass ratios, x optimal for each value of m.
(b) Reduction ratio versus  for various mass ratios, wy/wo optimal for each value of m.
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Fig. 9. Influence of the damper position and the mass ratio on the reduction ratio, Vo =15 ms~"', I=0.1, wg and x optimal for each value of m. (a) Reduction
ratio versus xo/L for various mass ratios, (b) reduction ratio versus mg/m for various mounting positions.
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Xo/L goes below 0.5, the control effect is not acceptable even though the mass ratio is large. The control effect increases
rapidly as the value of xo/L goes up to around 0.7, but it is not improved much as xy/L increases further. This is a favorable
observation since practically it is difficult to mount a damper in the vicinity of the blade tip due to lack of space. Fig. 9(b)
indicates a well known result that as the mass ratio increases the control effect increases. However, one valuable
observation is that the increase of the reduction ratio is not proportional to the increase of the mass ratio. For example,
as the mass ratio goes from 0.02 to 0.05 (increased by 150 percent) for the case of xo =45 m, the reduction ratio is only
improved from 31.84 percent to 38.94 percent (increased by 22.30 percent). Considering the ease of maintenance and the
improvement of control performance, it is not worthwhile to devise a damper with large mass ratios. When mounted at the
position between 40 m and 50 m along the blade, a damper with a mass ratio of 0.02 (m=26 kg) can always achieve
reasonably good control effect.

The motion of the roller is also investigated in various cases. Fig. 10(a) and (b) corresponds to the reduction ratios in
Fig. 8(b) and (a), respectively. As shown in Fig. 10(a) the increase of the friction coefficient x will reduce the maximum
rotational angle 6(t) of the roller. The motion of the roller varies slightly as long as  is set to be larger than 0.01. Fig. 10(b)
shows that a closer mounting position of the damper to the tip will result in a more drastic motion of the roller for a given
mass ratio. This explains the result in Fig. 9(a) that better control performance can be obtained when the damper is set
closer to the tip, since a roller having more drastic motions absorbs more energy from the structural response. Again, the
mass ratio effect is observed that a damper with a bigger mass ratio can achieve a better mitigation effect with a lower roller
peak response. Further, it can be seen that the maximum rotational angle varies from 0.3 rad to 0.95 rad (17-54.4°) when
optimal damper parameters are applied. This means that the rolling motion of the damper mass only takes place in a part of
the circle, making it possible to devise a damper with an arc tube or a finite segment of the circular track. This becomes
necessary in the present case, where R, varies from 1.703 m to 1.842 m according to the results of Fig. 7, and the chord of the
blade section at xo =45 m is about 3 m [15].

4.2. Performance of the damper

Fig. 11 presents the control performance of the roller damper on the blade edgewise vibration, when Vo =15ms~! and
[=0.1. The mass ratio is 0.02 and the mounting position of the damper is 45 m. Further, the optimal values of @, and y are
utilized. It is observed from Fig. 11(a) that a damper with a mass of 26 kg significantly improves the dynamic response of the
blade. The maximum edgewise tip displacement is reduced from 0.770 m to 0.637 m (reduced by 17.27 percent), and the
standard deviation is reduced from 0.1684 m to 0.1148 m (reduced by 31.84 percent). The Fourier amplitude spectrum of q(t)
as presented in Fig. 11(b) shows that the roller damper effectively suppresses the peak around 6.67 rad s~ ' corresponding to
the eigenvibration of the blade in edgewise direction. This means that a properly designed roller damper could almost
totally absorb energy from the eigenvibration of the blade. However, a low peak around 1.27 rad s~ ! is hardly affected by the
roller. This is associated with the rotational speed of the blade, and the roller damper is not functioning at this frequency. It
should be noted that much more energy is concentrated around the frequency of 6.67 rad s~ for the uncontrolled response
since aerodynamic damping is low in the edgewise direction. As a result, although not functioning around the frequency of
£, a well tuned roller damper still exhibits promising performance in suppressing edgewise vibrations in a rotating wind
turbine blade.

Fig. 11(c) illustrates the time history of the rotational angle of the roller damper with a mean value of 8(t)=0. The
maximum rotational angle of the roller is 0.6287 rad, which means that the motion of the roller is restricted within a small
segment of a circle. Fig. 11(d) shows the Fourier amplitude spectrum of €(t). A clear peak corresponding to the rotational
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Fig. 10. Maximum rotational angle of the roller in various cases, Vo =15ms~!, [=0.1. (a) Maximum angle versus u, wg optimal for each value of m,
(b) maximum angle versus Xo/L, wg and x optimal for each value of m.
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Fig. 11. Control performance of the roller damper, Vo =15ms~ 1!, I=0.1, m=0.02mg, Xo =45 m, optimal wg and x, R.=1.785 m. (a) Time series of the
edgewise vibration, (b) Fourier amplitude of the edgewise vibration, (c) time series of the roller motion, (d) Fourier amplitude of the roller motion.

speed of the rotor is observed, which can be explained by the last term in Eq. (22). Moreover, two low peaks can be observed
at two sides of the fundamental edgewise frequency, which displays the angular eigenfrequencies of the 2-DOF system.

It is of importance to study the performance of roller dampers when the working condition of the wind turbine is
changed. In the following, different combinations of V, and I are investigated to evaluate the control effect of the roller
damper with optimal parameters determined from the case of Vo=15ms~! and [=0.1.

The cut-in, cut-out and rated wind speed of the NREL 5-MM wind turbine are 3ms~!, 25ms~! and 114ms~',
respectively. With the functioning of the pitch controller, the mean rotational speed of the rotor keeps constant for mean
wind speeds ranging from 11.4ms~' to 25ms~'. Fig. 12 shows the edgewise tip displacement of the blade when
Vo=25ms~! and I=0.1. The roller damper again works well in this case. There is a reduction of 30.72 percent in the
maximum value and a reduction of 26.38 percent in the standard deviation of q(t) by installing a roller damper in the blade.
Similarly, the frequency component corresponding to eigenvibration of the blade is almost totally eliminated by the damper.
Further, Fig. 13 shows the result in the case of the rated wind speed Vo=11.4 m s~ with the same turbulence intensity. The
optimized damper achieves similar performance as in the previous cases, with a reduction of 21.98 percent in the maximum
value and a reduction of 26.52 percent in the standard deviation. It is observed that in all cases, the mean value of q(t) with
or without control remains identical, which equals to 0.240 m, 0.225 m, 0.118 m for Vo=114ms !, 15ms~', 25ms~',
respectively. The reason for the decreased mean edgewise displacement with the increased mean wind speed is that the
pitch angle tends to be increased as Vy increases from the rated speed to the cut-out speed, so that a constant rated power
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Fig. 13. Blade edgewise vibrations with and without the roller damper, Vo=11.4 m s~ 1=0.1, m=0.02my, Xo =45 m, R,=1.785m, 1=0.031. (a) Time
series, (b) Fourier amplitude.

(5 MW in this case) is produced. With increased pitch angle, the mean values of the angles of attack along the blade and
hence the mean modal loads are reduced. This is typical for the variable speed, pitch regulated wind turbines.

The turning of the roller damper is based on the rated rotational speed of the rotor (1.27 rad/s). As the blade rotational
speed varies, e.g. when Vj is below rated, or during the starting up or closing down procedures of the wind turbine, the
control efficiency of the roller damper is expected to be reduced due to the frequency detuning. Table 2 shows the influence
of the blade rotational speed on the values of @, wq and the control efficiency of the roller damper. It is seen that g is
slightly reduced as £2 decreases since the centrifugal axial force and hence kq are reduced, as indicated by Eq. (14). With
fixed xo and R, w4 decreases significantly with decreased £2, resulting in more pronounced frequency detuning of the roller
damper. Consequently, the reduction ratio of the damper is significantly reduced from 31.84 percent to 6.21 percent when £
decreases from 1.27rad s~ ' to 0.8 rad s~ .

Larger values of the turbulence intensity imply larger amplitude vibrations of the blade. As I increases from 0.1 to 0.3,
the standard deviation of the uncontrolled edgewise vibration increases from 0.1684 m to 0.3915 m. Nevertheless, the
roller damper works similarly well as in Fig. 11. However, by increasing I further to the value of 0.35, one can observe an
interesting phenomenon of the damper performance. As shown in Fig. 14(a), the blade instantaneously vibrates at high
amplitudes and the damper has ceased working in the interval between 200 s and 300 s, where the response of the
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Table 2

Influence of the blade rotational speed on wy, w4 and the damper performance.
Q (rad/s) wp (rad/s) wq (rad/s) n (%)
1.27 6.679 6.362 31.84
1.20 6.639 6.025 27.53
115 6.627 5.774 23.09
1.10 6.610 5.523 19.37
1.05 6.598 5272 15.82
1.00 6.587 5.021 13.20
0.95 6.575 4.770 11.01
0.90 6.563 4.519 9.45
0.85 6.552 4.268 7.79
0.80 6.540 4.017 6.21
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Fig. 14. Performance of the roller damper, Vo =15ms~"', [=0.35, m=0.02my, xo =45 m, R.=1.785 m, x=0.031. (a) Time series of the edgewise tip
displacement, (b) time series of the rotational angle of the roller.

controlled system is even increased. This can be explained by the time series of the rotational angle of the roller illustrated in
Fig. 14(b). The strong turbulence enforces the roller to perform 3 clockwise full rotations of a magnitude 2z at t=190 and 2
clockwise full rotations at t=210. As seen, the reestablishment of the damping effect on the blade requires almost one minute
after the roller starts to move forth and back again around the equilibrium position. It should be noted that due to the symmetry
of the roller damper about its center, both clockwise and counterclockwise full rotations can take place, depending on the
vibration of the blade and hence the turbulence field applied to the rotor. Since the turbulence is stochastic, the direction of the
full rotational is also random. The results in Fig. 14 correspond to the turbulence field used in that specific simulation. Using
different realizations of the turbulence field, the roller may have counterclockwise full rotations. Obviously, such full rotations of
the roller are unfavorable for control of edgewise vibrations. In reality, a turbulence intensity of 0.35 might be encountered when
a wind turbine is placed in the wake of other wind turbines. In such situations, the control efficiency of the roller damper is
expected to be reduced compared with the cases when I is less than 0.35.

Further, for some combinations of blade properties and operational conditions, the sum of the structural damping and
the aerodynamic damping becomes negative, and aeroelastic instability may take place in the edgewise direction. In this
case, the blade vibrates at the first edgewise eigenfrequency with exponentially increasing amplitude. Since the vibrational
energy is completely concentrated in the first edgewise mode, the roller damper which is tuned to this frequency will
effectively add damping into this mode, resulting in a more stable system.

4.3. Evaluation by the 13-DOF aeroelastic wind turbine model
To verify the applicability of the decoupled optimization and the control effect of the damper in highly coupled wind

turbine systems, the optimized damper is incorporated into the 13-DOF aeroelastic wind turbine model. For each blade, a
roller damper is mounted at the position of xo = 45 m. Therefore, a 16-DOF system is obtained for the wind turbine with totally
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Table 3

Effects of the roller damper on other degrees of freedom (std: standard deviation).
Cases qq (m) q7 (m) gs (m) q4, (rad/s) Pitch angle (rad)
std without damper 0.9732 0.0759 0.0145 0.0149 0.04519
std with damper 0.9738 0.0760 0.0143 0.0147 0.04522

three roller dampers installed. Rewriting the equations of motion in the state vector form and including the
first-order differential equation of the pitch controller, the dynamics of the system is described by a 33-dimensional state
vector. Again, this can be solved by the fourth-order Runge-Kutta method. Fig. 15 shows the edgewise vibration in blade 1
obtained from the 16-DOF model, with the same damper parameters and the same turbulence field as used in Fig. 11. It is shown
from Fig. 15(a) that the optimized roller damper effectively mitigates the blade edgewise vibration. The maximum edgewise tip
displacement is reduced from 0.751 m to 0.628 m (reduced by 16.38 percent), and the standard deviation is reduced from
0138 m to 0.099 m (reduced by 28.26 percent). Similar to Fig. 11(b), Fig. 15(b) shows that the frequency component
corresponding to eigenvibration of the blade is significantly reduced by the damper, whereas the frequency component related
to €2 is unaffected. Comparing with the results obtained from the 2-DOF model as illustrated in Fig. 11, the control effect of the
roller damper is slightly reduced when it is incorporated into the highly coupled 13-DOF model. This is because the couplings of
blade edgewise vibration to other degrees of freedom cause a transfer of mechanical energy from edgewise vibration to other
vibrational modes, resulting in a slightly reduced damping efficiency of the damper. Nevertheless, the roller damper with
parameters optimized from the reduced 2-DOF model could achieve equally promising performance on the highly coupled 13-
DOF model. Similar results have also been obtained for edgewise vibrations in the other two blades.

Table 3 shows the effects of the roller damper on other degrees of freedom of the wind turbine system. It can be seen that
the standard deviations of the lateral tower vibration (gg) and the deviation of the rotor rotational speed (q,,) are slightly
reduced when roller dampers are mounted. This is due to the direct coupling from the edgewise vibration to the lateral
tower vibration and the drivetrain torsional vibration, which in turn results in some energy flow from these modes to the
motion of the roller. It is favorable to obtain slightly reduced lateral tower vibrations since aerodynamic damping in this
mode is very low. Further, the blade flap-wise vibration (q,), the fore-aft tower vibration (g-) and the collective pitch angle
are almost unchanged, with negligibly increased standard deviations. Since ¢,(t) is slightly affected by the roller damper,
the pitch controller produces slightly different pitch angles as feedback from qq,(t). Due to the dependence of the
aerodynamic loads on the pitch angle, q;(t) and g,(t) are also insignificantly affected although there is no direct coupling
between these two modes with the edgewise vibration.

5. Concluding remarks

This paper investigated the performance of roller dampers for mitigation of edgewise vibrations in rotating wind turbine
blades. A reduced 2-DOF nonlinear model based on an analytical dynamic formulation has been established for a rotating
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blade equipped with a roller damper. The blade is modeled as a rotating cantilever beam using data from the NREL 5-MW
baseline wind turbine, and the coupling with other degrees of freedom in the wind turbine system is ignored. To ease the
derivation of the equations of motion, the roller damper is represented by an equivalent mathematical pendulum, which
possesses the same kinetic and potential energy as the roller damper. The optimization of the damper parameters has been
carried out on this 2-DOF model, with the modal loads obtained from a more sophisticated 13-DOF aeroelastic wind turbine
model subjected to a 3-dimensional turbulence field.

Optimal parameters have been determined for the roller damper with different mass ratios by minimizing the standard
deviation of the controlled response. Extensive parametric studies are presented to evaluate the influence of various system
parameters, such as mass ratio, frequency ratio, friction coefficient and mounting position of the damper. The results reveal
that better performance of the roller damper can be obtained by increasing the mass ratio and mounting the damper closer
to tip. Variations of the frequency ratio and the friction coefficient have significant effect on the control effect. However, the
performance of the damper becomes less sensitive to the friction coefficient when the value of 4 is set to be larger than 0.02.
It is shown that a roller damper with a mass of 26 kg can significantly attenuate edgewise blade vibrations, when it is
properly tuned and is placed at outer part along the blade. This kind of damper performs well in operational wind turbines
with a cut-in wind speed of 3 m s~ (the pitch controller is turned off) and a cut-of speed of 25 m s~ . Robust control effect
of the damper is observed in suppressing edgewise vibrations as long as the turbulence intensity is less than 0.35. However,
stronger turbulence as encountered in the wake of other wind turbines may enforce the roller to perform full rotations in a
short time, resulting in a poor control effect during a certain succeeding transient time intervals.

Further, the roller damper with optimal parameters has been incorporated into the 13-DOF aeroelastic wind turbine
model to verify the decoupled optimization. Simulation results show that the optimized damper performs almost equally
well in the highly coupled wind turbine model as in the reduced 2-DOF model. The slight reduction in the control effect is
attributed to the energy flow between the blade edgewise vibration with other degrees of freedom of the highly coupled
system. In conclusion, the proposed roller damper and the 2-DOF reduced model for parametric optimization are promising
for practical use in wind energy industries.
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SUMMARY

Edgewise vibrations in wind turbine blades are lightly damped, and large amplitude vibrations induced by the
turbulence may significantly shorten the fatigue life of the blade. This paper investigates the performance of tuned
liquid column dampers (TLCDs) for mitigating edgewise vibrations in rotating wind turbine blades. Normally, the
centrifugal acceleration at the outboard portion of a rotating blade can reach to a magnitude of 7-8 g, which makes
it possible to use a TLCD with a very small mass for suppressing edgewise vibrations effectively. The parameters
of the TLCD to be optimized are the mounting position, the mass ratio, the geometries, and the head loss coeffi-
cient of the damper. Based on a reduced 2-DOF nonlinear model developed by the authors, the optimization of
these parameters are carried out by minimizing the standard deviation of the edgewise tip displacement, with
the consideration of both the space limitation inside the blade and the constraint of the liquid motion. The edgewise
modal load for the 2-DOF model has been calculated from a more sophisticated 13-DOF aeroelastic wind turbine
model, which includes the coupling of the blade-tower-drivetrain vibration and the aerodynamic damping pre-
sented in different modes. Various turbulence intensities and rotational speeds of the rotor have been considered
to evaluate the performance of the TLCD. Further, the optimized damper is incorporated into the 13-DOF model
to verify the application of the decoupled optimization. The investigation shows promising results for the use of
the TLCD in mitigating edgewise vibrations in wind turbine blades. Copyright © 2014 John Wiley & Sons, Ltd.
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1. INTRODUCTION

Recent developments in the wind energy industry aim at obtaining more economic and productive
configurations in order to compete in the energy sector. As a result, modern multi-megawatt wind
turbines are designed with increasingly larger rotors to capture more energy throughout their lifetime
and to reduce the cost of energy. As the size of the rotor increases, the stiffness of the blades is not
proportionally increased. These slender and flexible blades exhibit high susceptibility to wind-induced
vibrations, which may significantly shorten the fatigue life of the blade and reduce the efficiency of
wind energy conversion to electrical power.

Normally, the modes of vibration in the blades are classified as flap-wise and edgewise modes. Flap-
wise vibrations are vibrations out of the plane of the rotating rotor, whereas edgewise vibrations take
place in the rotor plane. In operational conditions, flap-wise vibrations are highly damped because of
the strong aerodynamic damping as long as the boundary layer on the back side of the profile is
attached [1]. Hence, the out-of-plane motions merely turn out to be quasi-static responses to the turbulent
wind. In contrast, edgewise vibrations are associated with much smaller aerodynamic damping [1,2],
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"E-mail: zlz@civil.aau.dk; zzl_1116@126.com
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which gives rise to the increased dynamic responses and fatigue damage. Further, the edgewise vibrations
will increase the fluctuations of the generator torque, and hence the quality of the generated power. There
is also a possibility of aeroelastic instability in the edgewise direction for some combinations of blade
properties and operational conditions, especially for high performance wind turbines operating close to
stall [1,3]. This corresponds to the case in which the aerodynamic loadings pump energy into the
vibrational mode in the edgewise direction, and the sum of the structural damping and the aerodynamic
damping becomes negative [4]. For these reasons, the suppression of excessive edgewise vibrations has
become a vital design consideration to protect wind turbine blades from the fatigue damage during the
design period and to improve their overall performance.

The use of passive, semi-active, and active control devices has been extensively investigated for
controlling structural vibrations and protecting structures from the damage effect of the environment
[5]. In recent years, structural control technologies are being increasingly investigated for application
in wind turbines. For wind turbine towers, several kinds of passive dampers have been studied to
suppress the vibrations induced by the wind and wave loads [6-8]. Investigations regarding the miti-
gation of blade vibrations are mainly focused on the semi-active and active control solutions. Arrigan
et al. [9] proposed a semi-active tuned mass damper (TMD) for the control of flap-wise vibrations in
wind turbine blades, although the modal damping in this direction is already very high because of
the aerodynamic damping. Active TMDs have also been studied for mitigating edgewise vibrations,
and the active TMD achieves greater response reductions than the passive counterpart [10]. Krenk
et al. [11] proposed an active strut mounted near the root of each blade for suppressing blade vibra-
tions. The active control concept developed in this research is based on resonant interaction between
the rotor and the controller, which is inspired by the concept of TMDs. Staino et al. [12] presented
the use of active tendons mounted inside each blade for active control of edgewise vibrations. The
controller allows a variable control force to be applied in the edgewise direction, and the control forces
are manipulated according to a prescribed control law. Recently, Zhang er al. [13] investigated the
performance of a passive roller damper equipped inside a rotating blade. Because of the large centrif-
ugal acceleration of the rotating blade, it was shown that a roller damper with a very small mass ratio
could effectively mitigate edgewise vibrations in different working conditions of the wind turbine.

Tuned liquid column damper (TLCD) imparts external damping to a structure through the inertial
force of an oscillating liquid column in a U-shaped container [14]. Energy of the liquid column is
dissipated when the liquid passes through an orifice opening in the middle of the horizontal tube.
The TLCD has several advantages over other damping devices including its low cost, easy installation
and maintenance, easy adjustment of damper geometry to the target frequency, and controllable
damping property by the orifice opening. A number of studies [15-17] have shown that a properly
tuned TLCD could significantly reduce structural responses under wind and earthquake excitations.
Investigation has also been carried out for comparing the performance of TLCDs with TMDs, and it
was concluded that TLCDs were as effective as TMDs in damping structural vibrations [18]. Lee
et al. [19] investigated the TLCD in reducing the wave-induced vibrations of the floating platform
system. Both the analytical and experimental results show promising performance of the TLCD when
it is accurately tuned. More recently, Colwell and Basu [7] carried out a thorough theoretical study on
the performance of a TLCD for vibration control of offshore wind turbine towers and observed that a
single TLCD could reduce the tower displacement by up to 55%.

In this paper, TLCDs are proposed for mitigation of edgewise vibrations in rotating wind turbine
blades. In the case of the building or tower vibrations, the oscillation of the liquid column and thus
the control effect of the TLCD are governed by the gravitational acceleration g. For the rotating blade,
the corresponding control effect is governed by the centrifugal acceleration, which can reach to a
magnitude of 7-8 g for the outboard portion of a 65-m-long blade. This makes it possible to use the
TLCD with a rather small mass for effectively suppressing edgewise vibrations. The focus of this paper
is to present a comprehensive theoretical study on the performance of TLCDs in mitigating blade
edgewise vibrations. A reduced 2-DOF nonlinear model is established for a rotating blade equipped
with a TLCD, ignoring couplings between the edgewise vibration with lateral tower and drivetrain
vibrations. The parameters of the TLCD to be optimized are the mass ratio, the tuning ratio, the head
loss coefficient, the cross-sectional area ratio (vertical/horizontal), and the horizontal length ratio.
Parametric studies have been carried out on the 2-DOF model, with the turbulence induced modal
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loads obtained from a more sophisticated 13-DOF aeroelastic wind turbine model subjected to a three-
dimensional turbulence field. Different turbulence intensities and rotational speeds of the rotor have
been considered to evaluate the performance of both the passive TLCD with fixed orifice area and
the TLCD with varying head loss coefficient. Finally, the optimized damper is incorporated into the
13-DOF model to validate the application of the decoupled optimization as well as the control effect
of the TLCD in the highly coupled wind turbine system.

2. AEROELASTIC MODEL OF THE WIND TURBINE SYSTEM

In this section, a 13-DOF aeroelastic wind turbine model is presented. The indicated model displays sev-
eral important characteristics of a wind turbine, including time-dependent system matrices, coupled tower-
blades-drivetrain vibrations, and nonlinear aeroelasticity. Figure 1 shows a schematic representation of the
wind turbine model with definitions of the coordinate systems and the degrees of freedom. The motion of
the tower is described in a fixed, global (X;,X>,X3)-coordinate, while the motion of each blade is
described in a moving, local (xy, x,, x3)-coordinate system with origin at the center of the hub. The X;-
and x;-axis are unidirectional to the mean wind velocity. The X3-axis is vertical, and the x3-axis is placed
along the undeformed blade axis orientated from the hub toward the blade tip. Assuming a constant
rotational speed Q for the rotation of each blade, the position of the local coordinated system attached
to blade j is specified by the azimuthal angle W(¢), given by the following equation:

W)=t (- 1),j=1,2,3 )

which is positive when rotating clockwise as observed from an upwind position.

Each blade is modeled as a Bernoulli-Euler beam with variable mass per unit length and variable
bending stiffness in the flap-wise and edgewise directions. The flap-wise and edgewise motions of
the three blades are modeled by the degrees of freedom ¢,(#) and g;,3(2),j=1,2,3, indicating the tip

qa(?)
LS,
qn(t)
X1
q71(t) —
i t
e q9(1)
qs()
q2(0)
qs(1)
X3 X34
X
V{Xl & L Xy

Figure 1. 13-DOF aeroelastic model of three bladed wind turbine. Definition of fixed and moving frames of
reference and the degrees of freedom ¢,(?), ..., g11(f).
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displacement in the positive x;-direction and the negative x,-direction, respectively. The related at-
tached modes are taken as the undamped fundamental eigenmodes ®(x3) and ®.(x3) in the flap-wise
and edgewise directions, when the blade is fixed at the hub. Because of the definition of g;(#) and
q;+3(1), these modes must be normalized to 1 at the tip, ®y(Lg)=D.(Lg)=1, where Ly denotes the
length of the blade.

The tower motion is defined by the translational degrees of freedom g-(7) and gg(7) in the global X;-
and X,-directions, and the rotational degrees of freedom go(?), g10(f), ¢11(?) in the global X;-, X»-, and
X;-directions. The height of the tower from the base to the nacelle is denoted £, and the horizontal dis-
tance from the center of the tower top to the origin of the moving coordinate systems is denoted s.

The drivetrain is modeled by the degrees of freedom ¢;,(7) and ¢;5(7) as shown in Figure 2. The sign
definition applies to a gearbox with odd number of stages. g»(f) and g;5(7) indicate the deviations of
the rotational angles at the hub and the generator from the nominal rotational angles Qf and NQt,
respectively, where N is the gear ratio. Correspondingly, ¢,,(¢) and §,5(¢) are the deviations of the
rotational speeds at the hub and the generator from the nominal values. In case of even number of
stages, the sign definitions for g;3(¢) and fi3(¢) are considered positive in the opposite direction. J,
and J, denote the mass moment of inertia of the rotor and the generator, and k. and k, denote
the St. Venant torsional stiffness of the rotor shaft and the generator shaft.

Further, a full-span collective pitch controller is included with time delay modeled by a first-order
filter. The pitch demand is modeled by a PI controller [20] with feedback from g1,(r) and ¢,(7). A
gain-scheduled PI controller is used for this model, that is, the controller gains are dependent on the
blade pitch angle [21]. The blade element momentum method with Prandtl’s tip loss factor and
Glauert’s correction for large axial induction coefficients is adopted to calculate aerodynamic forces
along the blade [22]. Nonlinear quasi-static aeroelasticity is considered by introducing the local defor-
mation velocities of the blade into the calculation of the flow angle and the angle of attack. As a result,
this model possesses high aerodynamic damping in the blade flap-wise and the fore-aft tower vibra-
tions, but relatively low aerodynamic damping in the blade edgewise and the lateral tower vibrations.

3. THEORETICAL MODEL FOR THE BLADE-TLCD SYSTEM

The 13-DOF wind turbine model displays a highly coupled dynamical system. The couplings of the
blade edgewise vibration to the lateral tower vibration and the drivetrain torsional vibration will
influence the motion of the liquid inside the U-shaped container. Because the focus of this study is
on the interaction between the TLCD and the blade as well as the control efficiency of the TLCD on
edgewise vibrations, the basic assumption in the following theory is that the influence from the tower
and drivetrain motions can be ignored. Therefore, the analysis and tuning of the damper is totally based
on the local dynamics of the rotating blade. The feasibility of this assumption will be later evaluated by
the 13-DOF model.

3.1. Definition of the problem

In the following, only blade j=1 is considered because all three blades behave identical with the same
geometrical and structural parameters. Consequently, all the subscripts j representing different blades

Generator sha

q13(0) 130

Fia0) 4ia(0) ‘ Rotor of generator
e C------o Si3(0)
tator of generator
J, ko
.
’\’ ‘Rolor shaft

Figure 2. 2-DOF model of the flexible drivetrain with odd number of gear stages. Definition of degrees of freedom
q12(t) and qy3(0).
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can be skipped, that is, g3, (f)=q(t), ¥;(1)="Y(). Figure 3 shows the schematic representation of a
rotating blade equipped with a TLCD. The edgewise vibration of the blade is described by the local
degree of freedom ¢() representing the tip displacement in the negative x,-direction. Hence, the local
edgewise displacement field u(x3, 7) of the rotating blade in the positive x,-direction can be described
by q(t) as

up(x3,1) = —D(x3)q(t) 2

where ®@(x;) = D,(x3) is the fundamental edgewise eigenmode of the blade, which is normalized to 1 at
the tip.

Assuming the TLCD to be mounted at the coordinate x3 = x, the local displacement and rotation of
the blade at this position with the sign definition in Figure 3 are given by

uz(x0,7) = —aq(t)
3)
o(1) = bq(1)
where the auxiliary parameters a and b have been introduced: a = ®(xy), b =D’ (xp). Further, the mass per
unit length and the edgewise bending stiffness of each blade are denoted u(x3) and El(x3), respectively.

3.2. Modeling of the TLCD

As shown in Figure 4, the TLCD considered in this paper is composed of a U-shaped tube with an
orifice installed at the center O of the horizontal tube. Because the U-shaped container is mounted inside
arotating blade with a changing azimuthal angle, it should be manufactured in a closed form to prevent the
liquid from leaking out of the tube. In this case, an extra slim tube connecting two vertical tubes is fixed in
order to balance the pressure above the liquid column during oscillation. The cross-sectional area of the
TLCD can be non-uniform, where the vertical and horizontal column cross-sectional areas are denoted
as A and Ay, respectively. The density, the horizontal width, the vertical height, and the overall length
of the liquid inside the TLCD are represented by p, H, B, and L, respectively, where L=2H + B. Thus,
the overall mass of the liquid inside the TLCD can be calculated as

m = p(2HA + BAy) )

The displacements of the liquid in the vertical and horizontal tube are defined as v(¢) and v(t), respec-
tively. Assuming the liquid to be incompressible, the continuity of liquid motion indicates that the liquid
velocities at different locations have the following relationship:

(DA =v(A = v(t) = av(r) 5)

where a=A/Ag is the area ratio.

X2

Figure 3. A rotating blade equipped with a tuned liquid column damper.
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X3

» A

V(0
Figure 4. Geometry of the U-shaped tuned liquid column damper.

In order to describe the liquid motion v(¢) relative to the U-shaped tube inside the rotating blade, a
moving (y,, y3)-coordinate system fixed to the damper has been introduced. The origin of this coordi-
nate system is fixed at O, and the y;-axis is placed on the symmetry line of the damper, resulting in a
time-varying angle 6(t) between the y;- and the global X5-axis (Figure 4) as given by

0() = Y¥(1) + o(t) = Qi + bq(1) ©®)

Further, describing the velocity vector of the point O in the moving (y,, y3)-coordinate system, the
resulting velocities v, () and v3(¢) of O in the y,- and y;-direction can be expressed as

i (t) = —(x'¥ (1) + ag(n))cos g (1) = —(Qxo + ag(r))cos(bq (1)) } o

v3(1) = (x0(1) + ag(r))sin (1) = (o + aq(r))sin(bg(r))

Therefore, the kinetic and potential energy of the liquid inside the container can be obtained as

0 0
1 . A S A 1 . AT S B
T, = EPA (2 —y30)" + (3 +7— 539 dy, + EPA (b —y30)" + (5 — v+ 539 dy,
—(H-v) —(H+v)
B/2
1 . . . .\2
+5P4 I ((Vz +90)° + (i3 +,0) )d)’z
B2

.2
= pA {(m + 3Hv2)% + (H? +?) 00, + %H(M% + 4%+ (20 = BD)") —v(20 - Bi;)vg}

1 L . 2
+ﬁpAoB(12(vo +90) + 1202 + B2 )
®)
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1 1
Uy = mg(xocos¥ — ag sin¥?) — pAvg <_§(2H —v)cos O — EBsin 0)
1 1. ©)
+ pAvg _E(ZH -+ v)cos 6 + EBsm 0

= mg(xocos¥ — ag sin¥) + pAvg(—vcos 6 + Bsin )

where g denotes the gravitational acceleration.

3.3. Equations of motion

The velocity components of the blade in the moving (x,, x3)-coordinate system are given by

i (23, 1) = — Qs — D(x3)4(1) } (10)
i3 (X3, t) = —Q(D(X3)q(l)
Thus, the kinetic energy of the primary structure becomes
1. i) i)
T,= 3 Io/l(x3)<”z()637 1)+ i5(x3, f))dx3
C3Y)]

1 1
=5 (@ +Q¢) +mQq + Eﬂzmz

where my = Jgﬂ(X3)®2(x3)dx3 is the modal mass of the blade. Further, m; = Ié,u(x3)(D(x3)x3dx3,
L
my = ,[0 ,Lt()@)x%d)@.
The potential energy (strain energy) of the primary structure can be written as

1
Up = 5ko(1)q’ (12)

where ky(7) denotes the modal stiffness of the primary structure including the elastic and geometric
contributions:

ko(t) = ko + k1 Q% — kogcos(Qr) (13)

k. is the elastic stiffness of the blade without geometrical contributions. The second term indicates the
geometrical stiffening due to the centrifugal acceleration. The last term indicates the geometrical
softening caused by the variation of the axial force during rotating due to the weight of the blade.
The parameters k., k;, and k, are given by

L 2 2
d q)(X3)
kg = J‘O EI(X3) < dx% > dX3

ki = I:N1(x3)(d3i;€3))2dx3 . Ni(x) = I:y(y3)y3dy3 (14)
ky = J-zNz(xz) (d(I;)(st)>2dx3 . Na(xs) = Jiﬂ(y-«,)d)@

3 X:

The fundamental edgewise circular eigenfrequency of a static blade can be calculated using the fol-
lowing equation:

Oy = \/ke/m() (15)
From Equations (8) and (11), the total kinetic energy of the 2-DOF blade-TLCD system is given by
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1 . 1
T=T,+T;= Mo (qz + QZqZ) +mQq + Eszz

+pA

22
(1 + 3Hv2)% + (H? + )i + %H<4\>§ + 402+ (20— BO)”) — (20 — B) 4 (16)

1 .
+ﬂpAoB(12(izo Fin)? 1202 + 3292>
The total potential energy of the system follows from Equations (9) and (12) is given by

U=U,+U,

1

a7
=5 kog? + mg(xocos ¥ — ag sin¥) + pAvg(—vcos 6 + Bsin 6)

Based on the kinetic and potential energy presented in Equations (16) and (17), the equations of
motion of this 2-DOF system can be obtained from the Euler-Lagrange equations [23]:
B R U ACET A
Mg + msv 4 cog + 2mgvv + m7(2vvg +v2§) + (ko — moﬂz)q
+kivcos(Qt + bq) + kav?sin(Qt + bg) — mga sin(Qf)+
sin bg[—(bmg + ma3) — (bmg + mag)g — (bmyg — my3 + mas)v — (bmyy + my7)v? (18)

—maed® + mysi* + SMabq + miavg + misvi — (bmi + mog) VG — magv? ] +
CcoS bq[mgq + mloi} + (bm13 — mlg)V + (bm14 — mzo)vi]
+(2my1 + bmys — mog)vi + mipvig — mapvy® + mipvg) = fo(q,1) + £,(1)
ai\av) “av oy - cliolio =
msi + migh + cqo? [PV 4 (—m3o)v — 2mevg — myvip® + kasin(Qt + bg) + kyvcos(Qt + bg)

d <6T> or ou

. . A .
+sin bg {*(bmn +m3p) — (bmyg 4+ my3)q + (mig — myo)V — 5"114(]2 + mysvg

—+cos bq [mwi} + (bmlg — m31)v + (bm15 — 2m11)vi] — mlquﬂ =0
19

where the constant parameters m4 — ms, and k3 — kg have been defined in Appendix A. f((g, t) denotes
the wind-induced modal load on the primary structure, taking the aerodynamic damping into consi-
deration. f,(f) denotes the modal load from gravity expressed as

Fo(t) = sin qf(t)f: 1(33)g® (3 )doxs = magsin(Q) 20)

where mj3 = fé,u()q)(l)()q )dx3.

co=2{omow, indicates the modal damping coefficient of the primary structure, where { is the corre-
sponding modal damping ratio. ¢, is the damping coefficient of the TLCD, indicating the energy dis-
sipation due to the passage of liquid through an orifice, as specified in the following form:

1
= if p Ay ey
where ¢ is the head loss coefficient governed by the opening ratio of the orifice placed at O.

By setting ¢(f) =0 and assuming small values of 6(7), the circular frequency w, of the TLCD can be
obtained from Equation (19) as
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o) — —ms3p — M3y _ Z(XO—H)Q: ZXO—L(] —y)Q (22)
¢ mie 2H + aB L+ (a— 1yl

where the horizontal length ratio y is defined as

=z (23)

Further, the mass ratio ¢ and the tuning ratio y are introduced as design parameters, defined as

m (OF]

= = 24
m’ X o (24)

It is shown from Equation (22) that the liquid motion is dominated by the centrifugal acceleration
xoQ2, which is much larger than g if x, is large enough. Normally, the TLCD should be devised such
that y ~ 1. Because the rated rotational speed € is known for the wind turbine, the tuning of the TLCD
can be achieved by adjusting L when x, y, and a are specified. Next, for given values of L, u, y and a,
B, H, A, A can also be determined, thus fixing the geometries of the TLCD. Parametric studies of xq, u,
7, and a on the control efficiency of TLCD will be carried out in the following section, which provides
a guideline for choosing the values of xo, u, y, and a reasonably.

As a measure of the efficiency of the damper, the reduction ratio # is defined as

=Je0" % (25)
040
where o, and o, are the standard deviations of the edgewise tip displacements of the blade with and
without the TLCD, respectively. The optimal parameters of the TLCD can be found by maximizing the
reduction ratio.

4. RESULTS AND DISCUSSIONS

In the numerical simulations carried out for the present study, data from the NREL 5-MW reference
wind turbine have been used to calibrate the 13-DOF and the 2-DOF models. In both models, each
blade has a length of 63 m and an overall mass of 17740kg, with the fundamental edgewise modal
shape, the bending stiffness, and the mass per unit length provided in [21]. Eight different airfoil
profiles are employed for the blade from the hub to the tip, the lift and drag coefficients of which
are obtained from wind tunnel test [21].

Based on Taylor’s hypothesis of frozen turbulence [24] together with the first-order AR model [11],
a three-dimensional rotational sampled turbulence field has been generated with specified mean
wind speed V,, and turbulence intensity /. Applying this turbulence field to the rotor of the
13-DOF model, the edgewise modal load can be obtained for each blade. The calculated modal
load f(g,1) is applied to the 2-DOF, based on which the optimization and parametric studies
of the TLCD are performed.

4.1. Optimization procedure

The basic parameters employed in the 2-DOF blade-TLCD model are presented in Table I. Although
procedures for design of efficient TLCD are known for linear system [25], they may not be exactly

Table I. Parameters used in the 2-DOF model.

Parameter Value Unit Parameter Value Unit
Ly 63 m k 2.09-10° kg
o 1.41-10° kg k 47.25 kg/m
k. 6.62- 10" N/m Q 1.267 s !
w, 6.85 s ! g 9.81 m/s®
Co 0.005 — p 1.0-10° kg/m®
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applicable in the present problem considered. Because of the nonlinearity of Equations (18) and (19), it
is difficult to obtain an analytical solution for the optimal damper parameters. However, they may be
obtained by numerical search, where various combinations of damper parameters are investigated in
a systematic manner until the best combination that maximizes the reduction ratio 7 is reached. In each
numerical simulation, the fourth-order Runge—Kutta method has been used to solve the nonlinear
differential equations of the 2-DOF system with a time step of 0.02s.

The parameters of the TLCD to be determined during the design procedure are the mounting position
Xo, the mass ratio u, the horizontal length ratio y, the area ratio a, the tuning ratio y, and the head loss
coefficient ¢. Because the damping effect of the oscillating liquid on the structure is governed by the
centrifugal acceleration x>, better control performance can be achieved by equipping the TLCD closer
to the blade tip. However, the available space inside the hollow blade is diminishing toward the tip,
making the determination of x, a tradeoff problem. In the following optimization procedure, x is set to
be 55m, corresponding to approximately 7/8 of the total blade length. The effect of various values of
Xo on the control efficiency of the TLCD will be investigated later as well. With a fixed value of x,, we
first search for the optimal values of y and &, while y, y, a are assigned certain values. By specifying
different values to u, y, and o, one can determine the effect of each parameter on the optimal tuning ratio,
the optimal head loss coefficient, and the system response. Four sets of mass ratios are considered in the
optimization, that is, #=0.02, 0.03, 0.04, 0.05. With the modal mass m= 1412 kg, the liquid mass will
vary between 28.24 and 70.6 kg, corresponding to 0.16-0.40% of the overall mass of each blade. The
choices of y and a have a significant influence on the geometries of the TLCD and should be decided
according to the available space inside the blade. In the present study, three different values of y and three
different values of a have been taken into consideration, that is, y=0.5, 0.6, 0.7 and a =1, 1.5, 2.

It should be noted that the optimization has been conducted with the constraint that the maximum
displacement of the liquid v,, in the vertical tube should not exceed the vertical height of the liquid column
H, that is, v,, < H, so that the fluid remains in the vertical portions of the U-shaped tube at all times.

4.2. Parametric study of the TLCD

Table II gives the values of optimal tuning ratio y,,,, optimal head loss coefficient &, reduction ratio
of the optimized TLCD, and the ratio of maximum liquid response to the vertical length of the liquid

Table II. Optimal parameters of the tuned liquid column damper and their effects on system responses, Vo= 15 m/s,

1=0.1, xg=55m.
4 Y Hopt Copr 11 (%) vlH B (m) Xopt Sopr 11 (%) va/H B (m)
1n=2% n=3%
1 0.5 1.000 14 24.97 0.974 1.833 0.998 22 26.80 0.761 1.860

0.6 0.998 2.7 26.55 0.998 2.239 0.990 29 28.88 0.909 2273
0.7 0.998 7.0 25.09 0.996 2.622 0.982 5.7 29.98 0.999 2.701
1.5 0.5 1.000 1.2 24.65 0.991 1.471 0.998 1.7 26.49 0.785 1.493
0.6 0.998 2.4 26.02 0.990 1.728 0.990 2.4 28.59 0.922 1.754
0.7 0.998 6.3 24.55 0.994 1.947 0.982 52 29.51 0.997 2.006
2 0.5 1.000 1.1 24.01 0.988 1.229 0.998 1.4 25.98 0.821 1.247
0.6 0.998 22 25.25 0.997 1.407 0.990 2.0 28.12 0.958 1.428
0.7 0.998 59 23.67 0.999 1.549 0.982 5.0 28.72 0.998 1.596

u=4% u=5%
1 0.5 0.990 3.0 2791 0.653 1.888 0.982 3.7 28.69 0.592 1.916
0.6 0.982 39 30.07 0.786 2.310 0.975 4.9 31.00 0.695 2.342
0.7 0.975 5.0 31.99 0.989 2.743 0.960 59 33.14 0.918 2.828
1.5 0.5 0.990 23 27.59 0.671 1.515 0.982 2.9 28.35 0.606 1.538
0.6 0.982 32 29.76 0.804 1.781 0.975 4.0 30.66 0.712 1.808
0.7 0.975 4.4 31.69 0.998 2.037 0.960 5.1 32.80 0.929 2.101
2 0.5 0.990 1.9 27.05 0.691 1.266 0.982 2.3 27.79 0.640 1.285
0.6 0.982 2.7 29.26 0.837 1.450 0.975 3.4 30.11 0.740 1.472
0.7 0.975 43 31.15 0.999 1.620 0.960 4.5 32.27 0.956 1.645
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column. The horizontal length B for each case is also presented in Table II to check the possibility of
equipping the TLCD inside the blade.
From Table II, there are five observations to be made:

®

(i)

(iif)

(iv)

v)

As the mass ratio x4 increases with the values of o and y unchanged, the reduction ratio 5
increases but the value of v,/H decreases, indicating that a TLCD with a larger mass can
achieve higher efficiency with a lower liquid peak response. The horizontal length B increases
slightly as u increases because of the increased volume of the liquid.

The optimal tuning ratio and the optimal head loss coefficient highly depend on other
parameters of the TLCD. ,,,, decreases as u and y increases, whereas the variation of « has
no effect on y,,. ¢,p, increases as y increases and diminishes as « increases. The variation
of u has no clear effect on &,,,. As will be shown later, the turbulence intensity also has a
significant influence on &,

For u=3%, 4 %, 5 %, better control performance of the TLCD can be obtained by increasing
y. This is because the mass of the horizontal part of liquid is the only effective mass of TLCD
acting on the structure, and a damper with a higher value of y has a more effective liquid mass.
However, both v,,/H and B increase monotonously with y. Therefore, y should be limited by
the constraint v,, < H and the space restriction inside the blade.

For u=2 %, n decreases as y increases from 0.6 to 0.7 even though the mass of the horizontal
liquid column (effective mass) becomes bigger. The reason is that v,,/H tends to be relatively
large for TLCD with a small liquid mass, especially when y=0.7. In this case, &, should be
large enough in order that the constrain v,, < H is fulfilled, which results in the fact that 7 is
even smaller compared to the case of y=0.6. Therefore, when x is small and y is large, the
constraint v,, < H becomes a decisive factor for £,,, as well as the control efficiency of TLCD.
An increase in o leads to a shortening of the total length of the liquid L as well as the
horizontal length B, but to a slightly reduced control efficiency of the TLCD as revealed
by #. This characteristic is meaningful for applying TLCD into the wind turbine blades where
the available horizontal space in the vicinity of the tip is rather limited. The installation of TLCD
can be realized by choosing a reasonably large a, at the expense of slightly reduced mitigation
effect.

Figure 5 shows the influence of the mounting position of the TLCD on its control performance.
Optimal values of tuning ratio and head loss coefficient have been used for each combination of x,
U, o, and y. The results in Figure 5(a) correspond to the case when the space restriction inside the blade
is not considered, that is, the horizontal length B and thus the selection of a and y are not limited by the
available horizontal space inside the hollow blade. As expected, it is shown that a TLCD mounted
closer to the tip suppresses the edgewise vibration more efficiently because of the increased centrifugal
acceleration. Again, one can observe that the increase of the TLCD mass provides a better control
performance, but the increase of the reduction ratio is not proportional to the increase of the mass ratio.

@40 0)
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6= =003 25
88 o =004
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Figure 5. Influence of the damper position on the reduction ratio, Vo=15ms™ L 1=0.1, Xopr, and &, used in each
case. (a) a and y chosen without consideration of the space restriction inside the blade, (b) a and y chosen

considering the space restriction inside the blade.
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Figure 5(b) shows the corresponding results obtained with consideration of the space restriction inside
the blade, using the geometry of NREL 5-MW wind turbine blade [21]. In the present study, we set the
available horizontal length at different positions along the blade to be 0.8 times the chord length ¢ of
the corresponding cross section [21], resulting in the constraint of B < 0.8¢ when determining the value
of a and y. It can be observed from Figure 5(b) that the control efficiency of TLCD increases monot-
onously until x, reaches 55 m, but decreases as x, increases from 55 to 60 m. This is due to the limita-
tion of horizontal space at the cross section of xo=60m (0.8c equals to 1.4 m for the NREL blade),
which inevitably requires a large value of a and a small value of y. Hence, the control performance
of TLCD is reduced when equipping it at x,=60m even though the centrifugal acceleration is in-
creased. In reality, results in Figure 5(b) should be utilized in the design procedure, indicating that
Xo=>55m is the best mounting position of TLCD for the NREL 5-MW wind turbine.

In order to evaluate the effect of turbulence intensity / on the optimal tuning ratio and head loss
coefficient, various turbulence intensities have been used to generate the wind field for the 13-DOF
model with a constant mean wind speed (V=15 m/s). The modal load f (¢, 7) for the 2-DOF is then
obtained from the 13-DOF model subjected to the generated wind field. From simulation results, it
is observed that I has no influence on the optimal tuning ratio and the value of yp is unchanged when
I is varied. On the other hand, I has a noticeable influence on the optimal head loss coefficient. As
shown in Figure 6, different values of I dictate different values of Cop. Sope is insensitive to I'in the
cases of y=0.5 and 0.6. However, &, increases significantly as I increases from 0.1 to 0.25 when
7=0.7. In this case, {op is dominated by the constraint of v, <H, because the liquid motion tends
to be increased under strong turbulence field and H tends to be small when y is large. Only with large
Copt» the liquid motion can be kept within a certain range to maintain a U-shaped liquid column.

Figure 7 shows the control performance of a TLCD under various turbulence intensities. The results
in Figure 7(a) correspond to the case when a passive TLCD with a fixed head loss coefficient (fixed
orifice) is mounted inside the blade. The constant head loss coefficient is chosen according to
I1=0.25. Hence, the damping property of the TLCD is non-optimal for all turbulence intensities except
for 1=0.25. However, it is seen that the reduction ratio decreases monotonously as / increases from
0.05 to 0.25, and that the mitigation effect of TLCD turns out to be the worst when /=0.25. This is
because the value of &, for /=0.25 is totally governed by the constraint v,, < H, which is at the cost
of a significantly reduced control efficiency. As I decreases, the influence from this constraint on the
control efficiency becomes less significant. Therefore, even though non-optimal head loss coefficient
is used for low turbulence intensities, the TLCD still exhibits better control performance than that
under higher turbulence intensities. Figure 7(b) illustrates the corresponding results when the TLCD
is used with varying optimal head loss coefficients in response to different turbulence intensities as
given in Figure 6. The control efficiency remains almost unchanged in the range of /=0.05 to
I1=0.1, but again decreases monotonously as / increases from 0.1 to 0.25. Comparing the reduction
ratios in Figure 7(a and b), it is observed that the TLCD with varying head loss coefficient exhibits

1
Figure 6. Influence of the turbulence intensity on the optimal head loss coefficient, Vo=15ms™ ! xo=55m,
1=0.03, a=2.
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Figure 7. Behavior of a tuned liquid column damper under various turbulence intensities, Vo=15ms" ! Xo=55m,
u=0.03, a=2. (a) Fixed head loss coefficient chosen according to /=0.25, (b) varying optimal head loss coeffi-
cient for different turbulence intensities.

better mitigation performance than that of the passive TLCD for all turbulence intensities below
I1=0.25. The additional reduction provided by the former ranges from 0.30% to 7.13%.

From the previous observations, it is concluded that the efficiency of the TLCD can be improved if
the head loss coefficient can be semi-actively varied in response to the actual turbulence intensity. This
can be realized by changing the orifice area of the valve through a command voltage [26]. It should
also be noted that the optimal tuning ratio y,,, is unaffected by the turbulence intensity, which means
that the same TLCD with fixed geometry will perform well under all excitation intensities as long as
the area ratio of the orifice/valve is varied adaptively.

4.3. Wind turbine with variable rotational speeds

Figure 8 presents the comparison of the edgewise vibration with and without TLCD when V=15 m/s
and /=0.1, where the same turbulence field has been used for both controlled and uncontrolled cases.
The tuning of the TLCD is based on the rated rotational speed of the wind turbine, that is, Q=1.267
rad/s in the present study. Given xo=55m, x=0.03, a=2, and y=0.7, the optimal tuning ratio and
head loss coefficient used in the simulation are determined as y,,,,=0.982 and ¢,,,=5.0, respectively.
The resulting horizontal length B is 1.596 m, which meets the horizontal space limitation at the cross
section of xp=55m (0.8¢ equals to 1.906 m for the NREL blade).

As shown in Figure 8(a), a TLCD with a mass of 42.36kg significantly mitigates the edgewise
vibration of the blade. The maximum edgewise tip displacement is reduced from 0.550 to 0.440m
(reduced by 20.00%), and the standard deviation is reduced from 0.1147 to 0.0817 m (reduced by
28.72%). The Fourier amplitude spectrum of ¢(7) in Figure 8(b) shows that the TLCD effectively
reduces the peak around 6.85rad/s corresponding to the edgewise eigenvibration of the blade. This
indicates that a properly designed TLCD is able to absorb almost all energy in the fundamental
edgewise mode of the blade. Further, it is noted that all frequencies below 6.85 rad/s are hardly affected
by the damper, including a low peak corresponding to the rated rotational speed (1.267 rad/s). It should
be noted that much more energy is concentrated around the frequency of 6.85 rad/s for the uncontrolled
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Figure 8. Blade edgewise vibrations with and without tuned liquid column damper (TLCD), Vy=15ms™ 1 1=0.1,
Xp=55m, u=0.03, a=2, y=0.7. (a) Time series, (b) Fourier amplitude.
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response because aerodynamic damping is low in the edgewise direction. Therefore, although not
functioning below the edgewise eigenfrequency, a well-designed TLCD still exhibits promising
performance in suppressing edgewise vibrations in a rotating wind turbine blade.

Because the TLCD is optimized according to the rated rotational speed of the rotor, it is of interest to
evaluate its performance when the rotational speed of the rotor is varied, for example, during starting
up or closing down procedures of the wind turbine. With fixed geometries of the TLCD, all the param-
eters are invariable except for the head loss coefficient if the orifice area can be changed semi-actively.
Table III gives the values of £, for various rotational speeds. It is observed that &, increases signif-
icantly as Q decreases from the nominal value (1.267 rad/s) to 0.6 rad/s. As Q decreases further, the
centrifugal acceleration will be overwhelmed by the gravitational acceleration, that is, xoQ* < g,
resulting in malfunctioning of the TLCD and inapplicability of the equations derived in this paper.
The critical value of  can be obtained by balancing the centrifugal acceleration with the gravitational
acceleration, that is, xOer =g>Q., =+/g/x. In the present case, we have Q. =0.422rad/s.
Moreover, even for Q slightly above Q,, the influence of the gravity becomes so large that the U-shaped
liquid column cannot be maintained (the liquid motion turns out to be very drastic). Hence, we set the
lower limit of Q to be 0.6 rad/s for the operational range of the TLCD.

Figure 9 shows the control performance of the TLCD under various rotational speeds of the rotor.
As expected, when Q deviates from the rated value, the control efficiency of the TLCD is drastically
reduced because of the frequency detuning of the damper. Nevertheless, it is observed that the perfor-
mance of the damper can be enhanced by semi-actively varying the head loss coefficient in response to
the change of the rotational speed. As for the passive TLCD with fixed head loss coefficient, the reduc-
tion ratio drops to below 10% for Q < 1.00rad/s. On the other hand, the reduction ratio remains above
10% for all Q between 0.6 and 1.267 rad/s when ¢&,,,, given in Table III are used for different Q. Fur-
ther, it is noted that the control efficiency decreases even faster as  increases from the nominal value,
indicating a more significant frequency detuning when Q > 1.267 rad/s. For modern multi-megawatt
wind turbines, however, the rotational speed of the rotor is limited to the rated value by the pitch
controller. This makes it promising to apply the TLCD in an operating wind turbine, especially the
TLCD with varying head loss coefficients.

4.4. Evaluation by the 13-DOF aeroelastic model

To verify the applicability of the decoupled optimization and the control effect of the TLCD in highly
coupled wind turbine system, the optimized damper is incorporated into the 13-DOF model. For each
blade, a TLCD is mounted at the position of xo=55m. Hence, a 16-DOF system is obtained for the
wind turbine with a total of three TLCDs installed. Figure 10 shows the edgewise vibration in blade
1, with the same damper parameters and the same wind field as used in Figure 8. It is shown from
Figure 10(a) that the damper with parameters optimized from the reduced 2-DOF model effectively mit-
igates the blade edgewise vibration of the highly coupled wind turbine system. The maximum edgewise
tip displacement is reduced from 0.481 to 0.400 m (reduced by 16.84 %), and the standard deviation is
reduced from 0.0895 to 0.0698 m (reduced by 21.94 %). Similar to Figure 8(b), Figure 10(b)
demonstrates that frequency component corresponding to fundamental edgewise mode of the blade is
significantly reduced by the damper, whereas the frequencies below @, are unaffected. Comparing with

Table III. Optimal head loss coefficients for different rotational speeds of the rotor,
Xo=55m, p=0.03, a=2, y=0.7.

Q (rad/s) Eopt Q (rad/s) Eopt
1.40 7.9 0.95 23.5
1.35 4.3 0.90 28.5
1.267 5.0 0.85 32.5
1.20 4.0 0.80 37.0
1.15 6.1 0.75 39.5
1.10 9.0 0.70 43.0
1.05 14.4 0.65 44.0
1.00 18.2 0.60 45.0
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Figure 9. Behavior of the tuned liquid column damper under various rotational speeds of the rotor, Vo=15m/s,
I1=0.1, x9=55m, u=0.03, a=2, y=0.7.
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Figure 10. Blade edgewise vibrations with and without tuned liquid column damper (TLCD), obtained from the
16-DOF model. Vo=15ms~ L 1=0.1, xo=55m, £=0.03, a=2, y=0.7. (a) Time series, (b) Fourier amplitude.

the results obtained from the 2-DOF model as illustrated in Figure 8, the control efficiency of the
TLCD is to some extent reduced when it is incorporated into the highly coupled system. This is
because the couplings of blade edgewise vibration to other degrees of freedom cause a transfer of
mechanical energy from edgewise vibration to other vibrational modes, resulting in a slightly worse
damping performance of the damper. Nevertheless, the TLCD with parameters optimized from the
reduced 2-DOF model is still able to achieve promising control performance on the highly coupled
13-DOF model.

5. CONCLUSIONS

In the present paper, a comprehensive theoretical study has been carried out on the performance
of TLCDs for mitigating edgewise vibrations in wind turbine blades. Parametric studies have been
carried out using a reduced 2-DOF nonlinear model developed by the authors for a rotating blade
equipped with a TLCD. The results reveal that a TLCD with a very small mass can effectively
suppress edgewise vibrations in a rotating wind turbine blade. Better control performance can
be obtained by increasing the liquid mass and equipping the damper closer to the blade tip. How-
ever, the damper mass and the mounting position should be limited according to the installation
capacity and the available space inside the blade. It is also found that increasing the area ratio of
the vertical tube to the horizontal tube can greatly reduce the horizontal width of the TLCD at the
cost of slightly reduced control efficiency, making it possible to mount the damper in the vicinity
of the tip. Further, it is shown that the optimal head loss coefficient is changed with the variation
of turbulence intensity, while the turbulence intensity has no influence on the optimal tuning
ratio. Therefore, the performance of a TLCD with fixed geometries can be improved by
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continuously changing the orifice ratio in response to the actual turbulence intensity. Although the
control effect of the damper is drastically reduced when the rotational speed of the rotor deviates
from the nominal value (e.g., during the starting up or closing down procedure of the wind
turbine), it can be enhanced by semi-actively varying the head loss coefficient according to the
change of the rotational speed. Finally, the optimized damper has been incorporated into the
13-DOF aeroelastic wind turbine model to verify the decoupled optimization. Simulation results
show that the optimized damper achieves promising performance in the highly coupled model.
The slight reduction in the control effect is attributed to the energy flow between the blade edge-
wise vibration and other degrees of freedom specifying the tower and drivetrain motions.

Validation of the performance of the TLCD through testing is to be performed in future research. It
is not feasible to carry out a full-scale experiment of such a system with rotating elements in the lab. A
scaled down model of the system tested in lab conditions will essentially suffer from scale effects, par-
ticularly with respect to the liquid behavior in the damper (e.g., due to viscous effects), and it may be a
challenge to keep appropriate proportion with dynamic similarities for the wind turbine structure and
the damper. One option is to conduct real-time hybrid testing of the system where the liquid damper
is tested physically in full scale and the rest of the wind turbine is simulated. However, such facilities
are not available generally in many labs, with full-scale capability. The authors have plans for imple-
mentation of the system and to conduct experimentation in a real-time hybrid simulation framework in
a lab where such a facility is available.

APPENDIX A

The constant parameters in Equations (18) and (19) are given by

2 1 1
my = mg + = pAD* H® + 5 pAH (4a* + b*B?) + — pAoB(124” + b*B?)

ms = — pA%Hb me = 2 pAHDbSQ .
m; = 2pAHb? mg = —pA(a + bxo)H*Q
my = —2 pAabH? myg = — pAaB
my; = —pA(a + bxo)Q  mp, = —2 pAab
my3 = pA(a + bxg)BQ  mys =2 pAabB
mis = —2pAa ms = pA(2H + aB)
my7; = — pAB Qxy mg = —2pAQx
mio = pABbxoQ? mao = pABb(a + bx)Q (Al
my; = —2pAbxpQ My = pABab2

maysy = pAH?bxoQ?
nps = pABbeQ
mp7 = pAbX()£22

Myg = ,oAab2

ms; = —2pAxoQ?
ks = pAgBb
ks = pAgB

mayy = pAbH?(a + bx)Q
Mg = pAHzab2
mpg = pAb(ll + bXQ)Q

msyo = 2pAHQ?

ms; = pABxoQ?
ks = pAghb
ke = —2pAg
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APPENDIX B: NOMENCLATURE

A Cross-sectional area of the vertical column of the TLCD
a=D(xp) Auxiliary parameter related to the local displacement of the blade
Ag Cross-sectional area of the horizontal column of the TLCD
B Horizontal length of the liquid inside the TLCD
b=D'(xq) Auxiliary parameter related to the local rotation of the blade
co Modal damping coefficient of the blade
El(x3) Edgewise bending stiffness of the blade
fo(q.1) Wind-induced modal load considering aerodynamic damping
g Gravitational acceleration
H Vertical length of the liquid inside the TLCD
1 Turbulence intensity
ko(t) Modal stiffness of the blade
ki, ky Stiffness related parameters given by Equation (19)
ke Elastic stiffness of the blade
L Overall length of the liquid inside the TLCD
Ly Length of the blade
m Overall mass of the liquid
Mo Modal mass of the blade
q(1) Edgewise tip displacement of the blade
.U Total kinetic and total potential energy of the blade-TLCD system
t Time
Ta Uy Kinetic and potential energy of the liquid

Uy Kinetic and potential energy of the blade
v(t) Displacement of the liquid in the vertical tube
Vo Mean wind speed
vo(t) Displacement of the liquid in the horizontal tube
V(1) Local velocity of the center point O of the horizontal tube in y,-direction
v3(1) Local velocity of the center point O of the horizontal tube in y;-direction
Vi Maximum displacement of the liquid in the vertical tube
X1, X5, X3) — Global coordinate system
X0 Mounting position of the TLCD
(x1,X2,X3) — Local coordinate system fixed to the rotating blade
O1LY2,Y3) — Local coordinate system fixed to the U-shaped tube
a=AlAy Cross-sectional area ratio of the vertical column versus horizontal column
y=B/L Ratio of the horizontal length to overall length of the liquid column
Co Modal damping ratio of the blade
Ca Damping coefficient of the TLCD
n Reduction ratio of the edgewise vibration
(1) Angle between the local y;- and global X3-axis
u=minyg Ratio of the liquid mass to the modal mass of the blade
u(xs) Mass per unit length of the blade

Head loss coefficient due to the orifice
Copt Optimal head loss coefficient
P Liquid density
D(x3) Fundamental edgewise eigenmode of the blade
o(1) Local elastic rotation of the blade where the TLCD is mounted
X =w4lwy Frequency tuning ratio of the TLCD to the blade
Xopt Optimal frequency tuning ratio
Y(r) Azimuthal angle of blade 1
Q Rotational speed of the rotor
o Fundamental edgewise circular eigenfrequency of the blade
oy Circular frequency of the TLCD
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ABSTRACT

This paper proposes a new type of passive vibration control damper for controlling edgewise vibrations of wind turbine
blades. The damper is a variant of the liquid column damper and is termed as a circular liquid column damper (CLCD).
Rotating wind turbine blades generally experience a large centrifugal acceleration. This centrifugal acceleration makes the
use of this kind of oscillatory liquid damper feasible with a small mass ratio to effectively suppress edgewise vibrations.
A reduced 2-DOF non-linear model is used for tuning the CLCD attached to a rotating wind turbine blade, ignoring the
coupling between the blade and the tower. The performance of the damper is evaluated under various rotational speeds of
the rotor. A special case in which the rotational speed is so small that the gravity dominates the motion of the liquid is also
investigated. Further, the legitimacy of the decoupled optimization is verified by incorporating the optimized damper into
a more sophisticated 13-DOF aeroelastic wind turbine model with due consideration to the coupled blade-tower-drivetrain
vibrations of the wind turbine as well as a pitch controller. The numerical results from the illustrations on a 5 and a 10 MW
wind turbine machine indicate that the CLCD at an optimal tuning can effectively suppress the dynamic response of wind
turbine blades. Copyright © 2015 John Wiley & Sons, Ltd.
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1. INTRODUCTION

The control of edgewise vibrations in wind turbine blades is an area of topical interest because of the presence of light to
almost no aerodynamic damping in this mode. This problem is expected to persist in the future because of the growth of
the wind energy leading to larger rotors, particularly for offshore deployments. Edgewise vibrations not only contribute to
structural fatigue damage with increased operation and maintenance costs but also interfere with the power production. !
There has been continued interest among researchers in the past few years to control structural vibrations in wind
turbines. Passive structural control techniques®> have been used by researchers for controlling vibrations in both onshore
and offshore wind turbines. To cater to variation in environmental/operational changes, semi-active strategies using tuned
mass dampers (TMDs) have been proposed by Arrigan er al.>>¢ Researchers’-® have found that blades installed with stall
strips perform better with regard to edgewise vibrations; however, this beneficial effect is overshadowed by the negative
impact on the power production. Some other researchers have used synthetic jet actuators,” microtabs and trailing edge
flaps.'% 11 More recently, some active control strategies for wind turbine blades have been proposed. All of these concepts
take advantage of the hollow nature of the blades and utilize the space inside to install the dampers. Svendsen et al.'?
proposed the use of active strut elements based on resonant controllers inspired by the concept of TMDs; Staino er al.'?
developed a controller based on active tendon/actuator, and Fitzgerald et al.'* used active TMD (ATMD) for edgewise
vibration control. Fitzgerald and Basu'> proposed a variant of ATMD called the cable-connected ATMD in order to reduce
the force demand on the actuator of the ATMD. Although a number of the proposed solutions work well, there is still a

Copyright © 2015 John Wiley & Sons, Ltd.
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need to find simple, maintenance-free and easy to install solutions for vibration control of edgewise vibrations in wind
turbine blades.

Among the passive structural control solutions available, liquid column dampers (LCDs) are one of the favored options
because of the consistent behavior over a range of excitation levels, the self-containing passive damping capability with little
auxiliary equipment, personnel or power required to maintain it and the fact that they are easy to install. An investigation on
the effects of liquid storage tanks containing glycol on the dynamic response of offshore structures indicated that a proper
selection of the tank geometry could dampen the offshore platform vibration.'® Colwell and Basu* have used tuned liquid
column dampers (TLCDs) for supressing vibration in offshore wind turbine towers/nacelle.

Motivated by the TLCDs, a new type of LCD has been proposed in this paper for edgewise vibration control of wind
turbine blades. The damper is circular in shape or geometry and hence is termed as a circular liquid column damper
(CLCD). The circular shape allows for consistent definition of local dynamic behavior of the liquid irrespective of the
position at the damper. This is due to the axisymmetric nature of the liquid column damper geometry. The presence of
a large centrifugal acceleration in wind turbine blades makes it possible to use this kind of oscillatory liquid damper
with a rather small mass for effectively suppressing edgewise vibrations. To optimize the design of the proposed CLCD,
the interaction between the tower and the blades are ignored. The optimization for tuning of the CLCD to the rotating
blades is based on a reduced 2-DOF non-linear model. In order to evaluate the vibration suppression performance of the
proposed new damper, a more sophisticated 13-DOF aeroelastic wind turbine model with due consideration to the coupled
blade-tower-drivetrain vibrations of the wind turbine as well as a pitch controller are used and numerical simulations are
carried out with the optimally tuned CLCD. Two wind turbines, a 5 and a 10 MW machine, are considered to illustrate the
effectiveness of the proposed damper in suppressing vibrations.

2. THEORY FOR THE BLADE-DAMPER SYSTEM

The edgewise vibrations of a wind turbine blade is coupled to the lateral tower and drivetrain vibrations, which also
influence the motion of the liquid damper. Because the focus of this study is on the interaction between the damper and
blade, as well as the control effect of the damper on edgewise vibrations, the basic assumption in the following theory is
that this coupling from the tower and drivetrain motion can be ignored. Therefore, the design of the damper is totally based
on the local dynamics of the rotating blade. The validity of this assumption will be evaluated later by a more sophisticated
13-DOF wind turbine model, which takes into consideration the coupling of blade-tower-drivetrain vibration, the non-linear
aeroelasticity and a collective pitch controller.

2.1. Definition of the problem

Figure 1 illustrates the schematic representation of a rotating blade equipped with a circular liquid damper. The edgewise
vibration of the blade is described in the moving (x,x3)-coordinate system, while the motion of the liquid inside the
damper is described by another local coordinate system (yz,y3) fixed to the damper. The mass per unit length and the
bending stiffness in the edgewise direction of each blade are denoted 1(x3) and El(x3), respectively. The liquid damper
is devised to control the fundamental edgewise mode, as described by the degree of freedom ¢(r). Further, the rotation of

X3

A

Figure 1. Definition of the coordinate systems, the geometry and the degrees of freedom.
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Figure 2. Geometries of the circular liquid damper.

each blade is assumed to take place with a constant rotational speed Q2. Hence, the azimuthal angle W(z) of the blade is
given as
() = Qr (1)

The local edgewise displacement u (x3, f) of the rotating blade in the x; direction can by described by ¢(7) as
uz(x3,1) = —P(x3) (1) 2)

where ®(x3) indicates the fundamental edgewise mode of the blade. This is normalized to 1 at the tip, i.e., (L) = 1,
where L denotes the blade length. The negative sign in Equation (2) refers to the definition of ¢(¢) in the negative direction
of the x,-axis. Hence, ¢() represents the edgewise tip displacement in the negative x; direction.

The circular liquid damper is virtually a circular tube partly filled with certain amount of liquid that could oscillate back
and forth inside the tube. As shown in Figure 2, the radius of the circular tube (distance from the center point O to the
central axis of the tube) is denoted by R, and the radius of the cross-section of the tube is denoted by r. Therefore, the total
dimension of the damper can be calculated as H = 2(R + r). The liquid inside the tube is assumed to be connected, filling
a segment with a central angle 20 of the complete circle, and the center of gravity is denoted by G.

It is assumed that the liquid damper is placed at the coordinate x3 = x( of the blade. Hence, the local displacement and
rotation of the blade at this position with the sign definition in Figure 1 are given as

up(xo, 1) = —aq(1)

3
o) = ba(t) @

where the auxiliary parameters introduced are a = ®(xp) and b = @’ (xp).

2.2. Modeling of the circular liquid damper

A moving (y7, y3)-coordinate system fixed to the damper has been introduced for describing the motion of the liquid. This
coordinate system has its origin at the center point O of the circular damper, with y3-axis placed on the symmetry line of the
damper as shown in Figure 2. Hence, the azimuthal angle of the y3-axis is described by the clockwise rotation W(r) + ¢(r)
from the fixed global X3-axis. The motion of the liquid is described by the degree of freedom 6(r), which measures the
clockwise rotation of the center of gravity of the liquid from the y3-axis. Thus, ¢(7) and 6(r) make up the degrees of freedom
of the blade-damper system.

From the geometries illustrated in Figure 2, the mass of the liquid can be calculated as

®9 R+r
m = p/ [ w(x)xdO dx 4)
—®¢ JR—r

where p denotes the mass density of the fluid. The term w(x) is the width of the cross-section at a distance x from the center
point O and is given as

w(x) = 24/r2 — (x — R)? )

Substituting Equation (5) into Equation (4), the mass of the liquid becomes
R+r
m= 4,0@)0[ P = (x—=R)?xdfdx = pmr? 200R 6)
R—r
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Defining R as the distance from G to O, R can be given by

@y [R+r R+r 12
mR¢ = p/ / w(x)x2 dodx = 4,0@0/ V2= (x=R)2x*d0dx = prr?200R [ 1 + 17 %)
R—r

From Equations (6) and (7), it follows that

ke=r(1+ 2 ) =r(1+ e ®)
G = 4R2 = 40[

where @ =  is defined as the radius ratio of the circular cross-section and the damper.

From the dynamics point of view, the liquid inside the circular damper virtually acts as a physical pendulum during its
oscillation. The idea in the following is to represent the liquid damper as an equivalent mathematical pendulum with the
equivalent mass m, and the equivalent length R.. The equivalent mass m, is approximately equal to the liquid mass m, if
the radius r of the cross-section is small compared with R. The equivalent mathematical pendulum should represent the
same kinetic and potential energy as the circular liquid damper. Because the kinetic energy stored in the local rotation of
the liquid mass can be ignored compared with the translational kinetic energy, the total kinetic energy of the liquid mass
with the angular velocity 6 can be written as

Oy pR+r
_ 7,,/ / Wwix)x xe) dfdx = 2p0y 92/ Jr2— (= R23 df dx
R—

9
=lp7rr 200R? 1-5—3 6% = —mR? 1—0—5012 62 ”
2 2 4
The kinetic energy of the equivalent mathematical pendulum is
1 R
T= EmeRf 6% (10)

Equating the kinetic energy of the equivalent mathematical pendulum to that of the oscillating liquid, the relationship
between m, and R, follows from

3
mR? = mR? (1+4 2) an
In order to facilitate the calculation of the potential energy of the liquid mass, we shall choose R, as
L,
Re=Rg =R 1+Za (12)

Then, from Equations (11) and (12), the equivalent mass of the mathematical pendulum is given by

(1 + %az)

nme =m——=> (13)
(1 + %az)
2.3. Equations of motion of the 2-DOF model

The velocity components of the primary structure in the moving (x2,x3)-coordinate system can be written as

i (x3,1) = —Qx3 — D(x3) 4(1) (14)
i3(x3,1) = —Q D(x3)q(1)

The fixed frame components of the displacement vector and velocity vector of the center of gravity G of the liquid
becomes

Us (1) = —xpsin W —agcos W — R, sin(¥ + ¢ + 0) 15)
Us (1) = xpcos W — agsin W + R, cos(V + ¢ + 0)
.6(1) = — (x0S2 + ag) cos W + agQ sin W — R, (Q Lo+ é) cos(¥ + ¢ + 6)
(16)

U3.6(1) = — (3092 + ag) sin ¥ — ag2 cos ¥ — R, (Q +o+ é) Sin(¥ + ¢ + 0)

Wind Energ. (2015) © 2015 John Wiley & Sons, Ltd.
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Thus, the total kinetic energy of the 2-DOF system becomes

T = 71 / (x3) (I:t%(x;,l) + L'l%(xg,t)) dxz + 71 me (U% ) + U% (t))
B o 3 : 3(A3 3 e .0 3,0
1 -2 2 2 . 1 2
_7m0(q +Q q)+m1£2q+752 my

1 .
+ 5me (((XOSZ +ag? + PR + R (sz +bg+6)

an

+ 2Re (2 + bg + 6) (0 + ag) cos(bg + 0) + agS sin(bg + 9)))

where mo = fOL;L(x3)d>2(x3)dx3 is the modal mass of the blade, and m; = féu(x;)@(m)xgdxg,mz = féu(xg)x%dxg.
The total potential energy of the system is

U = mg (xocos W —agsin W + R, cos(¥ + bg + 0)) + %ko(l)qz (18)
where g is the acceleration of gravity. The term kq(7) denotes the modal stiffness of the blade and is given by
ko(t) = ke + kg(1) (19)
where k. and kg (1) specify the elastic and geometric contributions to the modal stiffness. The term k, (¢) is expressed as
ke (1) = ki 2% — ka g cos(21) (20)

The first term indicates the geometrical stiffening due to the centrifugal acceleration, whereas the second term is caused
by the variation of the axial force during rotation due to the weight of the blade. The parameters k., k| and k, are given by

k :/LEI(X) 29(x3) de
e o 3 dx% 3
L dd 2 L
ky :/ Ni(x3) (ﬂ) dxz , Ni(x3) :/ wn(y3) y3dys @n
X3

dd(x3 L
ky = / Na(x3 )( ¢ )) dxy . Na(x3) =[ n(y3)dys
x3
The fundamental edgewise angular eigenfrequency of the blade when it is in stand-still position is obtained as

wy = v ke/mo (22)

The equations of motion of the 2-DOF system are obtained from the stationarity conditions using Euler—Lagrange
equations

d(ory _or + W _F (1) + Fg(r) — cog
il (e I I —¢
) g  oq " g c0q

= (mo + m, (a2 + Rgbz)) q+ nggbé + (co +ca) ¢+ (ko — Q%(my + meaz)) q

+ meRe (Zab G+ af — abQ? q) cos(bg + ) %)
. 2
— meR, ((a —bxo) Q% + 2426 +a (bq + 0) ) sin(bq + 6)
— mg (asin(Qt) + R bsin(Qt + bg + 0))
= Fo(t) + Fg(t)
d (dT T U
bl () 616
(56) -+ 37 = et
= nggbij + meRg 64 cq|6]6 + meRoa (q —Q? q) cos(bg + 0) 24)
+ meR, (ZaQ q+ szo) sin(bg + 0) — mgR, sin(Qt + bg + 0)
=0
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where ¢ indicates the structural damping coefficient of the primary structure, as specified by the related modal damping
ratio {p as cop = 2{omowg. The term Fy(¢) specifies the modal load on the primary structure from turbulence and pitch
control loads, taking into account aerodynamic damping. The term Fg(f) denotes the modal load on the blade from gravity
and is given by

Fo(f) = mag sin(Q1) (25)

where m3 = jOL 1 (x3)P(x3)dx3. The term ¢4 indicates the damping coefficient of the liquid damper specifying the energy
dissipation due to the passage of liquid through an orifice, as given by the form

1
ca = SEpr’R’ (26)

where £ denotes the non-dimensional head loss coefficient, which is governed by the opening ratio of the orifice.
Assuming small values of ¢(f) and 6(r) and ignoring the influence of gravity, the angular eigenfrequency of the
oscillating liquid can be obtained from Equation (24) as
Xo
wg = ,/—Q 27
d R 27
Defining u as the mass ratio between the damper and the modal mass of the structure, and y as the natural frequency
ratio between the liquid and the structure, the following relationships follow:
m Wy

H=—, x= (28)
mgy [O)

Further, the reduction ratio 7 of the structural response with and without the damper is defined as

040 — O,
= 29)
qu()
where 0, and oy are the standard deviations of the edgewise tip displacements of the blade without and with control,
respectively. The optimal parameters of the circular liquid damper can be found by maximizing the value of 7.

2.4. 13-DOF wind turbine model for validation

A 13-DOF aeroelastic model is presented for validating the effectiveness of the circular liquid damper in a highly coupled
wind turbine system. The model displays several important characteristics of a wind turbine, including time-dependent
system matrices, coupled tower-blade-drivetrain vibrations as well as non-linear aeroelasticity. Figure 3 shows a schematic
representation of the wind turbine model with definition of the coordinate systems and the degrees of freedom.

The motions of the blade are described in a moving, local (x1, x2, x3)-coordinate system with origin at the center of the
hub. Each blade is modeled as a Bernoulli-Euler beam with variable mass per unit length and variable bending stiffness in
the flap-wise and edgewise directions. The flap-wise and edgewise motions of the three blades are modeled by the degrees
of freedom g;(#) and g;+3() , j = 1,2, 3, with the tip displacement in the positive x; direction and the negative x; direction,
respectively. The related attached modes are taken as the undamped fundamental eigenmodes ®y(x3) and ®(x3) in the
flap-wise and edgewise directions, when the blade is fixed at the hub. Similar to ®(x3), ®7(x3) should also be normalized
to one at the tip, i.e., ®p(L) = 1.

The motions of the tower are described in a fixed, global (X1, X, X3)-coordinate system. The coordinates g7 () and gg(f)
define the translational motions of the tower in the X and X, directions, respectively. The coordinates go(1), q10(t), q11(f)
define the rotational motions of the tower in the X, X» and X3 directions. The height of the tower from the base to the
nacelle is denoted by 4, and the horizontal distance from the center of the tower top to the origin of the moving coordinate
systems is denoted by s.

The drivetrain is modeled by the degrees of freedom g12(#) and g13(¢) as shown in Figure 4. The sign definition applies
to a gearbox with odd number of stages. The degrees of freedom ¢ (¢) and g13(¢) indicate the deviations of the rotational
angles at the hub and the generator from the nominal rotational angles Q¢ and N1, respectively, where N is the gear ratio.
Correspondingly, 12(¢) and ¢13(¢) are the deviations of the rotational speeds at the hub and the generator from the nominal
values. In case of even number of stages, the sign definitions for ¢;3(¢) and f13(¢) are considered positive in the opposite
direction. The terms J; and J; denote the mass moment of inertia of the rotor and the generator, and k, and kg denote the
St.Venant torsional stiffness of the rotor shaft and the generator shaft.

Further, a full-span collective pitch controller is included with time delay modeled by a first-order filter. The pitch
demand is modeled by a proportional integral (PI) controller!” with feedback from g12(r) and ¢12(f). A gain-scheduled
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Figure 3. 13-DOF aeroelastic model of a three-bladed wind turbine. Definition of fixed and moving frames of reference and the
degrees of freedom g1 (1), ..., g1 (1).
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Figure 4. 2-DOF model of the flexible drivetrain with odd number of gear stages. Definition of degrees of freedom g1 (t) and g13(t).

PI controller is used for this model, i.e., the controller gains are dependent on the blade pitch angle.'® The blade element
momentum method with Prandtl’s tip loss factor and Glauert’s correction for large axial induction coefficients is adopted
to calculate aerodynamic forces along the blade.!® Non-linear quasi-static aeroelasticity is considered by introducing the
local deformation velocities of the blade into the calculation of the flow angle and the angle of attack. As a result, this
model possesses high aerodynamic damping in the blade flap-wise and the fore—aft tower vibrations but relatively low
aerodynamic damping in the blade edgewise and the lateral tower vibrations.

3. RESULTS AND DISCUSSION

In the first phase of numerical simulations, data from the National Renewable Energy Laboratory (NREL) 5 MW reference
wind turbine!® have been used to calibrate both the 2-DOF and the 13-DOF models. Each blade has a length of 63 m and
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Table I. Parameters in 2-DOF blade-damper model.

Parameter Value Unit
L 63 m
X0 45 m
Qq 1.267 rads™!
mg 1.412-103 kg
m 3.049-103 kg
ke 6.623-10% Nm~!
k1 2.086-103 kg
ko 4725 kgm™!
& 0.005 -
a 0.5267 -
b 0.0238 m~!
1.0-108 kgm—3
g 9.81 ms—2
wg 6.848 rads™!

an overall mass of 17,740kg, with the fundamental modal shape, the bending stiffness and the mass per unit length given
by Jonkman et al.'® The constant parameters employed in the 2-DOF model are calculated and provided in Table L.

On the basis of Taylor’s hypothesis of frozen turbulence®® together with the first-order auto-regressive (AR) model,?!
a three-dimensional (3D) rotational sampled wind field has been generated with a given mean wind speed and turbulence
intensity. By applying this turbulence field to the rotor of the 13-DOF wind turbine, the edgewise modal loads for each blade
can be obtained. The calculated modal load Fy(r) is exerted on the 2-DOF model, on the basis of which the optimization
and parametric studies of the damper are to be carried out. In the simulation, the fourth-order Runge—Kutta method was
applied to solve the non-linear ordinary differential equations of the 2-DOF system.

3.1. Optimization and parametric studies

The parameters of the liquid damper to be determined are the mass ratio s, the frequency ratio x, the radius ratio «, the
head loss coefficient £ and the mounting position of the damper x(. Because the damping effect of the oscillating liquid on
the structure is governed by the centrifugal acceleration xo$22, better performance of vibration reduction can be obtained
by mounting the liquid damper closer to the tip of the blade. However, the available space inside the hollow blade decreases
toward the tip, making the determination of xq a trade-off problem. In the following optimization procedure, x is set to be
45 m, corresponding to approximately two thirds of the total blade length. Further, four sets of mass ratios are considered
in the optimization, i.e., & = 0.01,0.02,0.03,0.04. With the modal mass my = 1412kg, the liquid mass varies between
14.12 and 56.48 kg, corresponding to 0.08-0.32% of the total mass of each blade. Moreover, four different values of the
radius ratio have been compared, i.e., « = 0.03,0.05,0.07,0.09. It should be noted that the tuning of the damper is based
on the nominal rotational speed of the NREL 5 MW wind turbine, i.e., Q¢ = 1.267 rad s~

In the optimization procedure, the optimal frequency ratio y,,, and head loss coefficient &, are sought such that the
reduction coefficient 1 is maximized, for prescribed values of the mass ratio p and the radius ratio «. Table II gives the

Table Il. Optimal parameters of the liquid damper and their effects on system responses, xg = 45m.
n=1% n=2%

=4 xopt Eopt  n(%) 20qfrad) H(m  xopt Eopt  m (%) 20q(rad)  H(m)

0.03 1.00 157 25.19 1.36 3.17 0.99 6.40 29.40 2.58 3.24
0.05 1.00 0.55 25.19 0.50 3.23 0.99 235 29.40 0.92 3.30
0.07 1.00 0.29 25.19 0.26 3.29 0.99 1.22 29.41 0.48 3.36
0.09 1.00 0.18  25.20 0.086 3.35 0.99 0.75 29.41 0.28 3.42
n=3% w=4%
=1 xopt Eopt n(%) 20qirad) H(m  xopt Eopt  m (%) 20q(rad)  H(m)
0.03 0.98 15.40 31.62 3.62 3.30 0.97 2770 33.24 4.56 3.37
0.05 0.98 568 3162 1.30 3.36 0.97 9.90 3324 1.64 3.43
0.07 0.98 2.89 3163 0.68 3.43 0.97 514 3324 0.84 3.50
0.09 0.98 172 31.63 0.40 3.49 0.97 3.07 33.25 0.50 3.56
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values of yopr, Eopr» as well as the corresponding 7, the central angle of the liquid mass 20¢ and the total width of the
damper H = 2(R+r). Values of 20 and H are calculated in each case to check the possibility of practical implementation
of the liquid damper with such geometries.

From Table II, four observations are to be made: (i) The reduction ratio 7 increases non-proportionally as the mass
ratio j increases. (ii) As p increases with a given a, y,p; decreases while &, increases. Both 20 and H increase as
increases. (iii) As o varies between 0.03 and 0.09 for a prescribed value of w, the value of y,p is unchanged, and 7 is
almost unaffected as well. On the other hand, §,,, decreases significantly as « increases. (iv) As « increases, 20 decreases
significantly and H increases slightly. For very small values of «, the value of 2®( may become so large that the annular
tube is almost completely filled with liquid, resulting in ineffectiveness of the damper. On the other hand, a large value
of o may lead to a large value of H, making it impossible to mount the liquid damper inside the blade. Therefore, the
determination of o becomes a trade-off problem depending only on the geometries of the damper and the liquid inside the
tube, as o has almost no effect on the maximum reduction ratio when optimal values of y and & are used.

3.2. Performance of the liquid damper

Figure 5 presents the comparison of the edgewise vibration with and without the liquid damper, when the mean wind speed
is 15ms~! and the turbulence intensity is 0.1. The same turbulence field has been used for cases with and without control
to make the comparison meaningful. Given the mounting position xy = 45 m, the mass ratio st = 0.03 and the radius ratio
o = 0.05, the optimal frequency ratio and head loss coefficient of the damper used in the simulation are determined as
Xopt = 0.98 and £,,, = 5.68, respectively.

As shown in Figure 5(a), a liquid damper with a mass of 42.36 kg significantly mitigates the edgewise vibration of the
blade. The maximum edgewise tip displacement is reduced from 0.550 to 0.417 m (reduced by 24.18%), and the standard
deviation is reduced from 0.1147 to 0.0784 m (reduced by 31.62%). The Fourier amplitude spectrum of ¢(7) as illustrated
in Figure 5(b) shows that the liquid damper effectively suppresses the peak around 6.85 rad s~ corresponding to the eigen-
vibration of the blade in edgewise direction. This means that a properly designed liquid damper is able to absorb almost
all the energy in the fundamental edgewise mode of the blade. Further, it is noted that all frequencies below 6.85 rads™!
are hardly affected by the dampers, including a low peak corresponding to a rotational speed of 1.267 rad s~!. It should be
noted that much more energy is concentrated around the frequency of 6.85 rad s~ for the uncontrolled response as aerody-
namic damping is low in the edgewise direction. Therefore, although not functioning below the edgewise eigenfrequency,
a well-tuned liquid damper still exhibits promising performance in suppressing edgewise vibrations in a rotating wind
turbine blade.

In order to evaluate the performance of the liquid damper during starting up or closing down procedures of the wind
turbine system, results have been calculated at various rotational speeds 2 < Q. Figure 6 demonstrates the behavior of
the liquid under two scenarios, i.e., x022 > g and x9Q22 < g, respectively. When the centrifugal acceleration overwhelms
the gravitational acceleration [Figure 6(a)], the liquid is centrifuged toward the tip of the blade, and it oscillates around
a mean value of § = Orad according to the definition of 6(7) in the (y2,y3)-coordinate system. On the other hand when
x0Q2 < g, the motion of the liquid is dominated by gravity, and the liquid will gravitate downwards and remain close to
the bottom of the circular tube no matter where the blade is placed, as shown in Figure 6(b).

Table III shows the reduction ratios of the damper on edgewise vibrations as well as the corresponding standard devia-
tions of the liquid motion. It is noted that as € decreases from the nominal value €20, the control efficiency of the liquid
damper is drastically reduced as revealed by the value of 7, as a result of detuning of the damper. Acceptable control perfor-
mance can be achieved only when €2 is no less than 1.1 rad s~!, which means the band width of the damper is rather limited.
Moreover, the standard deviation oy of 0(r) increases from 0.16 to 0.50 rad as Q decreases from 1.267to 0.6 rad s~!. One
interesting observation is that when €2 changes from 0.5 to 0.4rads™!, the value of 0g increases significantly from 0.74

Without damper
- - - With damper
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Figure 5. Blade edgewise vibrations with and without liquid damper, 2 = 1.267 rad 571, Vo = 15m571, / =01, u = 0.03,
a =005 xg=45m, Q = 1.267 rad s~ 1. (a) Time series, (b) Fourier amplitude.
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i H

Figure 6. Position of the liquid mass. (a) Xoﬂz > g, (b) Xon <g.

Table lll. Performance of the circular liquid damper for various rotational speeds of the rotor.

Q (rads™") XQQZ g! n (%) og (rad) Q (rad s~ Xoﬂz g™! n (%) op (rad)

1.267 741 31.62 0.16 0.6 1.65 8.10 0.50
12 6.61 29.60 0.16 0.5 116 740 0.74
11 5.56 23.67 0.17 0.4 0.73 6.30 2.23
1.0 4.59 16.03 0.18 0.3 0.41 4.65 2.09
0.9 3.72 11.656 0.21 0.2 0.18 3.98 2.00
0.8 2.94 9.28 0.26 0.1 0.05 4.00 1.86
0.7 2.25 7.80 0.35 0.0 0 3.33 0.17

to 2.23 rad. The critical value of €2 is obtained when the centrifugal acceleration balances the acceleration of gravity, i.e.,
x0522 =g = Q¢ = +/g/x0. In the present case, we have Q. = 0.467 rad s™!. For Q@ < Qr, the liquid tends to gravitate
downwards no matter where the blade is positioned, as shown in Figure 6(b).

Figure 7 presents the motion of the liquid mass in both time and frequency domain, under three different rotational
speeds. As shown in Figure 7(a), when Q@ = Qg the liquid moves in an oscillatory manner with the mean value of 6(r)
equal to Orad, verifying the phenomenon illustrated in Figure 6(a). The dominant angular frequency of 6(¢) is around
6.85rad s~ !, and the liquid damper absorbs energy from fundamental edgewise eigenvibrations. Peaks corresponding to 1€2
and 2€2 are also visible in the frequency domain. As Q decreases to 0.5rads™! [Figure 7(b)], the liquid motion becomes
quasi-periodic with the dominant frequency equal to 0.5 rad s~!. The reason is that the liquid motion 6(z) is defined in the
moving (y7,y3)-coordinate system; because of more significant influence from gravity, 6() turns out to be quasi-periodic
with its dominant frequency equal to the rotational speed of the rotor. One can also observe peaks corresponding to integral
multiples of €2, as well as a very low peak around the edgewise eigenfrequency, indicating a very weak coupling to the
fundamental edgewise mode of the blade. As Q decreases further to 0.4 rad s~ ! [Figure 7(c)], the acceleration due to gravity
overwhelms the centrifugal acceleration. The dominant angular frequency of the quasi-periodic liquid motion is still the
rotational speed of the rotor, and contributions from integral multiples of 2 can also be observed in the frequency domain. It
is seen from Figure 7(c) that when xo$22 < g, the amplitude of (1) varies between 0 and —2 rad in one periodical motion,
verifying the physical fact that the liquid tends to gravitate downwards regardless of the azimuthal angle of the blade.

To verify the applicability of the decoupled optimization and the control effect of the circular liquid damper in a highly
coupled wind turbine system, the optimized damper is incorporated into the 13-DOF model. For each blade, a circular liquid
damper is mounted at the position of xyp = 45 m. Hence, a 16-DOF system is obtained for the wind turbine with a total
of three liquid dampers installed. Figure 8 shows the edgewise vibration in blade 1, with the same damper parameters and
the same wind field as used in Figure 5. It is shown from Figure 8(a) that the damper with parameters optimized from the
reduced 2-DOF model effectively mitigates the blade edgewise vibration of the highly coupled wind turbine system. The
maximum edgewise tip displacement is reduced from 0.515 to 0.436 m (reduced by 15.33%), and the standard deviation is
reduced from 0.1015 to 0.0776 m (reduced by 23.55%). Similar to Figure 5(b), Figure 8(b) demonstrates that the frequency
component corresponding to fundamental edgewise mode of the blade is significantly reduced by the damper, whereas the
frequencies below wy are unaffected. Compared with the results obtained from the 2-DOF model as illustrated in Figure 5,
the control efficiency of the liquid damper is slightly reduced when it is incorporated into the highly coupled system. This
is because the couplings of blade edgewise vibration to other degrees of freedom cause a transfer of mechanical energy
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Figure 7. Time series and related Fourier spectrum of the liquid motion for various values of @, Vg = 15m s~ =01, wn = 0.03,
o =005 xy=45m. (a) @ = 1.267rads ™. (b) Q = 0.5rads™'. (c) @ = 0.4rads ™.
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Figure 8. Blade edgewise vibrations with and without the liquid damper, obtained from the 16-DOF model. 2 = 1.267 rad s—1,
Vo =15,/=0.1, u = 0.03, @ = 0.05, xg = 45m, optimal wy and &. (a) Time series, (b) Fourier amplitude.

from edgewise vibration to other vibrational modes, resulting in a slightly worse damping performance of the damper.
Nevertheless, the circular liquid damper with parameters optimized from the reduced 2-DOF model is able to achieve
equally promising results on the highly coupled 13-DOF model.

3.3. Further case study on a 10 MW wind turbine

In the deployment of offshore wind power, a clear trend toward larger wind turbines can be observed. It is believed that
larger wind turbines can help to reduce the cost of energy for offshore wind farms, and designs for 10 MW turbines are
being developed, such as the Danish Technical University (DTU) 10 MW reference wind turbine.?2-23 To evaluate the
performance of CLCD in even larger blades, a case study on a 10 MW wind turbine is carried out. In this case, data from
the DTU 10 MW reference wind turbine®>23 are used to calibrate both the 2-DOF and 13-DOF models. Each blade has
a length of 89.2m and an overall mass of 41,788 kg, which is much larger compared with the blade of the 5 MW wind
turbine. As a result of the increased maximum tip speed (90ms ™! for the 10 MW turbine and 80ms~! for the 5 MW
turbine), the rotational speed of the 10 MW wind turbine is slightly reduced to 1.00rad s ™!, even though the blade length
is significantly increased. Table IV presents the parameters employed in the 2-DOF model for the larger turbine, where the
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Table IV. Parameters in 2-DOF blade-damper
model for the 10 MW wind turbine.

Parameter Value Unit
L 89.2 m
X0 60 m
Qq 1.00 rads™!
mg 2.207-103 kg
my 5.652-103 kg
ke 7530-10% Nm~!
K1 3.287-108 kg
ky 53.446 kgm™!
& 0.005 -
a 0.4102 -
b 0.0160 m~!
P 1.0-103 kgm—3
g 9.81 ms—2
wg 5.840 rads™!
(a) ®) g4
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Figure 9. Blade edgewise vibrations with and without the liquid damper, for the 10 MW wind turbine. L = 89.2m, 2 = 1.00rad s—1,
Vo =15,1=0.1, © =0.03, @« = 0.03, xyp = 60m, optimal wy and &. (a) Time series, (b) Fourier amplitude.

modal parameters are calculated in the same way as in Table I. It should be noted that we obtain the mode shapes of the
blade by establishing a 3D finite element model of the blade with 51 beam elements. Further, sixth-order polynomials are
used to fit the fundamental flap-wise and edgewise mode shapes:

@p(x3) = —1.13%° 4 2.533%° — 2.2558* + 1.423%° + 0.4294%>

(30)
®(x3) = —0.5087x° — 0.011%° + 1.068x* + 0.3317% + 0.12x

withx = 2.

In the s;me manner, the edgewise modal load for the 2-DOF model is obtained by applying a 3D rotational sampled
wind field to the rotor of the 13-DOF model with Vo = 15ms™!, I = 0.1. Extensive parametric studies of the damper
are not carried out here. With the assigned values of the following parameters, © = 0.03,a = 0.03, xp = 60 m (two
thirds of the total blade length), the optimal frequency ratio and head loss coefficient can be determined. Figure 9 shows
the comparison of edgewise vibration with and without the optimized liquid damper for the 10 MW turbine. A CLCD
with a mass ratio of 0.03 (m = 66.2kg) significantly mitigates the edgewise vibration of the blade, with the standard
deviation reduced by 30.05%. The Fourier amplitude spectrum in Figure 9(b) clearly shows two peaks corresponding to
the fundamental edgewise frequency (5.840 rad s~1) and the rotational speed of the rotor (1.00 rad s~1), both of which have
lower frequencies compared with the 5 MW turbine. The CLCD almost totally eliminates the peak corresponding to the
fundamental edgewise mode, which proves the effectiveness of the CLCD in a very large wind turbine blade. Because the
calculated edgewise modal loads for the 5 and 10 MW turbines are different, quantitative comparison of the performance
of the CLCD is meaningless. Nevertheless, one can observe from Figures 5 and 9 that CLCD with optimal parameters
performs equally well in reducing edgewise vibrations for the NREL 5 MW turbine and the DTU 10 MW turbine.

4. CONCLUDING REMARKS

A new type of liquid column damper termed as a circular liquid column damper (CLCD) has been proposed in the paper
in order to suppress edgewise vibrations in wind turbine blades. An investigation is then carried out to evaluate the
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effectiveness of the proposed CLCD in mitigating edgewise vibrations in wind turbine blades. Parametric optimization
for tuning of the damper has been carried out using a reduced order (2-DOF) non-linear model developed for a rotating
blade equipped with a CLCD. The optimally tuned damper is then used on a 13-DOF aeroelastic wind turbine model that
incorporates coupled blade-tower-drivetrain vibrations as well as a pitch controller.

Simulation results show that an optimized CLCD with a very small mass ratio can effectively eliminate fundamental
edgewise eigenvibrations of the blade in rated rotational speed. Better control performance can be obtained by increasing
the liquid mass and equipping the damper closer to the blade tip. However, the damper mass and mounting position should
be restricted according to the installation capacity and the available space inside the blade. The size of the damper can be
regulated by changing the value of the radius ratio (0 = r/R). Further, it is observed that the performance of the CLCD
falls drastically as the rotational speed of the rotor decreases as a result of detuning of the damper. When 2 is less than
a critical value, the acceleration of gravity overwhelms the centrifugal acceleration, resulting in a situation such that the
liquid tends to gravitate downwards regardless of the azimuthal angle of the blade.

Most of the simulations are based on the NREL 5 MW wind turbine. An additional case study on the DTU 10 MW
turbine has also been carried out to evaluate the effect of the CLCD in a very large blade. It is shown that an optimally
tuned CLCD performs equally well in the 10 MW wind turbine blade, even though the rated rotor rotational speed and
the fundamental edgewise frequency are slightly reduced. All these results show that the proposed CLCDs are promising
passive damper devices and can be utilized in wind turbine blades for edgewise vibration control.
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Abstract

Tuned liquid dampers (TLDs) utilize the sloshing motion of the fluid to suppress structural vi-
brations and become a natural candidate for damping vibrations in rotating wind turbine blades.
The centrifugal acceleration at the tip of a wind turbine blade can reach a magnitude of 7-8 g.
This facilitates the use of a TLD with a relatively small fluid mass and with feasible geometric
dimensions to mitigate the lightly-damped edgewise vibrations effectively. In the present paper,
modal expansions are carried out directly on the velocity field and the free surface of the slosh-
ing liquid in the rotating coordinate system. A formulation has been proposed leading to coupled
nonlinear ordinary differential equations, which have been obtained through the Galerkin vari-
ational approach together with the modal expansion technique. Two models, with one sloshing
mode and three sloshing modes have been studied in the numerical simulation. It is shown that
the one-mode model is able to predict the sloshing force and the damped structural response ac-
curately, since the primary damping effect on the structure is achieved by the first sloshing mode
of the fluid. Although it is unable to predict the fluid free-surface elevation equally well, the
one-mode model can still be utilized for the design of TLD. Parametric optimization of the TLD
is carried out based on the one-mode model, and the optimized damper effectively improve the
dynamic response of wind turbine blades.

Keywords: tuned liquid dampers, wind turbine blade, edgewise vibration, modal expansion

1. Introduction

Recent development in the wind energy industry aims at obtaining more economic and pro-
ductive configurations in order to compete in the energy sector. This has led to larger multi-
megawatt wind turbines with increased rotor diameters of over 160m, allowing more wind re-
source to be captured throughout their lifetime and lowering the cost of energy. On the other
hand, as the size of the rotor increases, the blades are becoming more flexible and hence are
more vulnerable to wind-induced vibrations. The large amplitude vibrations may significantly
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shorten the fatigue life of the blade and reduce the operational efficiency in converting the wind
energy to electrical power.

Conventionally, the modes of vibration for the blades are classified as flap-wise and edge-
wise modes. Flap-wise vibrations are vibrations out of the plane of the rotating rotor, whereas
edgewise vibrations take place in the rotor plane. During normal operations, flap-wise vibrations
are highly damped due to the strong aerodynamic damping as long as the boundary layer on the
suction side of the profile is attached (Hansen, 2007). Therefore, motion in this direction merely
turns out to be quasi-static responses to the incoming turbulent wind, containing only low fre-
quency components from the wind shear and the stagnation during tower passage. In contrast,
the modal damping in the edgewise direction is much lower due to low aerodynamic damping
(Hansen, 2007; Thomsen et al., 2000), leading to more violent vibrations and increased fatigue
damage of the blade. Moreover, due to the coupling between the blade edgewise motion and the
drivetrain torsional motion, the unfavorable edgewise vibrations will increase the fluctuations
of the generator torque, and hence the quality of the generated power. Further, there is also a
possibility of aeroelastic instability in the edgewise direction for some combinations of blade
properties and operational conditions, especially around rated wind speeds for turbines with
high performance rotors operating close to stall (Hansen, 2007; Bir and Jonkman, 2007). When
aeroelastic instability takes place, the sum of the structural damping and the aerodynamic damp-
ing becomes negative in the edgewise direction (Riziotis et al., 2004), and the motion grows
exponentially, which may potentially lead to the failure of the overall system. Therefore, the
mitigation of violent edgewise vibrations becomes a vital design consideration to improve the
overall performance of wind turbine blades and to protect them from the fatigue damage during
the design period.

The use of passive, semi-active and active damping devices, which introduce additional
damping to suppress the damaging effect of wind, wave and earthquake loads on engineering
structures, have been extensively investigated in the last few decades (Spencer and Nagarajaiah,
2003). In recent years, an increasing number of investigations are being carried out on vibra-
tion mitigation of wind turbine components using external devices. For wind turbine towers,
several types of passive dampers have been proposed for reducing the vibrations induced by the
wind and wave loads (Murtagh et al., 2008; Colwell and Basu, 2009; Lackner and Rotea, 2011;
Stewart and Lackner, 2014; Zhang et al., 2014a). On the other hand, investigations regarding
the mitigation of blade vibrations are mainly focused on the semi-active and active control solu-
tions (Arrigan et al., 2011; Staino and Basu, 2013; Fitzgerald and Basu, 2014; Staino and Basu,
2015). Fitzgerald et al. (2013) investigated active TMDs for mitigating edgewise vibrations, and
the active TMD achieved greater response reductions than its passive counterpart. Active struts
mounted near the root of each blade was proposed by Krenk et al. (2012) for suppressing blade
vibrations. Inspired by the concept of TMDs, the active control concept developed in this study
is based on resonant interaction between the rotor and the controller. Staino et al. (2012) pre-
sented the use of active tendons mounted inside each blade for the control of edgewise vibrations.
Manipulated according to a prescribed control law, a variable control force can be applied in the
edgewise direction, improving the dynamic response of the blade significantly. However, both
semi-active and active control solutions need relatively complicated controller configurations and
some amount of power input. Recently, investigations have been carried out on the performance
of both a roller damper (Zhang et al., 2014b) and a tuned liquid column damper (TLCD) (Zhang
et al., 2015a) equipped inside a rotating blade. Because of the large centrifugal acceleration of
the rotating blade, it was shown that both the roller damper and the TLCD with small mass ratios
could effectively mitigate edgewise vibrations.
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Added fluid mass can be used to effectively counteract undesired oscillations of structures
(Langthjem and Nakamura, 2014). The tuned liquid damper (TLD), which consists of a tank
partially filled with fluid, is a passive damping device for mitigation of structural vibrations by
utilizing the sloshing fluid. Normally, the fundamental sloshing frequency of the liquid is tuned
to the fundamental frequency of the primary structure. When the TLD is excited by the motion
of the primary structure, the liquid in the tank begins to slosh, imparting inertial forces onto the
structure, out of phase with its motion, thus absorbing and dissipating energy. The main advan-
tages of the TLD are the ease of fabrication and installation, especially where space constraints
exist, and minimal maintenance after installation, which make the device very cost-effective.
The TLD has been shown to effectively suppress the wind-induced vibration of structures (Fujii
etal., 1990; Tamura et al., 1995; Chang and Gu, 1999). It is also proposed for seismic control of
structures. Both experimental and theoretical studies (Banerji et al., 2000; Lee et al., 2007; Jin
et al., 2007) have shown that a TLD does reduce the vibrations of flexible structures subjected to
earthquake excitations. The primary difficulties associated with TLDs arise from the nonlinear
nature of the sloshing liquid, which makes modeling and designing these devices challenging.
Numerous methods have been employed to predict the response of sloshing liquid. Equivalent
mechanical models based on TMD analogy (Sun et al., 1995; Yu et al., 1999) simplify the TLD
to an equivalent tuned mass damper, with the equivalent mass, stiffness and damping calibrated
from the experimental results. This kind of model is able to predict the energy dissipation through
liquid sloshing and is useful in the preliminary design of the TLD. However, the nonlinear fluid
response cannot be captured by such simple models. Nonlinear shallow water wave theory (Sun
et al., 1994; Reed et al., 1998) has been proposed for predicting the response of fluid sloshing in
rectangular tanks. Although the nonlinear shallow-water wave equations can be solved numeri-
cally, it is computational inefficient and does not provide an effective design tool for engineering
application. Modal expansion techniques (Faltinsen et al., 2000; Faltinsen and Timokha, 2001;
Love and Tait, 2010) have been used to model the sloshing problem, where the fluid flow is as-
sumed to be inviscid, irrotational, incompressible and without rigid-body rotations. The velocity
potential and the free surface are expressed as a summation of sloshing modes, and a system of
coupled ordinary differential equations are developed by applying calculus of variations (Faltin-
sen et al., 2000; Faltinsen and Timokha, 2001).

In this paper, the TLD is proposed for mitigating edgewise vibrations in rotating wind tur-
bine blades. In the case of the building or tower vibrations, the sloshing of the liquid and thus
the damping effect of the TLD is governed by the gravitational acceleration, g. For a rotating
wind turbine blade, the corresponding damping effect is governed by the centrifugal acceleration,
which can reach up to a magnitude of 7-8 g at the tip of a 65m-long blade. This makes it possible
to use the TLD with a rather small mass for effectively suppressing edgewise vibrations.

Similar as in the work of Faltinsen et al. (2000) and Faltinsen and Timokha (2001), modal
expansion technique has been used in this paper for the sloshing problem. However, the main
obstacle in modeling the TLD in rotating blades is that strong non-inertial forces appear in the
Euler equations in terms of the angular acceleration, the Coriolis acceleration and the centripetal
acceleration. These effects render the use of potential flow theory invalid even for inviscid and
irrotational fluid flow. Therefore, modal expansion is carried out directly on the velocity field
of the fluid rather than the velocity potential. The basic idea for the modeling of the TLD in
this paper is as follows. First of all, boundary value problem (Euler equations with the nonlinear
boundary conditions) for the liquid inside the TLD is derived in the local, rotating coordinate
system. Next, the Galerkin variational approach has been used to develop two equations, one for
the velocity field, and the other one for the kinematical boundary condition at the free surface.
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These two equations are used with the modal expansions to develop a system of coupled ordinary
differential equations. Here the shape functions in the modal expansion of the velocity field are
taken as the eigenmodes of standing waves in linear wave theory, based on which the shape
functions for the surface elevation can also be obtained. Finally, the differential equations of the
fluid are combined with the equation of motion of the edgewise blade vibration, which completes
the modeling of the problem.

In the numerical simulation, both the one-sloshing-mode model and three-sloshing-mode
model have been considered for study. The sloshing force, the damped structural response and
the fluid surface elevation are compared between the two models. Parametric studies have also
been performed for the TLD with different mass ratios and tank lengths.

2. Theoretical model for the TLD installed in a rotating blade

The edgewise vibrations of a wind turbine blade are coupled to the lateral tower and drivetrain
vibrations, which may also influence the motion of the fluid inside the TLD. However, previous
studies (Zhang et al., 2014b; Zhang et al., 2015a; Basu et al., 2015) have proved that this coupling
is of minor importance for the optimal design of passive dampers inside a blade. It has been
shown that the optimally tuned passive dampers perform almost equally well in a highly-coupled
13-DOF wind turbine model, even though the optimal tuning is based on a reduced 2-DOF blade-
damper model ignoring the coupling with the tower and drivetrain vibrations. Therefore, in
the present paper only the mode corresponding to blade edgewise vibrations is considered, and
the analysis of the TLD is totally based on the local dynamics of the rotating blade without
considering the influence from other components of the wind turbine.

2.1. Definition of the problem

Figure 1 appears about here.

Fig. 1 shows the schematic representation of a rotating blade equipped with a TLD. (X1, Xz, X3)-
is the global fixed coordinated system with its origin O fixed at the center of the hub. The edge-
wise vibration of the blade is described in the moving (x1, X2, X3)- coordinate system, while the
motion of the liquid inside the TLD is described by another local coordinate system (ya, Y2, Y3)
fixed to the damper. For each blade, the mass per unit length and bending stiffness in the edge-
wise direction are denoted by u(x3) and El(x3), respectively. Similar to other inertial based
dampers for passive vibration control such as a tuned mass damper (TMD), the TLD has a rather
limited bandwidth (although might be wider than a TMD due to nonlinear sloshing eftects), and
is likely only to mitigate vibrations in a single mode at optimal tuning. In the present case the
aim is to damp the fundamental edgewise mode, which is described by the degree of freedom
q(t). Further, the azimuthal angle P(t) of the blade is given as:

() = Ot @)

where Q is the angular rotational speed of the blade, which is assumed constant in time.
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Further, the local edgewise displacement u,(xs, t) of the rotating blade in the x,-direction can
be described by the single modal coordinate q(t) as:

Ua(Xs, 1) = —D(x3) q(t) @

where ®(x3) is the fundamental eigenmode of the blade edgewise vibration. This is normalized
to 1 at the tip, i.e. ®(Lg) = 1, where Lg denotes the blade length. The negative sign refers to the
definition of q(t) in the negative direction of the x,-axis, as shown in Fig. 1.

Assuming the TLD to be mounted at the coordinate xs = Xo, the elastic displacement and
rotation of the blade at this position are given by

Uz(Xo, 1) = —bq(t)
_ } (©)
o) = ca()
where the following auxiliary parameters have been introduced:
b = ®(xo)
— o 4
¢ =0’(x)

The TLD is made up of a closed rectangular tank with the length L and the width B. The
height of the tank is assumed to be sufficiently larger than the mean water depth h, so that there
is enough free board and the surface elevation n will not reach the ceiling of the damper. The
mass of the oscillating liquid becomes:

m, = phLB (5)
where p denotes the mass density of the liquid.

2.2. Boundary value problem in the rotating coordinate system

As shown in Fig. 2, the motion of the fluid relative to the tank is described in (y1,Y2,y3)-
coordinate system fixed to the damper with its origin O’ placed at the center of the mean water
level (MWL). It is assumed that the free surface can be defined by a single variable of the surface
elevation n(y1, y3, t) measured from the mean water level. Hence, overturning waves, slamming
or breaking waves are not covered by the following theory. Further, the fluid is considered
incompressible, inviscid and irrotational.

Figure 2 appears about here.

A given fluid particle is described by the position vector r(t), which is decomposed as follows:

rt) = ro(t) + y(t (6)

where ro(t) and y(t) denote the position vector from the fixed origin O to the point O’ and the
position vector from the point O to the fluid particle. Further, w(t) denotes the angular velocity
vector of the moving (y1, Y2, y3)-coordinate system relative to the (X1, X2, X3)-coordinate system
(Fig. 2). Then the following result can be derived for the velocity vector and acceleration vector
of the fluid particle in the (y1, y2, y3)-coordinate system:
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() = o) + VYD) + () x (ro(t) + y(0)

P(t) =Fo(t) + V(y(t). 1) + @(t) x (ro(t) + Y()) + 2a(t) X (Fo(t) + V(y(t). 1) + @)
() x (@(®) x (ro(t) + (1))

where T is the vector with components fq j in the local (y1, Y2, y3)-coordinate system. o is the
vector with components fo ; in (1, Y2, Ys)-coordinate system. é(t) x (ro(t) +Y(t)), 2 (t) x (Fo(t) +

v(y(t), t)) and w(t)x(w(t)x(ro(t)+y(t))) indicate the contributions to the acceleration vector from
the angular acceleration, the Coriolis acceleration and the centripetal acceleration, respectively.
1t should be noted that v(y(t), t) and v(y(t), t) indicate the velocity and acceleration vectors of the
fluid particle as seen by an observer fixed to the (y1, Y2, y3)-coordinate system.

Up to now a Lagrangian description of the motion of a certain fluid particle has been fol-
lowed. Next, the description is reformulated in Eulerian coordinates. This means that the ac-
celeration v(y, t) of the particle occupying the position y at the time t is calculated as v(y,t) =
%v(y, ) + (v(y,t)- V) v(y, t) (Malvern, 1969), resulting in the following boundary value problem:

p(ng, 1) + (V(y.1) - V) (. t)) + piot) + par(t) x (ro(t) + y) +

2p(t) x (fo(t) + V(y, 1)) + pw(® x (@(t) x (ro(t) +Y)) = -Vp(y.t) + pg, yeV()

V-v(y,t) =0 . YeV()
v0.01) = 0 L yemo
P = 0 C yem
on(ys,ys, t on(ys, ys, t on(ys, ys. t
vty ) = TOIRD gy g MOy POV S yeR
V1 9y3 ®

where g denotes the acceleration due to gravity vector. All the components of the vectors en-
tering Eq. (8) will be indicated in the (y1, Y2, y3)-coordinate system, in which the components
of g become time-dependent. Due to the assumed incompressibility, the volume of the fluid is
constant in time. However, the shape as specified by the surface elevation n(y1, ys, t) is changing
with time. Therefore, the domain V(t) occupied by the fluid, the wet part of the boundary A;(t),
and the free surface A,(t) will be time varying as well.

The boundary condition v(y, t) - n(y) = 0 at A;(t) specifies that the velocity component of the
fluid in the outward direction must be zero, where n(y) is the unit normal vector at A;(t). At the
free surface A,(t), the pressure above atmospheric pressure p(y, t) must vanish. Further, a fluid
particle at the free surface must remain there at all time, which is specified by the other boundary
condition at Ax(t).

Being placed close to the blade tip with small blade thickness, the width B of the TLD will
be small compared to h and L. Due to this geometric constrain, the flow is predominantly 2-
dimensional, taking place in the (yi1,y2)- plane. Hence it is assumed that v3(y,t) = 0 in the
present study. Due to the incompressibility of the fluid the surface elevation needs to fulfill the
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integral condition:
L/2
[ ey =0 ©
-L/2

The components of ro(t), g and w(t) in the (y1, Y2, y3)-coordinate system are given by (see
Fig. 1):

—sin (¥() + (1))
-9 = 9| cos(¥(t) + ()] » @) =
0

Xo Sin¢(t) — bg(t) cos ¢(t)
ro(t) = l—xo cos ¢(t) — bq(t) sin (t)
0

0
0 ]
() - &)
(10)
where the components have been presented in matrix formulation for ease. The term g is the
scalar magnitude of acceleration due to gravity (i.e. 9.8 m/s?).

2.3. The Galerkin variational method and the modal expansion

Faltinsen et al. (2000) proposed the use of potential theory for the sloshing problem, where
the rotation of the TLD is around the origin O’. The rotation of the TLD is around the origin O
(the hub center) in the present case, which causes a centrifugal acceleration of the fluid particles
of the magnitude Q2 xo, much larger than the centrifugal acceleration of the magnitude Q2 |y|
caused by a rotation around O’. In the present study, the solution to the problem will be based
on a discretization of the velocity field equation and non-linear boundary conditions in Eq. (8),
rather than based on potential theory.

In order to derive a weak representation of the boundary value problem in Eq. (8), a virtual
variation 6v(y) of the fluid velocity field is considered with the following properties:

V-évly) =0 , er(t)}

(11)
ovy)-n(y) =0 . yeA(l)

Scalar multiplication of the momentum equation with év(y), followed by an integration over
V(t) provides:

L1 o (o (0.0 + (3.0-7)vy.0) + 2 00X y.) - p2u0.) + V0DV = 0
V()

(12)
where ac(y, t) is an effective acceleration vector on the fluid particle defined as:

au(y,t) = g — fot) — @ x (ro® +y) — 20(t)  Fot) — w(t) x (w(t) x (ro(®) +y))  (13)
From the divergence theorem

| V) TB08V = B0 M) g0 | L POOT-0vOV =0 (19

The vanishing of the volume integral follows from: 1) the mechanical boundary conditions
for p(y, t) on Ay(t) and the kinematic boundary condition for 6v(y) on A;(t) as indicated in Egs.
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(8) and (11). 2) the assumed incompressibility of the variational field in V(t). Then, Eq. (12) is
simplified as:

Jrov- o0 + (v 7)) + 2000 x V0 - paty0]av = 0 @15)

This variational equation (Eq. (15) ) has some resemblance to the variational principle (Luke,
1967) for potential flows in the sense that the pressure p(y,t) disappears from the stationarity
condition.

Next, the following modal expansion of the velocity field v(y, t) and its virtual variation 6v(y)
are formulated:

0

VL) = D nOViY) . yeV
i=1

N (16)
ovy) = Y onVily) , yeV(
i=1

where ri(t) and ¢r; denote the generalized coordinates of the velocity field and the variational
field. As seen the same functional bases have been assumed for the two expansions, correspond-
ing to a Galerkin variational method. The shape functions V;j(y) are not required to fulfill any
mechanical boundary conditions on the free surface A,(t). However, they need to have zero
divergence in V(t) and to fulfill vanishing kinematical boundary conditions on A (t):

V-Viy) =0 , er(t)}
Vily)-n(y) =0 , yeA(t)

Substituting Eq. (16) into Eq. (15), and using that 6r; can be varied independently, the fol-
lowing infinite system of ordinary nonlinear differential equation are obtained for the generalized
coordinates ri(t):

(17

Dm0 + YO + Y > o®n®n® = i) . i=12... (8
=1 =1 j

=1 k=1

mij(t) = fv AZORTOLY

SO L 2O (00 <Vi)aV = 2000 /. Vi x Vi) av "
o = [ PV (Vi) D) Vi) av

W = fv RAURIALY

The tensor components in equation Eq. (16) are time-dependent due to the time-varying fluid
domain V(t). In Appendix A, semi-analytical expressions for these components have been given,
based on which they can be calculated using one-dimensional numerical integration.
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In the present paper, the shape functions in Eq. (19) are taken as the eigenmodes of standing
waves in linear wave theory (Svendsen and Jonsson, 1976) given by:

—sin(ki (y1 + %)) cosh (ki (y2 + h))
Vi(y) = | cos(ki (y1+5)) sinh(ki(y2 +h)| . (yi.y2) = [~
0

5 5Ix[-h.0] 20)

The chosen shape functions are equivalent to the ones by Faltinsen et al. (2000), Love and
Tait (2010), where the eigenfunctions in linear potential theory were used as functional basis
in the expansion of the velocity potential ®(y,t). The gradient of ®(y,t) leads to exactly the
same results as in Eq. (20). It can also be verified that V; (y) has zero divergence for any value
of the wave number k; in the liquid domain. Further, the chosen shape functions fulfill certain
orthogonality conditions, which will make the resulting system equations simpler. In order to
fulfill the kinematic boundary condition on A; (t) the wave numbers must be chosen as:

k=iZ |, i=12... 1)

-

Mounted inside the rotating blade, the motion of the sloshing fluid in the TLD is primarily
governed by the centrifugal acceleration xoQ?, which turns out to be the dominating component
in Eq. (13). Hence, the angular eigenfrequencies w; of the standing waves are approximately
determined from the dispersion relation:

W? = %Q2k; tanh(kih) (22)

which is identical to the corresponding dispersion relation for gravity waves (Svendsen and Jon-
sson, 1976), except that the gravitational acceleration g has been replaced by the centrifugal
acceleration xoQ2.

Further, the boundary condition on the free surface is discretized in a similar manner. Let
on(y1) denote a virtual displacement of the surface elevation n(y1,t). The multiplication of the
boundary condition with ¢n(y;) followed by an integration over the interval [-L/2, L/2] provides
the stationarity condition:

L/2
I o (e 0 2D v )y =0 23

The following modal expansion of the surface elevation (ys, t) and its virtual variation 6n(y;)

are formulated:
= L
Ny, t) = ; si(t) cos (ki (Y1 + 5))

on(y1) = iési cos (ki (y1 + %))
i=1

where s;j(t) and §s; denote the generalized coordinates of n(y1, t) and 61(y1). The selected shape

functions in Eq. (24) is motivated by the linear wave theory, where the free surface condition

reduces to v,(y1,0,t) = (%n(yl, t). Hence, the distribution with y; for each shape function in Eq.

(24) should be pairwise proportional to its counterpart in Eq. (20). Further, the indicated shape
9
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functions imply that the incompressibility condition in Eq. (9) is automatically fulfilled.

Substituting Eq. (24) into Eq. (23), and using that 6s; can be varied independently, the
following infinite system of ordinary nonlinear differential equations are obtained for the gener-
alized coordinates s;(t):

L/2 =)
§i(t) = %IL/Z cos(ki (yﬁ%))[pz()’w?(yht))+ pa(y1, m(y1, 1) ]Z;Sj(t) kj sin (kj (Y1+%))} dys
(25)

where:

0

puly2102.0) = = > sin(k (1 + 5 )] cosh k() )
=
(26)

)

palyanon.0) = 1300 c0s(k [y + 5 ) sinh i 0.+ )

=1

2.4. Equations of motion for the coupled blade-TLD system

Obviously, the differential equations in Egs. (18) and (25) are coupled, and both depend on
q(t), q(t), G(t) via the vectors ro(t), g, w(t) and their time derivatives. The dependence on g(t)
can be eliminated via the equation of motion for q(t) to be specified below. Hence, the dynam-
ics of the fluid simply depends on the state variables q(t), q(t) and the generalized coordinates
ri(t), r2(t), ... and si(t), s2(t), . ... In practical applications the expansions in Egs. (16) and (24)
need to be truncated at the same finite order N. Hence, the fluid motion is described by the fol-
lowing state vector z(t) of dimension 2N + 2:

a0t
z(t) = ?8 27
s(t)
where:
rl(t) Sl(t)
w="" . so= " (29)
() su(d)

Figure 3 appears about here.

As shown in Fig. 3, f¢(t) = fc(z(t), t) with the non-vanishing moving frame components f 1 (t)
and fc2(t), denotes the external reaction force vector on the liquid due to the pressure p(y, t) from
inner side of the tank. This force vector, when transferred to the primary structure, represents the
sloshing force for mitigating edgewise vibrations in the rotating blade. The vector f.(t) can be

10



282

283

284

286

287

288

289

290

292

293

294

295

296

297

298

299

300

302

obtained from the divergence theorem in combination with Egs. (8) and (13):

fuft) = - fA | PO 0A =

o
fv . p(av(y, 0+ (VLD - V)V 1) + 2000 X VY1) - ay, t))dv =

dij®) ri®) rj(t) + e(t) (29)

N
j=t

N N
PTCLICESIEICIICR
k=1 i

N
k=1 i=1

where the vectors b;(t), ci(t), di;(t), e(t) are given by:

f pVily)dV
V(D)

G = f 20000 x Vi(y)dV = 2a(t) x bi()
V(D)

bi(t)

(30)

d® = | i) )V av

—f pae(y,t)ydv
V(1)

Semi-analytical expressions for the moving frame component of the vectors bj(t), ¢i(t), dij(t),
e(t) have been given in Appendix A. They depend on the state variables s(t) through the time-
varying fluid domain V(t).

From the linear wave theory, under the influence of the centrifugal acceleration xoQ? alone,
only the odd-number modes in the expansions in Egs. (16) and (24) contribute to fc(t), and
that the contribution from any mode to fc»(t) vanishes totally. In the nonlinear case, with the
time and space varying acceleration ac(y,t) and the non-symmetric influence of the Coriolis
acceleration, there will be non-vanishing contributions to both force components from all modes
in the expansions. However, it is assumed that the odd terms have dominating contributions in
the control force, and the number of retained terms N should be chosen as an odd number.

By using the Euler-Lagrange equation, the equation of motion for the edgewise vibration q(t)
can be formulated (Zhang et al., 2014b; Zhang et al., 2015a; Basu et al., 2015). Coupled with
the sloshing force from the TLD, the following equation is obtained:

Mo () +Co (1) + (ko—Q?Mo) q(t) = fo(3, 1) + Ty(t) + B(fea(t) cose(t) + fea(t) sin(t)) (31)
where fo(t) denotes the wind-induced modal load on the primary structure obtained from a more
sophisticated 13-DOF aeroelastic model, taking the aerodynamic damping into consideration
(Zhang et al., 2014c). fy(t) = sin(Qt) fOLB 1(x3)g®(x3)dxs denotes the modal load from gravity.

The term my = fOLB u(x3) D?(x3) dxs is the modal mass of the blade, and ko denotes the modal
stiffness including the elastic and geometric contributions:

e(t)

ko(t) = ke + ki ©Q? — kog cos(Qt) (32)

In Eq. (32), ke is the elastic stiffness of the blade without geometrical contributions. kyQ?
indicates the geometrical stiffening due to the centrifugal acceleration. —k,g cos(Qt) indicates
11
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the geometrical softening caused by the variation of the axial force during rotating due to the
weight of the blade. The parameters ke, k; and k; are given by:

(e d2d(x3) \?
ke-fo E|(X3)( o ]dXs
Ls
ky = fo Nl(x)(dq)(f)) dxs . Ni(xa) = L u(y3) ys dys (33)

Ls
ko = j; N2(X3) (d (XS)) dxs , Na(xs) = f u(ys) dys

X3

Further, the negative stiffness term —Q?my in Eq. (31) is the result of the centripetal softening
effect, where the blade deflection in the edgewise direction induces a component of the centrifu-
gal force in the same direction (tending to further increase the blade edgewise deflection) in the
rotor plane.

The fundamental edgewise circular eigenfrequency of a static blade can be calculated using

the following equation:
wy = v ke/mo (34)

Based on wp and mg, the damping coefficient of the primary structure is calculated as:
Co = 2o wo Mo (35)

where ¢ is the structural damping ratio.

The ordinary differential equations for the generalized coordinates ri(t) (Eq. (18)) do not
contain terms to account for the energy losses of the sloshing liquid (ni;(t) is the gyroscopic
damping term which does not dissipate energy). In principal, energy dissipations in the TLD
arise from both the fluid viscosity present primarily in the boundary layer and the inclusion of
flow restricting devices such as screens and baffles. Investigating how these two mechanisms
contribute to the energy dissipation are beyond the scope of this paper. Instead, in Eq. (18)
a linear viscous damping term is incorporated to accommodate the overall energy dissipation
arising from the viscous effect and flow restricting devices:

N N N N N
DImpO ) + Y cp®r® + >0 + >0 > ox®@n®n® = i) (36)
j=1 =1 =1 =1 k=1

In the present case, cij(t) is modeled as

Cij(t) = Ewmij(t) (37)

where £ is a non-dimensional damping parameter, representing both the dissipations from the
fluid viscosity in the boundary layer and the flow restriction device. For practical applications
this parameter should be calibrated from full scale eigenvibration tests.

Egs. (31), (25) and (36) are combined into the following state vector differential equation,
which describes the edgewise vibrations of the blade coupled to the fluid motion of the TLD:

2(t) = h(z(t).t) (38)
12
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Further, the mass ratio u (ratio between the fluid mass and the modal mass of the structure)
and the tuning ratio y (ratio between the first sloshing frequency and the fundamental edgewise
frequency) are introduced as design parameters, defined as:
moo_e

p=o X=o (39)

As a measure of the efficiency of the damper, the reduction ratio ¢ is defined as:

L7 1Qo(@)Pdw - [ 1Q(w)Pdw
6= o . (40)
I 1Qo(w)Pdew

where Q(w) and Qo(w) are the Fourier amplitude of the edgewise tip displacements of the blade
with and without the TLD, respectively. w, and wy are the lower and upper limits of the consid-
ered angular frequency range. The optimal parameters of the TLD can be found by maximizing
the value of 6.

3. Numerical simulations

Data from the NREL 5-MW reference wind turbine (Jonkman et al., 2009) have been used
to calibrate the structural model of the blade. Each blade has a length of 63 m and an overall
mass of 17740 kg, with the fundamental edgewise modal shape, the bending stiffness and the
mass per unit length provided by Jonkman et al. (2009). The constant parameters employed in
the structure-TLD model are calculated and presented in Table 1.

Table 1 appears about here.

The edgewise modal loads fy(t) in Eq. (31) are obtained by applying a 3-dimensional rota-
tional sampled wind field to the rotor of the 13-DOF aeroelastic model (Zhang et al., 2014c),
with specified mean wind speed V, and turbulence intensity 1. Having fo(t) as the external ex-
itation, the nonlinear state vector differential equation (Eq. (38)) is numerically solved by the
fourth-order Runge-Kutta method using a time interval of 0.02 s. At each time step, iterations
need to be performed to obtain ¢(t) since Eqgs. (29) and (31) are nonlinearly coupled.

In the present study, modal expansions to one sloshing mode (N=1) and three sloshing modes
(N=3) are evaluated, corresponding to the state vector z(t) of dimension 4 and 8, respectively.
The one-sloshing-mode model is used for parametric optimization of the TLD, which has been
justified by comparing the results from the one-mode and three-mode models.

3.1. Parametric optimization of the TLD using one-mode model

The parameters of the TLD to be determined are the mass ratio yu, the tuning ratio y, the
non-dimensional damping parameter £ and the mounting position of the damper xo. Because the
damping eftect of the sloshing liquid on the structure is governed by the centrifugal acceleration
XoQ?, better performance of vibration reduction can be obtained by mounting the liquid damper
closer to the tip of the blade. However, the available space inside the hollow blade decreases
toward the tip, making the determination of X, a trade-oft problem. In the following, X is set
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to be 55 m, corresponding to approximately 7/8 of the total blade length. Further, four sets of
mass ratios are considered in the optimization, i.e., x=0.02, 0.03, 0.04, 0.05. With the modal
mass mo= 1412 kg, the liquid mass varies between 28.24 and 70.60 kg, corresponding to 0.16%-
0.40% of the total mass of each blade. The choice of the tank length L has significant influence
on the tank width and mean fluid depth of the TLD, and it should be decided according to the
available space inside the blade. In the present study, three different values of L have been taken
into consideration, i.e., L=1.5,2,2.5m.

In the optimization procedure, the optimal tuning ratio yop and the optimal non-dimensional
damping parameter &y are sought such that the reduction ratio 6 is maximized, for prescribed
values of the mass ratio and the tank length. Considering the edgewise angular frequency to be
6.85 rad/s, wa = 3 rad/s and wy, = 10 rad/s have been used in Eq. (40).

Table 2 gives the values of yopt, &opt, @s Well as the corresponding 6, the mean fluid depth h
and the tank width B. From Table 2, there are four observations to be made:

(i) the reduction ratio § increases as the mass ratio x increases, indicating that a TLD with a
larger fluid mass can achieve higher damping effect;

(i) as p increases with a given L, both yop and h decrease slightly, but B increases signifi-
cantly. Actually when L is fixed, the adjustment of fluid mass is mainly achieved by the change
of B, since h is determined by the tuning condition and the tuning ratio is always around 1. The
variation of 4 has almost no effect on &qpt.

(iii) as L increases from 1.5 m to 2.5 m for a prescribed value of 4, yopn decreases slightly
while & is almost not influenced. The variation of L has almost no effect on the reduction ratio
§. Therefore, it is mainly the mass ratio that determines the damping efficacy of the TLD.

(iv) as L increases, h increases significantly and B decreases significantly. The value of L
should be constrained by the blade chord at the corresponding span-wise position. L should be
limited also because large value of L will result in a very small value of B that is unrealistic for
practical implementation. On the other hand, a very small value of L may lead to a large value
of B that exceeds the available space inside the blade. Further, h becomes very small for a small
value of L. The significant wave breaking for the shallow water cannot be captured by the present
theoretical model. Therefore, the determination of L becomes a tradeoff problem, depending on
the available space inside the blade, the resulting width and the mean fluid depth of the damper.

Table 2 appears about here.

Fig. 4 presents the performance of a TLD with optimized parameters for mitigating edgewise
vibrations, when the mean wind speed is 15 m/s and the turbulence intensity is 0.1. Given xo = 55
m, 4 = 0.03 and L=2.5 m, the optimal tuning ratio yopt = 0.985 (resulting in h = 0.3468 m) and
damping parameter &, = 0.165 as given in Table 2 are used in the simulation.

Figure 4 appears about here.

As shown by the time history in Fig. 4(a), the modal loads from gravity result in a large har-
monic motion in edgewise direction, with an angular frequency of 1P (1 per rev, corresponding to
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the rotational speed of the rotor 1.267 rad/s). On top of this deterministically harmonic-varying
motion, oscillations related to the edgewise eigenvibration are also presented in the time his-
tory. The TLD has no effect on the gravity induced 1P motion, but effectively adds damping into
the edgewise eigenvibration. The blade edgewise motion with the TLD becomes almost pure
harmonic (with the 1P frequency) since the high frequency oscillation has been significantly
mitigated by the TLD. The maximum edgewise tip displacement is reduced from 0.974 m to
0.864 m. From the Fourier amplitude spectrum (in semi-logarithmic chart) of q(t) in Fig. 4(b),
it is more clearly seen that a TLD with a fluid mass of 42.36 kg effectively suppresses the peak
around 6.85 rad/s corresponding to fundamental edgewise angular frequency. This means that a
properly designed TLD is able to absorb almost all the energy in the fundamental edgewise mode
of the blade. However, the 1P frequency peak is not influenced at all by the TLD.

Figure 5 appears about here.

On the contrast to the gravity induced motion, the edgewise vibration (in the fundamental
edgewise mode) is stochastic in nature, and is influenced by both the turbulent wind field and the
operational condition of the turbine. Under some conditions (Hansen, 2007), the aerodynamic
damping in the edgewise mode becomes negative, and large amplitude oscillation or even aeroe-
lastic instability may take place. Fig. 5 shows the performance of the TLD (same parameters
used as in Fig. 4) under two conditions with different aerodynamic damping. In the present nu-
merical example, the value of £, is manually changed (in principle £ is always positive) in order
to mimic the change of the aerodynamic damping, and the same modal loads fo(t) as in Fig. 4
has been employed. In Fig. 5(a) ¢ is set to be 0, representing the case where the total damping
(the structural damping plus the aerodynamic damping) is zero. Large amplitude oscillations
take place in the fundamental edgewise mode, and the TLD effectively damped the edgewise
eigenvibration, leaving only the 1P harmonic-varying motion in the edgewise direction. In Fig.
5(b) & is set to be -0.001, representing a case with negative total damping (aeroelastic instabil-
ity). It is seen that the edgewise response increases exponentially with time when there is no
TLD mounted. The instability is totally eliminated by the attached TLD, implying that signifi-
cant damping is introduced by the TLD into the fundamental edgewise mode to overwhelm the
negative aerodynamic damping.

It should be mentioned that during the transient time period (not shown here), both the blade
and the fluid are influenced by the initial conditions, and the liquid response contains some high
frequency components. During this interval, the damping effect of the TLD is ignorable. It takes
some time (several seconds) for the liquid to start sloshing in its dominating first sloshing mode,
and hence to spark off the damping effect on the blade edgewise response. This phenomenon is
also observed in other passive vibration absorbers, such as the TMD, the TLCD and the particle
damper.

Moreover, previous studies on the roller damper (Zhang et al., 2014b) and the TLCD (Zhang
etal., 2015a) have shown that when the rotational speed of the rotor decreases from its rated value
(during starting up or closing down procedures of the turbine), the damping effect of the damper
on edgewise vibrations will be drastically reduced due to frequency detuning. Nevertheless, the
reduction ratio of the damper is always positive for rotational speed ranging from zero to the
rated value. These observations also apply to the TLD.
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3.2. Comparison between the one-mode and three-mode models

Simulation results from the one-mode model and three-mode model are compared, with the
same TLD parameters utilized in both models, i.e. Xo = 55 m, u = 0.03, L = 2.5 m, ¢ = 0.165,
h =0.3468 m.

Fig. 6(a) shows the time histories of the sloshing force in y;- direction, obtained from Eq.
(29). In general, the result from the one-mode model agrees well with that from the three-
mode model, indicating that the most significant damping effect is created by the fundamental
sloshing mode. At certain instants of time such as t=319.7 s, relatively large discrepancies can
be observed between the two models. This is due to the higher frequency contributions from
the second and third sloshing modes in the three-mode model, which can not be captured by the
single-mode model. Fig. 6(b) shows the corresponding edgewise tip displacement of the blade
when a TLD is mounted inside. The structural responses from the one-mode and three-mode
models are in excellent agreement with each other. Essentially, the primary structure behaves
like a filter, which filters out high frequency disturbances in the sloshing force, leading to almost
identical results in Fig. 6(b). Hence, the one-mode model is sufficient to accurately predict the
TLD-damped structural response, and can be utilized for optimal design of the TLD as shown in
the previous subsection.

Figure 6 appears about here.

Fig. 7 illustrates the fluid surface elevation at various instants of time for the one-mode and
three-mode models. The general behaviors of the sloshing liquid are similarly predicted by both
models since the first sloshing mode contributes most to the liquid motion. On the other hand,
it is also obviously seen that the second and third sloshing modes have larger effect on the fluid
surface elevation than on the sloshing force and the structural response. The one-mode model
only represents the first sloshing mode (cosine function), resulting in zero surface elevation at
the middle of the tank at all time, which is surely unrealistic. Therefore, for accurately predicting
the surface elevation, modal expansions to three or more sloshing modes need to be carried out.
Furthermore, it can be seen by comparing Fig. 6(a) and Fig. 7 that there is a strong correlation
between the sloshing force and the surface elevation, i.e., the sloshing force agrees well with
each other when n(t) is in good agreement (such as t=306 s, 315.4 s).

Figure 7 appears about here.

In order to substantiate the results shown in Fig. 7, time histories of the surface elevation
n(t) at the end walls are illustrated in Fig. 8(a) and 8(b). Again, the solid and dashed curves
indicate the results when the modal expansion in Eq. (24) is truncated after one mode and three
modes, respectively. The results from the one-mode model (the solid curves) in Fig. 8(a) and 8(b)
are absolutely symmetric about the zero axis, which is not the case for the three-mode model.
Further, it is seen that the one-mode model underestimates the peak heights and overestimates the
trough depths. This limitation of the one-mode model was also experienced for a TLD subjected
to pure horizontal excitations (Love and Tait, 2010).
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Figure 8 appears about here.

To further unfold the contributions from different sloshing modes on the surface elevation,
Fig. 9 shows the time series and the corresponding Fourier amplitude spectra of the generalized
coordinates s;j(t) in the modal expansion of Eq. (24). Results from the one-mode model are
shown in Fig. 9(a). As displayed by the Fourier amplitude spectrum to the right, s;(t) appears
as a broad-banded random oscillation with the central frequency equal to the fundamental slosh-
ing frequency w; of the fluid. A clear peak corresponding to the rotational speed of the rotor
(Q=1.267 rad/s) is also observed. Fig. 9(b) shows the results from the three-mode model, where
the responses of s;(t), s2(t) and s3(t) are compared. As expected, s;(t) is much more significant
than s,(t) and s3(t). In the Fourier amplitude spectrum, s;(t) also displays small spectral peaks
in the vicinity of the second and third sloshing frequencies w; and ws. Similarly, spectral peaks
around w1 and w; are clearly observed in s3(t) besides the third sloshing frequency. This can be
explained by the nonlinear couplings in Eq. (25). Hence, although very similar with each other,
the time series of sy (t) in Figs. 9(a) and 9(b) are slightly different due to this coupling.

Figure 9 appears about here.

Finally, a widely-used simplified method (Reed et al., 1998) is employed to calculate the
control force (sloshing force) of TLD in the local y;-direction, and comparisons with the result
calculated from Eq. (29) are illustrated in Fig. 10. The sloshing force in the simplified method
is expressed as:

fo = 3P%2%B|(h + 1(-L/2) - (h+ n(L/2)Y ] (41)

which is totally based on the linear hydrostatic pressure distributions (Fig. 3), neglecting all
inertial effects. Again, the gravitational acceleration g in the original equation (Reed et al., 1998)
has been replaced by the centrifugal acceleration xoQ? in the present case.

Fig. 10(a) compares the results from the one-mode model. The sloshing forces calculated
from hydrodynamic pressure (Eq. (29)) and hydrostatic pressure are in good agreement with each
other, implying that the hydrostatic pressure force is a dominant part of the sloshing force. Fig.
10(b) shows the corresponding results for the three-mode model, where the discrepancy is some-
what larger and the simplified method overestimates the amplitude of the sloshing force. The
reason is that the inertia/dynamic effects become more pronounced in the higher order sloshing
modes. Therefore, Eq. (29) is recommended for calculating the sloshing force especially when
modal expansions are truncated to higher modes.

Figure 10 appears about here.

Recently, a series of real-time hybrid testing on a full-scale TLD for mitigating lateral tower
vibrations of wind turbines have been carried out by the authors (Zhang el al., 2015b). The
theoretical model proposed in the present paper was slightly modified to handle the case where
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the liquid motion is governed by gravitational acceleration rather than centrifugal acceleration.
The test results agree very well with the results predicted by the modified theoretical model,
which to some extent validates the present theoretical model.

4. Concluding Remarks

This paper presents the modeling of a rectangular TLD for the mitigation of edgewise vibra-
tions in rotating wind turbine blades. For effectiveness, the TLD is required to be placed close to
the blade tip where the thickness is small, and the width of the damper needs to be small accord-
ingly. As a consequence the fluid motion of the damper becomes essentially 2-dimensional.

First of all, the boundary value problem (Euler equation with the nonlinear boundary con-
ditions) is formulated in a coordinate system fixed to the rotating container. Next, the Euler
equation and the nonlinear kinematic boundary condition of the free surface are discretized us-
ing the modal expansion technique, where the velocity field and the free surface are expressed as
a summation of sloshing modes (eigenmodes of the standing wave under centrifugal acceleration
are taken as the shape functions for the velocity field). A system of coupled ordinary differential
equations are obtained, the time-dependent coefficients of which can be numerically calculated
using the semi-analytical expressions (1-dimensional quadratures).

Based on a reduced order single-degree-of-freedom model for the rotating blade, it is demon-
strated that the edgewise vibrations in the fundamental mode can be effectively damped by an
optimally designed TLD. It is also shown that the one-sloshing-mode model is able to predict
the sloshing force and the damped structural response accurately. This implies that the primary
damping effect on the blade is achieved by the first sloshing mode of the fluid, and higher modes
have minor effect on the performance of the damper. On the other hand, the one-mode model is
unable to predict the fluid surface elevation equally well, and a model with three sloshing modes
or even more modes should be employed to well capture the response of the fluid. Nevertheless,
the one-mode model can be utilized for preliminary design/tuning of the TLD, with much less
computational effort and equally good prediction of the damping effect on the primary structure.
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Appendix A. Semi-analytical expressions for Egs. (22) and (33)

m;;(t) is calculated as:
mi©) = mP ) + mP) @2)
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m = phL is the fluid mass per unit width,
been introduced:
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and the following non-dimensional quantities have

6 = tneLn)
a = E (44)
ﬁ@ﬁ=h+ﬁ&°
sa5 n;j(t) is calculated as:
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The moving frame components of b;(t), ci(t), dij(t), e(t) in Eq. (33) are calculated as:

L[ =sin(in&) S|nh(|7raﬁ(§1,t))
bi(t) = ira f [ COS(Iﬂfl) cosh (irapB(é1,t) — 1)} 963 1)

cos (i) (cosh (imaB(én 1) — 1)
t Tt t d 52
“0 = ©+¢0) flsm(mfl) sinh (ima p(é1,1)) } & 62
dij®) = d®) + dPct) (53)

where:

a0 — m fi sin (i~ 1) &) sinh ((i+ ) w e B(é.1) .
W26 0 Jo [ cos((i - )wén) (cosh(li+ Drapent) - 1)

1 1| sin((i + 1) w&y) sinh((i - j) 7 aB(é1,1) o
Z(I—J)f cos (i + 1) mér) (cosh (i - Prapet) - 1) 07

di(f)(t) = % . $(N+1)
S ZSan(t)4|2 a1 s
0
(54)
e(t) = eWt) + @) (55)
where .
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Table 1: Parameters used in the structure-TLD model.

Parameter  Value Unit | Parameter Value Unit
Lg 63 m kq 2.09-10° kg

mo 1.41-10° kg ko 47.25 kg/m
Ke 6.62.10* N/m | Q 1.267 st
wo 6.85 st g 9.81 m/s?
I 0.005 - P 1.010°  kg/m?®
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Table 2: Optimal parameters of the TLD, Vo = 15m/s, | = 0.1, xo =55 m

1u=2% n=3%
LIm]  xopt Sopt 0[%] hilm] BIM] | xopt Sopt o[%] him] B [m]
15 1.040 0.165 41.77 0.1344 0.1400 | 1.010 0.165 46.18 0.1264 0.2234
2.0 1.030 0.165 42.61 0.2390 0.0591 | 1.005 0.165 46.91 0.2266 0.0935
25 1.030 0.136 4335 0.3842 0.0294 | 0.985 0.165 46.48 0.3468 0.0489
1=4% n=5%
L [m] Xopt Sopt 5[%] h[m] B [m] Xopt Sopt d[%] hi[m] B [m]
15 0.985 0.194 49.08 0.1200 0.3139 | 0.975 0.194 51.66 0.1174 0.4008
2.0 0975 0.194 4939 0.2122 0.1331 | 0.965 0.194 5191 0.2075 0.1701
2.5 0.965 0.194 49.19 0.3311 0.0682 | 0.960 0.194 51.85 0.3273 0.0863
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Figure 1: Definition of the coordinate systems,
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the geometry and the degrees of freedom.
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Figure 2: Modeling of the TLD.
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Figure 3: Pressure distribution on inner surfaces of the TLD tank.
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Abstract: Lateral tower vibrations of offshore wind turbines are normally lightly damped,
and large amplitude vibrations induced by wind and wave loads in this direction may
significantly shorten the fatigue life of the tower. This paper proposes the modeling and
control of lateral tower vibrations in offshore wind turbines using active generator torque.
To implement the active control algorithm, both the mechanical and power electronic
aspects have been taken into consideration. A 13-degrees-of-freedom aeroelastic wind
turbine model with generator and pitch controllers is derived using the Euler-Lagrangian
approach. The model displays important features of wind turbines, such as mixed moving
frame and fixed frame-defined degrees-of-freedom, couplings of the tower-blade-drivetrain
vibrations, as well as aerodynamic damping present in different modes of motions. The load
transfer mechanisms from the drivetrain and the generator to the nacelle are derived, and the
interaction between the generator torque and the lateral tower vibration are presented in a
generalized manner. A three-dimensional rotational sampled turbulence field is generated
and applied to the rotor, and the tower is excited by a first order wave load in the lateral
direction. Next, a simple active control algorithm is proposed based on active generator
torques with feedback from the measured lateral tower vibrations. A full-scale power
converter configuration with a cascaded loop control structure is also introduced to produce
the feedback control torque in real time. Numerical simulations have been carried out using
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data calibrated to the referential 5-MW NREL (National Renewable Energy Laboratory)
offshore wind turbine. Cases of drivetrains with a gearbox and direct drive to the generator
are considered using the same time series for the wave and turbulence loadings. Results show
that by using active generator torque control, lateral tower vibrations can be significantly
mitigated for both gear-driven and direct-driven wind turbines, with modest influence on the
smoothness of the power output from the generator.

Keywords: offshore wind turbine; active generator control; lateral tower vibration;
feedback control; aeroelastic model

1. Introduction

Modern multi-megawatt wind turbines are designed with increasingly larger rotors and higher towers,
in order to capture more energy throughout their lifetime and, thereby, reduce the cost of energy. As wind
turbines grow in size, the stiffness of the blades and the tower are not increased proportionally, rendering
the structure more sensitive to dynamic excitations. Normally, vibrations in the flap-wise direction
and tower vibration in the mean wind direction are highly damped due to the strong aerodynamic
damping [1]. In contrast, edgewise vibrations and lateral tower vibrations are related with insignificant
aerodynamic damping [1,2]. Hence, these modes of vibrations may be prone to large dynamic responses.
Most offshore wind turbines are placed at shallow water. Due to refraction, the approaching waves tend
to propagate in a direction normal to the level curves of the sea bottom. In turn, this means that the wave
load may act in a different direction of the mean wind direction, and significant lateral tower vibrations
may be initiated by the wave load in combination with the resultant aerodynamic load from the three
blades in the lateral direction.

Some studies have been carried out for the structural control of tower vibrations, most of which
focus on passive structural control techniques. Theoretical investigations have been performed on the
effectiveness of a tuned mass damper (TMD) [3] and tuned liquid column damper (TLCD) [4] for
mitigating along-wind vibrations of wind turbine towers, ignoring the aerodynamic properties of the
blades. To yield more realistic results, an advanced modeling tool has been developed and incorporated
into the aeroelastic code, FAST (Fatigue, Aerodynamics, Structures and Turbulence), allowing the
investigation of passive TMDs in vibration control of offshore wind turbine systems [5]. Recently,
a series of shaking table tests have been carried out to evaluate the effect of the ball vibration absorber
(BVA) on the vibration mitigation of a reduced scale wind turbine model, which proves the effectiveness
of the passive damping device [6]. However, the focus of this study is still on along-wind vibrations
without considering the aerodynamic damping. Active structural control of floating wind turbines is
investigated by Lackner and Rotea [7]. Simulation results in FAST show that active control is a more
effective way of reducing structural loads than the passive control method, at the expense of active power
and larger TMD strokes.

For modern variable speed wind turbines, advanced pitch control and generator torque control
techniques for the mitigation of structural loads are being increasingly investigated. In a basic variable
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speed wind turbine control system, torque control is used in below-rated wind speeds to obtain maximum
energy output. Above the rated speed, a pitch controller is utilized to regulate the rotor speed to the
desired value, and the generator torque is held constant (nominal torque) [8]. Additional pitch control
loops as feedback from measured nacelle fore-aft acceleration are usually used to damp fore-aft tower
vibrations [9], although vibration in this direction is already highly damped due to the aerodynamic
damping. Generator torque control is widely used to provide damping into the drivetrain torsional
vibrations [9-11]. Instead of demanding a constant generator torque above the rated one, an additive
torque as feedback from the measured generator speed is added to the torque demand, which is effective
at damping vibrations of the resonant mode of the drivetrain.

The idea of providing active damping to lateral tower vibration using generator torque was first
proposed by Van der Hooft e al. [12] and was further investigated by de Corcuera et al. [13] and
Fleming et al. [14]. Essentially, the generator torque affects the lateral tower vibration through the
reaction on the generator stator, which is rigidly fixed to the nacelle. By means of modern power
electronics, the generator torque can be prescribed to a certain value with a delay below 1072 s [15].
By using this property, feedback control of the lateral tower vibrations can be performed. Van der
Hooft et al. [12] simplified the tower by a single-degree-of-freedom (SDOF) representing the lateral
translational motion, and the tower top rotation was neglected. Since the generator torque is affecting
the lateral tower motion via the tower top rotation, this SDOF tower model does not adequately account
for the transfer of the generator torque. De Corcuera et al. [13] demonstrated a strategy to design a
multi-variable controller based on the H,, norm reduction for reducing both the drivetrain torsional
vibration and the tower side-to-side vibration, with simulations carried out in the GH Bladed software.
This study focuses on the controller design procedure. However, the torque transfer mechanism from the
generator to the tower vibration and the effect of the generator torque on other components of the wind
turbine are not demonstrated. Fleming et al. [14] presented the field-testing results of the effect of active
generator control on the drivetrain and lateral tower vibrations in a 600-kW wind turbine. A multi-SISO
(single-input-single-output) controller is compared with the H,, controller, and a similar effect for
damping the lateral tower vibration was obtained. Again, the effect of the generator torque on other
components of the wind turbine, such as the blades, was ignored. Actually, the edgewise vibrations of the
blades are coupled to the lateral tower vibration, as well as to the torsional drivetrain vibration through
the collective mode. Since very low, even negative, aerodynamic damping takes place in edgewise
vibration, it is important to investigate the effect of the active generator torque on this mode of vibration.
Moreover, as the basis of implementing active generator control, the load transfer mechanisms from the
drivetrain and the generator to the nacelle, as well as the interaction between the generator torque with
the lateral tower vibration are not clearly demonstrated in the above-mentioned studies. Further, all of the
previous studies focus on the gear-driven wind turbines. With offshore wind turbines becoming larger
and being moved out further at sea, there is huge application potential of direct-driven systems, where
the turbine rotor is coupled directly to the electrical generator without the gearbox. The generators
operate at the same rotational speed as the turbine’s rotor and must therefore be much bigger in size.
However, by using permanent magnets in the generators’ rotor and eliminating the gearbox, the weight
of the nacelle can be significantly decreased compared to that of the gear-driven system, which, in turn,
reduces the shipping and installation costs for offshore wind farms. Further, since the gearbox causes
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the greatest downtime resulting in lost revenue, the use of a direct-driven system definitely avoids the
cost of overhauling, removing and reinstalling the gearbox, thus reducing operating costs over the long
term and making electricity from wind farms more competitive. This is especially important for offshore
wind farms, because doing maintenance at sea is a lot more complex and expensive than on the ground.
For the direct-driven wind turbines, the electric torque in the generator is much larger comparing with
the gear-driven wind turbines, making it possible to damp the lateral tower vibration more effectively.
This paper presents a comprehensive investigation into the modeling and control of lateral tower
vibrations in offshore wind turbines using active generator torque, taking into consideration the
consequences of the control on the edgewise blade vibrations and the quality of the produced power.
The load transfer mechanisms from the generator to the tower are derived in a generalized form for
gear-driven wind turbines with an odd or even number of gear stages, as well as for the direct-driven
wind turbines. The active generator control algorithm is investigated based on a 13-degrees-of-freedom
(13-DOF) wind turbine model developed by the authors, which has been calibrated to the referential
5-MW NREL (National Renewable Energy Laboratory) offshore wind turbine [16]. A three-dimensional
(3D) turbulence field is modeled by a low order auto-regressive (AR) model [17]. The dynamic loading
from the rotational sampled turbulence and the non-linear aeroelasticity is assumed to be quasi-static,
i.e., the changes of aerodynamic forces due to changes of the angle of attack are felt without time delay.
The wave load is modeled by the Morison formula [18] in combination with the first order wave theory
and applied to the tower in the lateral direction. A generator model is proposed with a complete solution
to provide the feedback control torque. Cases of gear-driven and direct-driven wind turbines are both
investigated. Simulation results show that lateral tower vibration can be significantly suppressed, and
the edgewise vibrations are also slightly mitigated by the active generator control, while only modest
influence on the smoothness of the power output are brought about by the additive generator torque.

2. Wind Turbine Model

In this section, a 13-DOF aeroelastic wind turbine model is presented with coupled edgewise, lateral
tower and torsional drivetrain vibrations. The torque transfer mechanism between the drivetrain and the
tower are derived in a generalized manner, which forms the basis for active control of tower vibrations
using the generator torque.

2.1. General Description

Despite its simplicity, the 13-DOF aeroelastic model takes into account several important
characteristics of a wind turbine, including time-dependent system matrices, coupling of the
tower-blades-drivetrain vibration, as well as non-linear aeroelasticity. A schematic representation of
the wind turbine model is shown in Figure 1. The motion of structural components is described either in
a fixed, global frame of reference (X7, X5, X3) or in moving frames of reference (xy, z2, z3), attached to
each blade with the origin at the center of the hub. Neglecting the tilt of the rotor, the X; and x; axis are
unidirectional to the mean wind velocity. The (X5, X3) and (x9, z3) coordinate planes are placed in the
rotor plane. The X axis is vertical, and the x3 axis is placed along the blade axis oriented from the hub
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towards the blade tip. The position of the moving frame attached to blade j is specified by the azimuthal
angle W, (), which is considered positive when rotating clockwise seen from an upwind position.

Figure 1. Thirteen DOFs model of a three-bladed wind turbine. Definition of fixed and
moving frames of reference and the degrees of freedom ¢;(¢), ..., q11(t).
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The blades are modeled as Bernoulli-Euler beams with the bending stiffness ET; (z3) in the flap-wise
direction and ETy(x3) in the edgewise direction. The mass per unit length is p(x3). Each blade is
related with two degrees of freedom (DOFs). ¢i(t), ¢2(t), ¢3(t) denote the flapwise tip displacement
in the positive ; direction. ¢4(t), ¢5(t), gs(¢) denote the edgewise tip displacement in the negative
x9 direction. The length of each blade is denoted L. The tower motion is defined by five DOFs
q7(t), .., qu1(t). g-(t) and gs(¢) signify the displacements of the tower at the height of the hub in the
global X and X, directions. go(t) specifies the elastic rotation of the top of the tower in the negative X
direction, and ¢10(t) and ¢1(¢) indicate the corresponding rotations in the positive X5 and X3 directions.
The height of the tower from the base to the nacelle is denoted h;, and the tower base begins at an
elevation of h, above mean sea level (MSL), with a monopile extending from the tower base to the mud
line. The water depth from the mud line to the MSL is denoted h3, and the horizontal distance from the
center of the tower top to the origin of the moving coordinate systems is denoted s (Figure 1).

The drivetrain is modeled by the DOFs ¢5(t) and ¢13(t) (Figure 2). The sign definition shown in
Figure 2 applies to a gearbox with an odd number of stages. ¢i2(t) and ¢y3(¢) indicate the deviations
of the rotational angles at the hub and the generator from the nominal rotational angles 2t and N,
respectively, where N is the gear ratio. Correspondingly, ¢i2(t) and ¢y13(¢) are the deviations of the
rotational speeds at the hub and the generator from the nominal values. In case of an even number of
stages, the sign definitions for ¢13(¢) and f13(t) are considered positive in the opposite direction. .J,. and
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J, denote the mass moment of inertia of the rotor and the generator; and k, and &, denote the St. Venant
torsional stiffness of the rotor shaft and the generator shaft. The azimuthal angle of the blade j (Figure 1)
becomes W;(t) = Q¢+ qia(t) + Z (j — 1), j = 1,2,3.

Figure 2. Two DOFs model of flexible drivetrain with an odd number of gear stages.
Definition of degrees of freedom ¢y2(¢) and gy3(¢).
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Further, a full-span rotor-collective pitch controller is included in the model with time delay modeled
by a first order filter. The pitch demand is modeled by a PI controller [19] with feedback from ¢2(¢) and
¢2(t). A gain-scheduled PI controller is used in this paper, i.e., the controller gains are dependent on the
blade-pitch angle [16].

2.2. Coupled Edgewise, Lateral Tower and Torsional Drivetrain Vibrations

The equations of motion of the 13-DOF wind turbine model can be derived from the Euler-Lagrange
equation [20]:

i(@)—al—l—a—(]:f(t) (1
dt \ 0q Jq Jdq

where qT () = [ql(t), ce q13(t)} is a 13-dimensional column vector storing all DOFs. T' = T'(q, q)
signifies the kinetic energy, and U = U(q) is the potential energy of the system. The key step in setting
up the coupled equation is to formulate the kinetic energy of each blade with velocity contributions
from both the locally and globally defined DOFs. For example, ¢; (%), G7(t), ¢io(t) and ¢11(t) induce the
velocity component of a cross-section of Blade 1 in the x; direction, while ¢4(t), s(t), Gio(t), G11(¢)
and ¢12(t) induce the velocity component of Blade 1 in the xo direction. f(¢) is the force vector
work conjugated to q(t), including structural damping forces, aerodynamic and hydrodynamic forces,
as well as generator control forces.

Assuming linear structural dynamics and substituting the expressions for kinetic and potential
energies into Equation (1), the equations of motion of the 13-DOF wind turbine model are obtained
of the form:

M(1) 4(t) + C(1) a(t) + K(t) a(t) = f.(t) ()

where M(t) is the mass matrix, C(¢) is the damping matrix, including the structural damping and
the gyroscopic damping, and K(t) is the stiffness matrix taking into account the geometric stiffness



Energies 2014, 7 7752

and the gyroscopic stiffness. Both the gyroscopic damping matrix and gyroscopic stiffness matrix are
obtained by substituting the kinetic energy of the system into the Euler-Lagrange equation. Through
this procedure, the coriolis forces and the centrifugal softening effect are taken into account. f.(t) is the
external dynamic load vector work conjugated to q(t), which is composed of the non-linear aerodynamic
loads, the generator torque and the wave loads. All of the indicated system matrices are time dependent,
due to the fact that the DOFs of the blades are formulated in the moving frames of reference, and others
are formulated in a fixed frame of reference.
Next, the DOFs vector q(t) may be partitioned in the following way:

o qi(t)
q(t) = LQUJ 3)
a'®) = [a(®) 6 6@ ab) ) wb) ab)] "

q; (1) = [(Il(t) @) as(t) ar(t) qwolt) fm(f/)}

The main focus of the present study is on the dynamic coupling of edgewise, lateral tower
and torsional drivetrain motions and the effect of active generator torque on these vibrations.
To clearly unfold this coupling, only the sub-system related to DOFs q;(t) is picked out from
Equation (2) and is demonstrated in detail. It should be noted that the numerical simulations in the
subsequent section will always be based on Equation (2), where all of the 13 DOFs are activated. As a
part of Equation (2), the equations of motion related to the above-mentioned sub-system, which show the
coupling of edgewise, lateral tower and torsional drivetrain vibrations, are demonstrated by the following

matrix differential equations:

Mi(#) @i(t) + Ci(t) e (t) + Ka(t) an(t) = £e1(2) 5
[ Mo 0 0 —my cos ¥ 0  ms 1
0 Mo 0 —my cos Wy 0 mg3
0 0 Mo —my cos Uy 0 mz 0
M, (t) = | —mycos¥; —micosUy —mycosWy mgs+ Mo+ 3mg mgg 0 0
0 0 0 Mog mgg 0 0
ms mg ms 0 0 J. 0
0 0 0 0 0 0 J,
[ o 0 0 0 0 0 0]
0 Cy 0 0 0 00
0 0 Co 0 0

Ci(t) = |2Qmysin ¥y, 2Qm;sin Wy 2Qmsin Uy cgg g
0 0 0 Cog  Cog
0 0 0 0 0
0 0 0 0 0

o O o O o
o O o O o
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ko — kyg 0 0 0 0 0 0
0 oy — kg 0 0 0 0 o0
0 0 ks—k, 0 0 0 0
Ki(t) = |Q®mycos¥; QPmycosWy QPmicosWs ks kgg 0 0 (6)
0 0 0 kogs kgg O 0
0 0 0 0 0 k -~k
I 0 0 0 0 0 —R% )

where:

L

L L L
mo = [ ntea)dza,m = [ @eutea)dza,me = [ 0 @ulen)das,ma = [ oule)rads,
JO JO 0

JO
L 2 2 2 L
ko :/ (Efg(xg) <d <1>(§3)> + F(x3) <M> ) drs, kg =Q%ma, J. = 3/ w(w3)addrs
o dxg dzs 0

®(x3) is the undamped eigenmode in the edgewise direction, when the blade is fixed at the hub. Due to

(@)

the definition of ¢;15(t), j = 1,2,3, this mode must be normalized to one at the tip, i.e., (L) = 1.
F(zz) = 02 fzi w(§)EdE is the centrifugal axial force on the blade. my is the mass of each blade, and
My is the mass of the nacelle. ¢y = 2(y\/myk;, is the modal damping coefficient of the edgewise
vibration, calculated from the given damping ratio (5.

As shown in Figure 3, the lateral tower vibration is modeled by two DOFs, ¢s(t) and go(t), with cubic
shape functions Ng(X3) and No(X3), respectively. The consistent mass and stiffness terms for gs(¢) and
qo(t) are calculated from the tower itself without considering the nacelle and the rotor, as given by the
following equation:

H
Mgg= / o(X3)NE(X3)dXs, mso= /MO(X3 Ng(X3)No(X3)d X3, m99=/MO(X3)N<§(X3)dX3
0 0
H‘ dN 7 ONg . ON i aN (8)
8y 9
kgs= /EIO(XJ)(a d)(:;7 kgo= /EIU (X3)( an (3X3 3, ko= /EIO dX3
0 0 0

where 11o(X3) and E1y(X3) are the mass per unit length and bending stiffness in the lateral direction of
the tower, respectively. Ng(X3) =3 (%)2 -2 (%)3, No(X3)=H ((%)3 — (%)2) ,H =hy+ho+hs
is the total height of the tower structure. The related damping terms css, csg, Cos, Cog are specified by the
Rayleigh damping model [21] from the consistent mass and stiffness terms, with given damping ratios
(s and (y. k¢ indicates an equivalent torsional stiffness of the shaft of the drivetrain, given as:

11 1 N2k, k,

=T TN T kozm )
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Figure 3. Modeling of the lateral tower vibration. (a) Two DOFs model for lateral tower
vibration with wave loads. (b) Shape function for the degree of freedom ¢s(t). (¢) Shape
function for the degree of freedom ¢ (t).
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From Equation (6), it is noted that the edgewise vibrations are coupled to the lateral tower vibration
through the mass matrix, damping matrix and stiffness matrix and coupled to the drivetrain torsional
vibration through the mass matrix alone. Actually, only the collective mode of the edgewise vibration is
coupled with the torsional vibration of the drivetrain.

2.3. Torque Transfer Mechanism between the Drivetrain and the Tower

In Equation (5), the external dynamic load vector work conjugated to q () is expressed as:

.00 = [£) B fod) S50 o) 1= mfial) —fislt) (10)

where f4(t), f5(t), fo(t) and fi5(t) are dynamic loads work-conjugated to the defined DOFs, resulting
from aerodynamic loads. fs(t) is the load work-conjugated to the degree of freedom gs(t), due to
both aerodynamic loads and wave forces. (1 — p)f12(¢) denotes the effective torque on the drivetrain
available for power production due to friction in the bearings and the gear box, as specified by the friction
coefficient pi. fi3(t) indicates the generator torque.

Using D’Alembert’s principle, the net torque on the drivetrain in the global X; direction becomes
(1 — p) fra(t) — Jrdiaa(t) £ (fis(t) + Jydas(t)), where the plus sign applies for a gearbox with an odd
number of gear stages (as shown in Figure 2) and the minus sign for an even number of stages. The torque
is transferred to the nacelle in the positive X direction via the bearings of the shaft and the gearbox. On
the nacelle, the transferred torque is added to the reaction of the friction torque 1 f12(t) (always in the
positive X; direction) and the generator torque on the stator fi3(¢), which is acting in the negative X;
direction for an odd number of stages or acting in the positive X direction for an even number of stages.
Hence, the resultant torque on the bottom of the nacelle becomes f12(t) —J,Gi2(t) £ J4G13(t) (plus sign for
an odd number of gear stages). With ¢o(¢) defined as positive when acting in the negative X direction,
the torque work-conjugated to go(t) resulting from the nacelle becomes — f12(t) + J,G12(t) F JyG13(t)
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(minus sign for an odd number of gear stages). Then, together with the contribution from the wave load,
the total load work-conjugated to ¢o(¢) becomes:

h®) fouw(t) = fi2(t) + JrGia(t) — JyGi3(t)  (odd number of gear stages) (1
Joll) =

fouw(t) — fra(t) + Jrdaa(t) + Jydis(t)  (even number of gear stages)
where fo,,(t) is the load conjugated to go(t) induced by waves propagating in the X direction. As shown
in Figure 3, p,, (X3, t) denotes the distributed wave force acting on the tower, which can be calculated
by the Morison formula. Then, the loads conjugated to gs(t) and go(t) induced by the distributed wave

{f&wa)} [ [Ns()@)} pu(Xi 10X, (12

force can be written as:

Jo.w(t) No(X3)
The control of the lateral tower vibration is actually applied via the torque fo(t) conjugated to go(?).
For this reason, the relation between fo(¢) and f13(t) is analyzed. The equation of motion of the drivetrain
reads from Equations (5) and (10):

Jo 0| [Guo(t 1 -+ t 1-— t
?12( ) th| DTN q2(t)| _ (1= p)fia(t) (13)
0 Jy| [Ga(t) -~ w2l |as®) —fs(t)
The acceleration terms in Equation (11) can be eliminated by means of the equation of motion of the

drivetrain, resulting in the equivalent expression for fy(t):

fouw(t) — pfi2(t) + fis(t) — ko <1 + i) <q12(t) - %qlg(t)> (odd number of gear stages)

X N
fot) = 1 1 (14)
fow(t) — pfi2(t) — f13(t) — ko (1 - N) <q12(t) - qug(t)> (even number of gear stages)
Especially for direct-driven wind turbines, where N = 1, we get from the second equation in

Equation (14) that:
fo(t) = fou(t) — pfr2(t) — fi3(t) (15)

It is seen from the last part of the two sub-equations in Equation (14) that for gear-driven wind
turbines, there are extra coupling terms between the degree of freedom ¢o(¢) and the two DOFs of
the drivetrain, which can be transferred and added to the stiffness matrix in Equation (6). Based on
the relationship between fo(t) and fi3(¢) in Equations (14) and (15), the lateral tower vibrations
can be controlled by specifying the format of the generator torque fi3(f), as will be shown in the
subsequent section.

2.4. Aerodynamic and Wave Loads

In agreement with [22], the turbulence modeling is based on Taylor’s hypothesis of frozen turbulence,
corresponding to a frozen turbulence field that is convected into the rotor in the global X direction with
a mean velocity V4, which provides the relation between spatial coordinates and time. The frozen field is
assumed to be a zero mean homogeneous and isotropic stochastic field, with a spatial covariance structure
given by [23]. Calibrated from the theoretical covariance structure, the first order AR model as proposed
by [17] performs a first-order filtering of the white noise input, resulting in continuous, non-differentiable
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sample curves of the turbulence field at the rotor plane in the fixed frame of reference. As shown in
Figure 4, the fixed frame components of the convected turbulence are generated at n,, = n, - n,. + 1 nodal
points at the discrete instants of time ¢t = 0, At, 2A¢t, - - -, where n,, is the number of radial lines in the
mesh from the center Node 1 and n, is the number of equidistantly placed nodes along a given radial
line. Next, the fixed frame components of the rotational sampled turbulence vector on each blade with
the azimuthal angle W; are obtained by linear interpolation of the turbulence of the adjacent radial lines
according to the position of the blade at each time step. Finally, the moving frame components of the
rotational sampled turbulence are obtained by the following coordinate transformation:

V1,5 (51737 f) 1 0 0 /Dl,j (X, f)
'Uij(‘Tg,t) =10 COs \I/j sin \I/j "li)ij(X, t) (16)
U3,j (Lg, t) 0 —sin \I/]' Ccos \I/]' ’Dg.j (X7 t)

where vy j(x3,t), v j(x3,t) and vs (3, t) are rotational sampled turbulence components for blade
Jj at the position 3, in the moving frames of reference. v1 (X, t), 02;(X,?), v3,(X,t) are rotational
sampled turbulence components at the same position for blade j in the fixed frame of reference with
X = [0,—z3sin ¥ , z3cos \IIJ}T. Due to the longitudinal correlation of the incoming turbulence,
a certain periodicity is present as spectral peaks at 1€, 202, 3Q2... in the frequency domain representation
of the rotational sampled turbulence. The simple AR model used here does not represent the
low-frequency, large-scale turbulent structures very well, due to the homogeneity and isotropy
assumption. On the other hand, the dynamics of the tower are more related to the frequency component
of turbulence in the vicinity of the tower frequency. In this respect, the rotational sampled effect seems
to be more important and is well accounted for by the present model.

The blade element momentum (BEM) method with Prandtl’s tip loss factor and Glauert correction
is adopted to calculate aerodynamic forces along the blade [24]. Non-linear aeroelasticity is considered
by including the local deformation velocities of the blade into the calculation of the flow angle and the
angle of attack. As a result, high aerodynamic damping is introduced in the blade flap-wise and the
fore-aft tower vibrations, but relatively low aerodynamic damping in the blade edgewise and the lateral
tower vibrations.

Figure 4. Nodal points in the rotor plane of the discretized turbulence field. n, = 8, n, = 5.
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Sea surface elevation is modeled as a zero mean, stationary Gaussian process defined by the
single-sided version of the JONSWAP (Joint North Sea Wave Project) spectrum [25], which is
determined by the significant wave height /; and the peak period 7},. Assuming first order wave theory,
the realization of the stationary wave surface elevation process can be obtained by the following random
phase model:

n(Xa, ) anJLOb wit — ki Xo + &) (17)
j=1
where .J is the number of harmonic components in the spectral decomposition, w; and k; are the angular
frequency and wave number of the j-th harmonic component related through the dispersion relationship
w2. = gk; tanh(k;h). ¢; denotes samples of the random phase ®;, which are mutually independent and
umformly distributed in [0, 27]. n; = \/W denotes the standard deviation of the j-th harmonic
component, and S, (w;) is the single-sided JONSWAP spectrum.
Following the linear wave theory, the horizontal velocity v(X3,t) and acceleration ©(X3,t) of the
water particle at the position X5 = 0 can be written as:

cosh(k; X3)
721 \[r/]w] sinh(k;h) cos(wst + ;)

scosh(k;Xs)
o(Xs,?) Z Ve 7 sinh (k h) sin(wjt + ¢5)

18)

The distributed wave force acting at the position X3 of the tower can be calculated by the Morison
Equation [18]:
1 m .
Pw(Xs,t) = iprde(X;;,t) [o(X5,t)| + prCmDQU(X;;,t) (19)

where p,, is the fluid density, C} is the drag coefficient, C,, is the inertia coefficient and D is the diameter
of the turbine monopile. The total wave forces can then be calculated by Equation (12), which are acting
on the wind turbine tower perpendicularly to the mean wind direction.

3. Active Generator Control

A simple active control algorithm is proposed based on active generator torque with feedback from
the measured lateral tower vibrations. Closed-loop equations are obtained from the active control.
A full-scale power converter configuration with a cascaded loop control structure is also introduced to
produce the feedback torque in real time.

3.1. Closed-Loop Equations from Active Control

Only the above rated region (Region 3 according to [16]) is considered where the mean wind speed
is higher than the rated value, and the wind turbine produces nominal power with the functioning of the
collective pitch controller. In the basic control system for Region 3, the collective pitch controller is
activated to regulate the rotor speed to the nominal value, while the generator torque is held constant [9].
Modern power electronics makes it possible to specify the generator torque within certain limits almost
instantly (time delay below 1072 s). Then, the generator torque fi3(t) can be used as an actuator in the



Energies 2014, 7 7758

active vibration control of the structure. Sometimes, a torsional damping term as feedback control is
included in the generator torque to damp the resonant mode of the drivetrain [10]. Since the focus is
to investigate the effectiveness of active generator control of lateral tower vibrations and the influence
of the controller on the power output, as well as on the responses of other components, the torsional
damping term is not taken into account in the present study. The generator controller with feedback from
lateral tower vibrations is proposed as:

fi3(t) = fiz0 + Afizo(t) = fizo + cads(t) (20)

where fi30 = % is the constant nominal torque and F; is the nominal power produced by the wind
turbine. With the functioning of the collective pitch controller, fi3 is balanced by the mean value of the
aerodynamic torque on the rotor. ¢,qs(¢) is the feedback torque components from lateral tower velocity,
and ¢, is the gain factor. In practical applications, the feedback signal ¢g(¢) is obtained by integrating
the measured tower top acceleration from accelerometers placed in the nacelle.

Then, the generated power becomes:
P(t) = (,ftg,o + Afls,ﬂ(ﬂ) (NQ + %3(”) = Ry(t) + AP(t) 2D

where Py = N f13 0 is the nominal power of the wind turbine, and AP(t) = A fi30(t) (NQ + ¢u3(¢)) +
f130G13(t) indicates a time-varying deviation from the nominal power. In the absence of the
active generator control, i.e., ¢, = 0, the deviation of power output only contains the term
fis0¢13(t). With active generator control, fluctuation of the power output is introduced by the term
Afiz0(t) (NQ + ¢i3(t)) due to the torque increment A fi3 (). From a power electronic point of view,
it is favorable that AP(t) is as small as possible in comparison with F in order to have a smooth power
output. From a vibration point of view, it is favorable to have larger ¢, and, hence, A P(t), introducing
higher damping to the lateral tower mode. Consequently, there is a tradeoff between these two objectives.
In this respect, the gain factors ¢, is chosen such that the following performance criterion is minimized:

Jea) =W 4 (1-w) 2L o<W <1 22)
T43,0 Opp
where o4, o and op signify the standard deviation of the lateral tower top displacement gs(t) and the
power output without active generator control, i.e., the generator torque is kept constant as fi3. o4
and op denote the standard deviation of ¢g(¢) and the power output, when active generator control is
implemented using Equation (20), and W is the weighting factor for the lateral tower vibration. It is
clear that by increasing the value of ¥/, more importance is placed on maintaining small values for the
lateral tower vibration.
The torque fo(t) work-conjugated to go(¢) for wind turbines with an active generator controller
follows from Equations (14) and (20):

fow(t) — pf12(t) + f13,0 + cads(t) — ko (1 + %) <Q12(t) - %ms(ﬂ) (odd stages)
fo(t) = (23)
fow(t) — pf12(t) — fi3,0 — cads(t) — ko (1 - %) (fhz(t) - %(ha(t)) (even stages)
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Substituting Equations (20) and (23) into the load vector (Equation (10)) at the right-hand side of
Equation (5), the equation of motion of the system with active generator controller is given by:

Mi(t) () + (Ci(t) + Calt)) aa(t) + Ka(®) au(t) = £aa () 24)
where:

000 0 000
000 0 000
000 0 000
Ct)=10 00 0 00 0 (25)
000 Te, 000
000 0 000
000 ¢ 000

The system matrices M, (¢), C;(¢), K;(¢) and the load vector f. ; (¢) are unchanged, except that an
extra damping matrix C,(t) is introduced by the active generator controller. Therefore by making use
of the extra damping matrix, it is possible to mitigate lateral tower vibrations, as will be shown in the
following simulation results. The upper sign in Equation (25) refers to the gearbox with an odd number
of stages, while the lower sign corresponds to the case with an even number of gear stages, which also
applies to the direct-driven wind turbines (the number of stages is zero).

3.2. Power Electronic Solution for Torque Control

In order to realize the objective of active control of lateral tower vibration using the generator
torque, a generator model is introduced. As seen in Figure 5, a full-scale power converter configuration
equipped with a permanent magnet synchronous generator (PMSG) or an induction generator (IG) is
considered [15]. Normally, a PMSG-based wind turbine may become a direct-driven system, which
avoids the fatigue-prone gearbox. The principle of the full-scale power converter is the same for both
1G and PMSG. The generator stator winding is connected to the grid through a full-scale back-to-back
power converter, which performs the reactive power compensation and a smooth grid connection. Due to
different positions, the back-to-back power converter is named as the generator-side converter and the
grid-side converter, respectively. The grid-side converter is used to keep the DC-link voltage V¢ fixed
and to meet the reactive power demand according to the grid codes [26].

The active generator control scheme for lateral tower vibration is carried out via the generator-side
converter. With the aid of the stator field oriented control (as shown in Figure 5), a cascaded loop
control structure is realized by two controllers: outer speed loop and inner current loop. According to
the maximum power tracking point, the rotor speed demand is calculated by the measured power fed
into grid. Above the rated region, the speed control loop provides a torque demand of fi30. Along
with additive generator torque demand c,qg(¢), the total torque demand is given in the same form as
Equation (20). The electromagnetic torque 7, of the generator can be expressed as [27]:
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where p denotes the number of pole pairs, ¥,,, denotes the flux induced by the magnet and 7,, denotes the
stator current in the ¢ axis. It is noted that the electromagnetic torque is only in line with the ¢ axis stator
current. As a consequence, the electromagnetic torque can be simply controlled by the inner current loop
together with the demand of the d axis current setting at zero for minimum power loss.

Figure 5. Control diagram in a wind turbine with a permanent magnet synchronous generator
or an induction generator.
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From the power electronic point of view, direct driven and gear-driven wind turbines are basically
dependent on which kind of generator the manufacturer prefers to use. If the synchronous generator is
selected, due to the relatively low speed of the generator rotor, the wind turbine system could have less
stages of the gearbox or even becomes direct-driven if the poles of the generator are high enough (e.g.,
permanent-magnet synchronous generator). On the other hand, if the induction generator is chosen,
the gearbox must be employed because of its high rotor speed range, which cannot match the speed of
the wind turbine rotor directly.

4. Results and Discussion

Numerical simulations are carried out on the calibrated 13-DOF model subjected to the wave and wind
loads. In all simulations, the same turbulent wind field and wave loads have been used, with the mean
wind velocity V, = 15 m/s, the turbulence intensity / = 10%, the significant wave height H; = 2 m
and the time interval A¢ = 0.02 s. The worst case study scenario is considered, i.e., the wave loads are
acting on the tower in the lateral direction perpendicular to the mean wind velocity. Both gear-driven
and direct-driven wind turbines are investigated to evaluate the effectiveness of active generator torque
on mitigating lateral tower vibrations.

4.1. Model Calibration

The NREL 5-MW referential wind turbine [16] together with the monopile-type support structure
documented by [28] are used to calibrate the proposed 13-DOF aeroelastic model. The rotor-nacelle
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assembly of the NREL 5-MW wind turbine, including the aerodynamic, structural and pitch control
system properties, remains the same as in [16]. This wind turbine is mounted atop a monopile foundation
at a 20-m water depth, and the tower base begins at an elevation of 10 m above mean sea level (MSL). As
for the rotor, each blade has eight different airfoil profiles from hub to tip, the lift and drag coefficients of
which are obtained by wind tunnel tests. The related data of the modal shapes, the bending stiffness and
the mass per unit length of the blade are also given by [16]. As for the support-structure, the distributed
properties of the tower and monopile are given by [28]. Based on these data, we can calculate the
parameters of the rotor and the support structure (the geometries, the mass parameters and the stiffness
parameters) in the 13-DOF model, as presented in Table 1. Next, to evaluate the validity and feasibility
of the proposed 13-DOF model, comparisons of some results obtained from the present model and from
the NREL FAST program [16] are carried out. Table 2 shows the results for the natural frequencies of the
blade and the tower, as well as the steady-state responses of the blade, the tower and the pitch controller
at different mean wind speeds. The steady-state responses of the present model are obtained by running
simulations on the 13-DOF system at three given, steady and uniform wind speeds, when the turbulence
field is inactivated. The simulation lengths are long enough to ensure that all transient behavior has died
out. The FAST results for the blade and the pitch controller are given by [16], and the results for the
tower are given by [28]. The agreement between FAST and the 13-DOF model is quite good, which
validates the present model.

Table 1. Parameters in the 13-DOF wind turbine model.

Parameter Value Unit  Parameter Vale Unit
L 61.50 m ko 5.80 x 10 N/m
h1 77.60 m kss 514 x 10  N/m
ha 10.00 m kso —1.77 x 108 N
hs 20.00 m kg 8.50 x 10? Nm
s 2.50 m ko 8.70 x 108 N m/rad
Q 1.27 rad/s (o 0.005 -
mo 1.70 x 10* kg s 0.01 —
my 2.80 x 10° kg Co 0.01 —
ma 1.30 x 10> kg u 0.01 -
ma 1.17x 10°  kgm H, 2.00 m

msg 1.05x 10° kg T, 6.00 s
Mg —1.76 x 10  kgm p 1.25 kg/m?
Mg 3.65 x 107 kg m? Pw 1000 kg/m?
J, 3.68 x 107 kg m? Cy 1.20 —
Jy 5.30 x 10> kgm? Chn 2.00 —

M, 298 x 10° kg D 6.00 m
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Table 2. Results obtained from the 13-DOF model and FAST.

Item 13-DOF FAST
Ist flap-wise frequency (HZ) 0.669 0.668
1st edgewise frequency (HZ) 1.062 1.079
1st tower fore-aft frequency (Hz) 0.280 0.280
1st tower lateral frequency (Hz) 0.280 0.280
Mean Wind Speed (m/s) 114 15 20 114 15 20
Collective pitch angle (degrees) 040  10.17 17.24  0.00 1020 17.50
flap-wise tip displacement (m) 5.70 2.77 1.22 5.65 2.75 1.20
tower fore-aft displacement (m) 0.35 0.21 0.16 0.40 0.20 0.15
tower lateral displacement (m) —0.06 —-0.06 —-0.06 -0.06 -0.06 -—-0.06
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Based on the the model described in Section 2.4, the rotational sampled turbulence field has been

generated. Figure 6 shows the Fourier amplitude spectrum obtained by FFT (fast Fourier transformation)

of the sample curves of the rotational sampled turbulence, at the middle point of Blade 1. A very clear

1P (1.267 rad/s) frequency component of the turbulence in the x, direction can be observed in Figure 6b.

Less obviously from Figure 6a, the 1P peak can still be observed in the turbulence acting on the blade

in the z; direction. Figure 7 shows the influence of aeroelasticity on tower vibrations in the case of a

gear-driven wind turbine with gear ratio NV equal to 97. It is seen that the aerodynamic damping almost

completely removes the dynamic response of the fore-aft tower vibration ¢ (t), while the lateral tower

vibration ¢s(t) is almost unaffected by aerodynamic damping, justifying the necessity of implementing

active vibration control algorithms in this direction.

Figure 6. Fourier amplitude spectrum of the sample curves of the rotational sampled
turbulence, at the middle point of Blade 1. Vj
component of the rotational sampled turbulence in the x; direction. (b) The moving frame

= 15m/s, I = 10%. (a) The moving frame

component of the rotational sampled turbulence in the x, direction.
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Figure 7. Tower responses with and without aerodynamic damping, gear-driven wind
turbine. (a) Fore-aft tower top displacement. (b) Lateral tower top displacement. Blue
curve: aerodynamic damping not considered. Red curve: aerodynamic damping considered.
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Normally, in an irregular sea-state, the mean wind direction and the mean direction of wave
propagation are correlated. Hence, the wave loads and the turbulent wind loads on the structure tend
to be somewhat unidirectional in most cases. However, we are focusing on the lightly damped lateral
tower vibration rather than the along-wind response of the tower with relatively strong aerodynamic
damping. Thus, the most conservative load combination is considered in this study, i.e., the wave loads
are acting on the tower in the lateral direction perpendicular to the mean wind velocity, in order to fully
excite the lateral tower vibration. There is also a clear physical explanation for this load combination.
Due to the relatively shallow water, the waves are occasionally refracted tending to propagate orthogonal
to the level curves of the sea bottom, meaning that sometimes the direction of wave propagation may take
place orthogonal to the mean wind velocity. This load scenario is not expected to take place as often as
the unidirectional case. However, considering an offshore wind farm with many wind turbines, there is a
high chance that at all times there is a certain amount of wind turbines under such a scenario. The related
parameter values used in the aerodynamic and wave loads simulation are also listed in Table 1. In [29],
wave measurements were carried out at the German North Sea coast, where the water depth is 29 m.
During a severe storm surge on 2 October 2009, the measured significant height was 5.23 m. This data
to some extent justify the significant wave height we use (H; = 2 m) for the 20-m water depth in the
simulations. Extensive load cases with different combinations of 1} and H, (correlated with each other)
are not considered in the present study.

4.2. Gear-Driven Wind Turbine

Firstly, simulations are performed considering a gear-driven wind turbine with gear ratio N = 97,
which is in accordance with the NREL 5-MW wind turbine. In this case, the rotational speed of the
generator is almost /V times that of the rotor, and the magnitude of the generator torque is reduced by N
times comparing with the aerodynamic torque acting at the rotor. The performance of the wind turbine
system is almost the same whether the number of gear stages is odd or even, as long as the gear ratio V is
unchanged. Therefore, only the results of the wind turbine with odd-numbered gear stages are illustrated.

By setting the weighting factor W = 0.5, meaning the same importance is placed on mitigating the
tower vibration, and keeping the smoothness of the power output, the gain factor ¢, is determined as
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¢a = 2.0 x 10* Ns in order to minimize the performance criterion J(c,) in Equation (22).
The following figures compare the performance of the wind turbine system with the basic controller and
with the active generator controller. Figure 8 shows the lateral tower top displacements gg(t) in both the
time and frequency domain, where the blue line denotes the responses without active generator control
and the red line with active generator control. There is a reduction of 17.8% in the maximum responses
and a reduction of 37.6% in the standard deviations. For both cases, the same static displacement equal
to —0.057 m is observed. This is caused by the mean value of the tower torque, which is equal to the
negative mean value of the aerodynamic torque at the rotor, i.e., E[fo(t)] = —E[f12(t)], as explained
by Equation (11). The FFT of the response ¢s(t) is presented in Figure 8b. For a system without
active generator control, a clear peak corresponding to the tower eigenfrequency (around 1.76 rad/s)
is observed without other visible peaks, owing to the fact that very low aerodynamic damping takes
place in this mode. This peak is reduced to approximately % by the active generator torque due to the
introduced damping matrix in Equation (25). Further, it is observed that base moment of the tower in
lateral direction is effectively suppressed, as well, with the standard deviation reduced from 5.12 x 105
t0 3.32 x 10° Nm and the maximum value reduced from 19.63 x 10° to 15.40 x 10% Nm. The stress at
the tower base in the lateral direction is calculated accordingly. There is a reduction of 35.2% (6.80 to
4.41 Mpa) in the standard deviation and a reduction of 21.6% (26.07 to 20.44 Mpa) in the maximum
response, which means the fatigue lives of the tower and the foundation are effectively increased by
active control.

Figure 8. Lateral tower vibration with and without active generator control, gear-driven,
W = 0.5. (a) Time history in 400-500 s. (b) Fourier amplitude of lateral tower vibration.
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Figure 9 shows the impact of the active control on the performance of the drivetrain shafts, the gearbox
and the collective pitch controller. The deviations of the rotational speed at the rotor ¢;5(¢) and at the
generator ¢;3(t) are very slightly affected with the standard deviations increased by 1.0% and 0.92%,
respectively, reflecting a very weak coupling between the torsional vibration of the drivetrain with the
lateral tower vibration. Based on Equation (13), the dynamic torque acting at the gearbox can also be
obtained from ¢;5(t) and ¢i3(t), as shown in Figure 9c. It is seen that the active generator controller
introduces a frequency component corresponding to the tower frequency in the gearbox torque, and a
little more fluctuated torque is observed with an increase of 12.6% in the standard deviation, which
is unfavorable for the fatigue life of the gearbox. By reducing the controller gain c,, the negative
effect can be diminished. Further, the performance of the pitch controller is almost unaffected by the
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active generator control (Figure 9d) with the standard deviation increased by 0.93%. It is observed
from Figure 10a,b that the flap-wise tip displacement ¢;(¢) and tower fore-aft top displacement g-(t)
are also insignificantly affected with the standard deviations increased by 0.85% and 2.2% after the
implementation of active generator control. This is expected, since there is no direct coupling between
these two modes of vibration with the generator torque and the lateral tower vibration. The coupling
is indirectly via the pitch controller performance, which changes the effective angle of attack and the
corresponding aerodynamic loads on the blade sections. Figure 10c shows an interesting result that the
edgewise vibration ¢4(t) is slightly suppressed by the active generator control due to the coupling of
edgewise vibration to the lateral tower vibration, as shown in Equation (6). The maximum response and
the standard deviation are reduced by 5.5% and 5.0%, respectively. Although the focus is to control the
lateral tower vibration through active generator torque, it is favorable to see that the edgewise vibration
with very low aerodynamic damping is also suppressed a little, rather than being negatively affected.

Figure 9. Influence of the active generator control on the drivetrain, the gearbox and the pitch
controller, gear-driven, W = 0.5. (a) Deviation of rotational speed of the rotor. (b) Deviation
of rotational speed of the generator. (¢) Torque on the gearbox. (d) Collective pitch angle.
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The time history of power output from the generator is presented in Figure 11. Since the generated
power is related to the lift forces along the blade and, hence, the longitudinal turbulence, the resulting
power output also presents periodicity around 1P frequency, similarly with that in Figure 6a. Due to the
torque increment ¢,qs(t), the generated power becomes more fluctuated with an increase of 1.3% in the
maximum value and an increase of 33.0% in the standard deviation, relative to the values without active
generator control. Since the stiffness and mass of the tower for the offshore wind turbine is very large,
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it is inevitable that effective control of the tower vibration is at the expense of a little more fluctuated
power output, which is unfavorable for the grid side. One possible solution to accommodate this problem
is to increase the energy storage in the power converter by increasing the size of the capacitor in Figure 5.
To give more clear insight into the tradeoff between the structural vibration and the power output, five
different values of weighting factor W are used, i.e., W is chosen to be 0.1, 0.3, 0.5, 0.7 and 0.9. For each
W, an optimal value of ¢, can be obtained through the optimization procedure given by Equation (22).
Table 3 presents the optimized ¢, and the corresponding standard deviations of gs(¢) and the power output
in different cases. It is shown that as the value of W increases, allowing larger values in the control effort,
better structural performance, but worse power quality are achieved. For the extreme case of W = 0.9,
the standard deviation of the lateral tower vibration can be reduced by 60%, but the fluctuation of the
power output is increased by 121.7%. In this case, one solution may be to turn on the active generator
controller merely when large lateral tower vibrations take place.

Figure 10. Influence of the active generator control on the flap-wise, fore-aft tower and
edgewise vibrations, gear-driven, W = 0.5. (a) Flap-wise tip displacement. (b) Fore-aft
tower top displacement. (¢) Edgewise tip displacement.
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Figure 11. Time series of power output, gear-driven, W = 0.5.
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Table 3. Performance of the tower controller for the gear-driven case.

Case ca (Ns) ogs (m) op (MW)
Basic system 0 0.0330 0.106
W =0.1 0 0.0330 0.106

W =03 10x10* 0.0246 0.121
W =05 20x10* 0.0206 0.141
W =07 4.0x10* 0.0167 0.177
W =09 80x10* 0.0132 0.235

4.3. Direct-Driven Wind Turbine

Next, simulations of the direct driven wind turbine are carried out. Comparing with the gear-driven
wind turbine, the nominal generator torque is increased by N times, while the nominal rotational speed
of the generator is reduced by N times. Since the magnitude of the generator is increased significantly,
we take the mass moment of inertia of the generator .J, to be N times the original value in the
simulation. This is justified by the data of a 3-MW wind turbine [30], where the mass moment of
inertia of the generator for the direct driven wind turbine is about 150-times that of the gear-driven one
(the total mass is six-times larger and the radius of the stator is five-times larger). The same turbulence
field and wave loads as in the previous case are applied to the wind turbine system in order to make
meaningful comparisons.

Similarly, by setting W = 0.5, the value of the gain factor c, is determined as 2.0 x 10% in order
to minimize the performance criterion J(c,). Figures 12—14 show the results corresponding to similar
parameters studied in the previous case. Results in Figure 12 show the remarkable capability of the
active generator controller in suppressing lateral tower vibrations. The maximum response of gs(t) is
reduced from 0.143 to 0.105 m (reduced by 26.6%), and the standard deviation is reduced by 54.0%.
Again, a static displacement equal to —0.057 m is always present with or without active control. This
value is also unchanged comparing with the gear-driven case, because the mean value of the aerodynamic
torque acting at the rotor is unchanged whether it is a gear-driven or direct-driven wind turbine. Further,
the stress at the tower base is calculated, with the standard deviation reduced from 6.72 to 3.39 Mpa
(49.6%) and the maximum response reduced from 26.12 to 18.90 Mpa (27.6%). The Fourier spectrum
of the lateral tower top displacement (Figure 12b) shows that the peak around 1.76 rad/s, corresponding
to the tower eigenfrequency, is almost totally eliminated by the active generator controller, comparing
with that of the uncontrolled case. The reason for the superior performance is that the nominal generator
torque fi3, is much larger in the direct-driven wind turbine, and thus, the optimized controller gain c,,
as well as the additive torque are also increased accordingly.

Figure 13 shows the impact of the active generator controller on the responses of other components
of the wind turbine. Similarly, the negative influences on the drivetrain oscillation, the flap-wise
vibration, the fore-aft tower vibration and the performance of the pitch controller are negligible. The
lightly-damped edgewise vibration in Blade 1 (¢4(¢)) is again slightly suppressed by the active generator
control, due to its coupling to the lateral tower vibration. Similar results have been confirmed for the
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other two blades. It should be noted that the gearbox is eliminated in the direct-driven system, and the

negative impact from the active generator torque on the gearbox as stated in the gear-driven case is no
longer a problem for the direct-driven case.

Figure 12. Lateral tower vibration with and without active generator control, direct-driven,
W = 0.5. (a) Time history in 400-500 s. (b) Fourier amplitude of lateral tower vibration.
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Figure 13. Influence of the active generator control on system responses, direct-driven,
W = 0.5. (a) Deviation of rotational speed of the rotor. (b) Deviation of rotational speed of
the generator. (c¢) Collective pitch angle. (d) Flap-wise tip displacement. (e) Fore-aft tower
top displacement. (f) Edgewise tip displacement.
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Figure 14 shows the time-history of the power output from the generator. A little negative effect on the
smoothness of the power output is observed after the implementation of the active generator control. The
maximum value of the power output is increased from 5.41 MW to 5.48 MW (increased by 1.3%), and
the standard deviation is increased from 0.108 MW to 0.125 MW (increased by 15.7%), which means
less impact on the grid side than that of the gear-driven case. For direct-driven wind turbines, the value of
f13,0 1s significantly increased, and the relative magnitude between c¢,gs(¢) and fi3 ¢ is smaller comparing
with that of the gear-driven turbine; thus, the smoothness of the power output is less affected by the active
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control. Similarly, the tradeoff between the tower vibration and the power output is illustrated in Table 4,
showing that as the value of the weighting factor W increases, better structural performance, but worse
power quality are obtained. However, acceptable results for the power quality can always be obtained
when the tower vibration is significantly reduced.

Figure 14. Time series of power output, direct-driven, W = 0.5.
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Table 4. Performance of the tower controller for the direct drive case.

Case ca (Ns)  ogs(m) op (MW)
Basic system 0 0.0328 0.108
W =0.1 0 0.0328 0.108
W =0.3 1.0 x 10°  0.0189 0.116
W =05 2.0 x 10°  0.0151 0.125
W =0.7 3.0 x 10°  0.0132 0.134
W =0.9 8.0 x 10°  0.0099 0.175

5. Conclusions

This paper presents a comprehensive investigation into the modeling and control of lateral tower
vibrations of offshore wind turbines using active generator torque. A 13-DOF wind turbine model has
been developed using a Euler—Lagrangian approach, taking into consideration the quasi-static nonlinear
aeroelasticity. The equation of motion was derived, and the coupling of the blade-tower-drivetrain
motion, as well as the load transfer mechanisms from the generator to the tower are demonstrated.
A simple feedback controller was proposed for lateral tower vibrations through the active generator
torque, and a generator model was introduced as the power electronic solution for providing the additive
generator torque in real time.

Numerical simulations have been carried out using data calibrated to the referential 5-MW NREL
offshore wind turbine. Cases of the gear-driven and the direct-driven wind turbines were both considered
to evaluate the effectiveness of the active generator torque for mitigating lateral tower vibrations.
The non-linear time-history results demonstrate that for both gear-driven and direct-driven wind turbines,
the active generator controller is successfully able to reduce the lateral tower vibration induced by the
combined aerodynamic and hydrodynamic loads. The effective control of lateral tower vibration is at
the expense of a little more fluctuated power output, and a tradeoff between the vibration aspect and
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the power electronic aspect should be considered by properly choosing the controller gain. The active
generator controller has negligible affects on the drivetrain oscillation, the flap-wise vibration, the
fore-aft tower vibration and the performance of the controller. It is also favorable to observe that the
lightly-damped edgewise vibration is slightly suppressed by the active generator controller due to its
coupling to the lateral tower vibration. The active generator controller shows superior performance for
the direct-driven wind turbine, since a better vibration control efficacy can be obtained with less impact
on the smoothness of the power output.

In further works, a more sophisticated and realistic consideration of the wind-wave correlation needs
to be investigated. The controller will also be developed in more detail, such as to include filters and to
design the controller when there is a slight rotor imbalance.
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Abstract

Tuned liquid dampers (TLDs) utilize the sloshing motion of the fluid to suppress structural vi-
brations and become a natural candidate for vibration control of wind turbines. Lateral tower
vibrations of wind turbines are normally lightly damped, and large amplitude vibrations induced
by wind and wave loads in this direction may significantly shorten the fatigue life of the tower.
In this paper, a real-time hybrid testing (RTHT) method is implemented for evaluating the per-
formance of a TLD in mitigating lateral tower vibrations of megawatt wind turbines. During
the RTHT, a full-size TLD is tested as the physical substructure while the structural responses
of the wind turbine system are calculated numerically in real time using a 13-degree-of-freedom
(13-DOF) aeroelastic model in the Matlab/Simulink environment. Both the 3 MW and 2 MW
wind turbines have been considered in establishing the Simulink model. Cases of the TLD with
and without damping screens have both been tested, in order to evaluate the performance of the
TLD with different damping ratios. Further, the effect of tuning ratios on the damper perfor-
mance has been studied by changing the mean water level of the tank. Finally, the RTHT results
are compared to the results obtained from an analytical model of the TLD-wind turbine system.
The comparative results indicate that the test method provides an accurate and cost-effective
procedure for performing full-scale tests of passive or semi-active dampers.

Keywords: real-time hybrid testing, tuned liquid dampers, wind turbines, lateral tower
vibration, full scale test

1. Introduction

Recent development in the wind energy industry aims at obtaining more economic and pro-
ductive configurations in order to compete in the energy sector. Multi-megawatt wind turbines
are designed with increasingly larger rotors and higher towers, in order to capture more energy
throughout their lifetime and, thereby, reduce the cost of energy. As wind turbines grow in size,
the stiffness of the blades and the tower are not increased proportionally, rendering the structure
more sensitive to dynamic excitations. The large amplitude vibrations may significantly shorten
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the fatigue life of the structural components and reduce the operational efficiency in converting
the wind energy to electrical power.

Normally, flap-wise blade vibration and fore-aft tower vibration (along-wind direction) are
highly damped due to the strong aerodynamic damping as long as the flow is attached at the
blade [1]. In contrast, edgewise blade vibration and lateral tower vibration (side-side direction)
are related with insignificant aerodynamic damping [1,2]. Hence, these modes of vibrations may
be prone to large amplitude vibrations. There is also a possibility of aeroelastic instability in the
lateral tower mode for some combinations of aerodynamic properties and operational conditions,
especially for the parked turbine with nacelle yaw errors [3]. Moreover, for offshore wind tur-
bines placed at shallow water, the wave load may act in a different direction of the mean wind
direction due to refraction, and significant lateral tower vibrations may be initiated by the wave
load in combination with the resultant aerodynamic loads from the three blades in the lateral
direction. Finally, due to the coupling between the lateral tower vibration with the drivetrain
torsional motion, the unfavorable tower vibrations will increase the fluctuations of the generator
torque, and hence the quality of the generated power.

Some studies have been carried out for the structural control of wind turbine towers. Theo-
retical investigations have been performed on the effectiveness of a tuned mass damper (TMD)
[4] and tuned liquid column damper (TLCD) [5] for mitigating along-wind tower vibrations, ig-
noring the aerodynamic properties of the blades. To yield more realistic results, an advanced
modeling tool has been developed and incorporated into the aeroelastic code, FAST (Fatigue,
Aerodynamics, Structures and Turbulence), allowing the investigation of passive TMDs in vi-
bration control of offshore wind turbine systems [6]. A series of shaking table tests have been
carried out to evaluate the performance of the ball vibration absorber (BVA) on vibration control
of a reduced scale wind turbine model, through which the effectiveness of the passive damping
device was proven [7]. However, the focus of this study is still on the fore-aft tower vibration
without considering the aerodynamic damping. Therefore, it is of great importance and neces-
sity to carry out a comprehensive investigation on structural control of the lightly-damped lateral
tower vibrations.

Tuned liquid damper (TLD), which consists of a tank partially filled with liquid, is a passive
control device for suppressing structural vibrations. The fundamental sloshing frequency of the
liquid is normally tuned to the fundamental frequency of the primary structure. When the TLD is
excited by the motion of the primary structure, the liquid inside the tank begins to slosh, impart-
ing inertial forces onto the structure, out of phase with its motion, thus absorbing and dissipating
energy. The main advantages of the TLD are the ease of fabrication and installation, especially
where space constraints exist, and minimal maintenance after installation, which make the de-
vice cost-effective. The TLD has been proved to effectively control the wind-induced vibration
of structures [8-10]. It is also proposed for seismic control of structures. Both experimental and
theoretical studies [11-13] have shown that TLDs successfully suppress vibrations of the flexible
structures subjected to earthquake excitations.

The main difficulties associated with TLDs arise from the nonlinear nature of the sloshing
liquid, which makes modeling and designing of these devices challenging. Different methods
have been employed to predict the response of sloshing liquid. Equivalent mechanical models
based on TMD analogy [14, 15] simplify the TLD into an equivalent tuned mass damper, with
the equivalent mass, stiffness and damping calibrated from the experimental results. This model
is able to predict the energy dissipation through liquid sloshing and is useful in the preliminary
design of the TLD. However, the nonlinear fluid response cannot be captured. Nonlinear shal-
low water wave theory [16, 17] has been proposed for predicting the response of fluid sloshing
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in rectangular tanks. Although the nonlinear shallow-water wave equations can be numerically
solved, it is computational inefficient and does not provide an effective design tool for engineer-
ing application. Modal expansion techniques [18-20] have been used for modeling the sloshing
problem, where the fluid flow is assumed to be inviscid, irrotational, incompressible and without
rigid-body rotations. The velocity potential and the free surface are expressed as a summation
of sloshing modes, and a system of coupled ordinary differential equations are developed by
applying calculus of variations [18,19].

In principle, all the above-mentioned models have errors in capturing the real dynamic char-
acteristics of the sloshing liquid and the control force generated by the TLD. Therefore, it is nec-
essary to obtain the response of the TLD-structure system through experiments. In the present
paper, a state-of-the-art testing method, real-time hybrid testing (RTHT) [21-23] has been em-
ployed for evaluating the performance of the TLD in vibration control of wind turbine towers.
The fundamental idea of the RTHT is to split the entire system into two parts: a numerical
substructure and a physical substructure. The former will be simulated in the computer by a
developed numerical model. The latter, which generally has a complicated dynamic behavior
(nonlinear or load rate-dependent), is manufactured and tested using dynamic testing equipment
(shaking table or dynamic actuators) [12, 24]. This method has several advantages, such as the
reduced cost of the experiment, the possibility of manufacturing full scale physical substruc-
ture and safe evaluation of structures at extreme states. The RTHT has been widely adopted
for the performance evaluation of energy dissipating and vibration absorbing devices, such as
elastomeric dampers [24], MR dampers [25], TLDs [12] and TMDs [26].

In the study reported here, the performance of the TLD in suppressing lateral tower vibrations
of wind turbines is evaluated through RTHT. A full scale TLD is manufactured and tested as the
physical substructure, while a 13-degree-of-freedom (13-DOF) aeroelastic wind turbine model
is employed as the numerical substructure. The dynamic responses of the wind turbine system
are numerically calculated in real time using the 13-DOF model formulated in Matlab/Simulink,
with the measured control force and the pre-calculated wind-induced modal loads (with due
consideration of the aerodynamic damping) acting as excitations. Both the 3 MW and 2 MW
wind turbines have been considered in establishing the Simulink model. Cases of the TLD with
and without damping screens have been tested for evaluating the control effect of the damper
with different energy dissipations of the sloshing. Further, various values of the tuning ratio, the
mean wind speed and the turbulence intensity are considered in the RTHT, so that a systematic
evaluation of the damper performance can be revealed. Finally, simulation results from a pure
theoretical model are compared with the recorded results from the RTHT, and the acceptable
agreement verifies the accuracy of both the RTHT and the theoretical model.

2. Real-time hybrid testing

2.1. General description

The RTHT presented in this paper has been carried out using the MTS real-time hybrid testing
system at Trinity College Dublin, Ireland [27]. The system allows to simultaneously combine
physical testing of the TLD with the computer model of the wind turbine system. The RTHT
system is mainly composed of the following:

1) a host PC running Matlab/Simulink, which is used to program Simulink models of the
wind turbine system using the Real-Time Windows Target toolbox;



2) a target PC with the shared common random access memory network (SCRAMNEet), on
which compiled Simulink models are downloaded and the real-time simulation is run in Math-
works XPC Target environment;

3) a hybrid controller host PC, which runs the graphical user interface to the MTS servo-
controller. The software Structural Test System (STS) can be used to calibrate and tune instru-
mentation, servo-valves and actuators prior to a test;

4) a MTS servo-controller hardware with SCRAMNet, which includes a digital PID actuator
controller, signal conditioners, data acquisition system and interlock mechanisms. The controller
is preset to run at a frequency of 1024 Hz, which is the update rate for the servo-valve commands;

5) a hydraulic actuator equipped with displacement and force sensors, which physically op-
erate the desired commend to the physical substructure and allows to measure the quantities of
interest.

The communication through the target PC and the MTS controller is managed through the
SCRAMNeEet, which is a local high-speed network ring. Such local high-speed connections dras-
tically reduce delays and make it possible to perform continuous and/or real-time hybrid sim-
ulation. Using SCRAMNet, memory-writes to the replicated shared memory at one computer
are instantly sent to all other replicated shared memories at 150 MB/s via high-speed fiber optic
cables.

A schematic diagram representing the RTHT system is illustrated in Figure 1. The MTS
controller accepts a displacement or force command and generates the proper command signal
for the servo-valve that moves the actuator to the commanded position. In order to access the
MTS controller from the target PC, Simulink blocks are available to perform input/output oper-
ations through the SCRAMNet memory associated with the controller. The blocks contains the
1/0 signals that allow interaction with the experimental specimen. Hence, force and displace-
ments commands can be sent from the target PC to the actuator, while measurement from the
transducers can be fed back to the real-time simulation environment.

Hybrid controller
host PC

TCP/IP

Test substructure

Host PC TCP/IP
Matlab/Simulink

|—|
Target PC MTS controller m% Hydraulic aclualor}—»

SCRAMNet T
Feedback
Transducers

Figure 1: Layout of the RTHT system.

2.2. Implementation of the hybrid model

Figure 2 depicts the conceptual illustrations of the RTHT for the TLD-wind turbine system
carried out in this paper. At each time step, the discrete equations of motion of the 13-DOF
wind turbine model are solved on the target PC. The numerically obtained lateral tower vibration
is sent as a displacement command over the SCRAMNet. The MTS controller generates an
appropriate signal for the servo-valve which attempts to move the actuator to the commanded
position. The actual displacement of the actuator and the interacting force (control force/ sloshing
force) measured from the load cell are fed back to the SCRAMNet and accessed by the target
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PC. With this TLD-generated control force, the equations of motion of the wind turbine system,
where a TLD is installed, are solved numerically, and the displacement command is sent to the
controller again. This process is carried out in real-time.

Target PC

Lateral
ateral tower Actuator

top displacement
Wcmds) .
S, |

R E

\%/
displ cmds
Control f i
Uuor:cs'bifsc)e Physical substructure
force fbks

MTS controller

l
&

Numerical substructure

Figure 2: Conceptual view of the RTHT for the TLD-wind turbine system.

Applying the load history at fast rates, rather than a ramp-hold load history to the actuator,
improves the performance and accuracy of the experiment by eliminating the hold phase and
associated force relaxation [28]. Better control of the actuator is also achieved through a fast-
rated command signal. Further, high performance actuators coupled with fast hybrid test methods
can capture the rate-dependent behavior of the physical substructure, such as the TLD. In most
of the recent hybrid tests [27-29], the MTS controller runs at a sampling rate of 1024 Hz (1/1024
s sampling time) to control the motion of the servo-hydraulic actuator using the SCRAMNet.
When the integration time step of the numerical substructure is larger than 1/1024 s (for nonlinear
finite element models), the predictor-corrector technique [22, 29] has been widely employed to
generate the displacement command at the required rate (1024 Hz) and to synchronize the hybrid
simulation.

In the present hybrid system, the integration time step of the numerical substructure (the 13-
DOF wind turbine model) is set to be equal to the sampling time of the MTS controller (1/1024
s), since no iterations are needed for solving the numerical model and the actual task execution
time is less than 1/1024 s. Therefore, synchronization is achieved without using the predictor-
corrector technique.

There is an inherent lag in the displacement response of servo-hydraulic actuator versus the
command displacement. Consequently, the measured restoring forces are delayed relative to the
command signal. To compensate for this delay, the compensation technique proposed in [23]
has been applied here. The time lag of the actuator response is measured first and polynomial
extrapolation procedure is then used to predict the command of the actuator by advancing the
current time in the algorithm by the delay time. Detailed results of the delay compensation will
be given later.

2.3. Numerical substructure: the 13-DOF wind turbine model

The numerical substructure of the wind turbine system shown in Figure 3 is a 13-DOF
aeroelastic model. The motions of the tower and the drivetrain are described in a fixed, global
(X1, X2, X3)-coordinate, while the motion of each blade is described in a moving, local (X1, X2, X3)-
coordinate system with its origin at the center of the hub. Assuming a constant rotational speed
Q of the rotor, the position of the local coordinate system attached to blade j is specified by the
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Figure 3: the 13-DOF aeroelastic wind turbine model. Definition of fixed and moving coordinate systems and the degrees
of freedom g1 (t), ..., qr1(t).

azimuthal angle ¥;(t):
‘I’j(t):Qt+%ﬁ(j—l),j=l,2,3 )

which is positive when rotating clockwise as observed from an upwind position.

Each blade is modeled as a Bernoulli-Euler beam with variable mass per unit length and
variable bending stiffness. The flap-wise and edgewise motions of the three blades are modeled
by the DOFs q;(t) and qj.3(t), j = 1,2,3, indicating the tip displacement in the positive x;-
direction and the negative x,-direction, respectively. The related mode shapes are taken as the
undamped fundamental eigenmodes ®¢(x3) and ®¢(x3) in the flap-wise and edgewise directions
with Q = 0.

The tower motion is defined by the translational DOFs g(t) and gs(t) in the global X;- and X;-
directions, and the rotational DOFs qo(t), g10(t), g11(t) in the global X;-, X,- and Xs-directions.
Hence, the lateral tower vibration is modeled by the top elastic displacement gs(t) and top elastic
rotation qg(t), using cubic shape functions [30]. At each time step, the calculated gg(t) is sent to
the MTS controller as the displacement command.

The drivetrain shown in Figure 4 is modeled by the DOFs gi2(t) and qi3(t), indicating the
deviations of the rotational angles at the hub and the generator from the nominal rotational angles
Qt and NQt, respectively, where N is the gear ratio. Correspondingly, gi12(t) and gi3(t) are the
deviations of the rotational speeds at the hub and the generator from the nominal values. J; and
Jy denote the mass moment of inertia of the rotor and the generator, and k; and kq denote the
St.Venant torsional stiffness of the rotor shaft and the generator shaft.

Assuming linear structural dynamics and substituting the kinetic and potential energies into
the Euler-Lagrange equation [31], the equations of motion of the 13-DOF model are obtained of
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Generator shaft

Gearbox ;---a---- Kg
ai3(t)

f13(t)
————
Rotor of generator
f13%

Stator of generator

f12(t)

‘\’ Rotor shaft

Figure 4: 2-DOF model of the flexible drivetrain with odd number of gear stages. Definition of degrees of freedom q12(t)
and qu3(t).

the form:
M(t) G(t) + C() q(t) + K1) a(t) = fe(t) (2

where q(t) is the DOFs vector. M(t) is the mass matrix, C(t) is the damping matrix including
the structural and gyroscopic damping, and K(t) is the stiffness matrix taking into account the
geometric and gyroscopic stiffness. fe(t) is the external load vector work conjugated to q(t),
including the non-linear aerodynamic loads and the generator torque. All the indicated system
matrices contain the azimuthal angle \¥'j(t) and are thus time-varying. This is because the DOFs
of the blades are modeled in the moving coordinate system, while others are formulated in a fixed
coordinate system. Detailed expressions of the system matrices can be found in [30].

The 13-DOF model is formulated in Matlab/Simulink, where all the terms are discretized
and the backward Euler method has been used for solving the discrete equations of motion.
The time-varying system matrices are handled by user-defined Matlab functions. Two blocks,
one receives inputs from SCRAMNet to the 13-DOF model and one sends commands from the
13-DOF model to SCRAMNet, are included in the Simulink model as well.

2.4. Experimental substructure test setup

Figure 5: Test setup and the physical substructure (the TLD).
7



Figure 5 shows a photograph of the test setup and the physical substructure (the TLD). The
setup has a hydraulic actuator in the horizontal direction, a reaction frame and the data acquisition
system. The MTS 244 actuator, with a load capacity of 150 kN and a maximum stroke of +125
mm, is bolted to the left side of the TLD. One load cell and one linear variable displacement
transducer (LVDT) are attached at the actuator to measure the interaction force and the actuator
displacement. The full-size TLD is made up of a closed rectangular tank, with a inner size of
1.93 m (length) x 0.59 m (width) x 1.2 m (height). Since the width of the tank is much smaller
than the length, it is expected the sloshing of the water is predominately 2-dimensional. The TLD
is suspended to top of the reaction frame by four steel cables in order to minimize the friction
when the tank is enforced to move by the actuator. Further, a capacitance wave gauge (with a
sampling rate of 10 Hz) is installed at the left end-wall of the tank to measure the liquid surface
elevation.

The tank with installed damping screens have also been investigated during the tests. Actu-
ally, the inherent viscous damping of the water is usually much less than the optimal damping
that results in optimal performance of the TLD. The inclusion of the damping screens signifi-
cantly increases the damping ratio and energy dissipation of the water sloshing, thus improving
the performance of the TLD. For these scenarios, two damping screens are installed inside the
tank at 1/3L and 2/3L positions, respectively, where L is the length of the tank. The size of each
mesh in the screen is 2.2 cm x 2.2 cm.

3. Analytical model to capture TLD-structure interaction

A nonlinear model for a TLD in a rotating coordinate system (wind turbine blade) has been
established in [32], where the modal expansion technique was used for modeling the sloshing
of the liquid under gravity, the angular acceleration, the Coriolis acceleration and the centripetal
acceleration. Modal expansion was carried out directly on the velocity field of the liquid rather
than the velocity potential [18-20] because the Coriolis acceleration renders the potential flow
theory unvalid even for inviscous fluid flow. For wind turbine towers, either the methods pro-
posed in [18-20] or in [32] can be employed to model the TLD-structure interaction (actually
they are equivalent). In the present paper, the method proposed in [32] has been applied with
slight modifications where the rotation of the coordinate system is now only due to the rotational
deformation of the top of the tower. This modified theoretical model is briefly described in the
following, and detailed formulation of the coupled nonlinear equations of motion can be found
in [32].

3.1. Modal expansion technique for the sloshing problem

As shown in Figure 6, the TLD is assumed to be mounted at the top of the wind turbine tower
(with the height of Hy), and the elastic displacement and elastic rotation at this position are given
by

q(t) = - gs(t)
_ (©)
o(t) = - qo(t)
where gg(t) and qo(t) are the 8th and 9th degree of freedom of the 13-DOF model as defined in

Figure 3.

The motion of the fluid relative to the tank is described in (y1, Y2, y3)-coordinate system fixed
to the damper with its origin O’ placed at the center of the mean water level (MWL). The free
surface is defined by a single variable of the surface elevation 7(y1,t) measured from the mean
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Figure 6: Modeling of the TLD.

water level. Hence, overturning waves, slamming or breaking waves are not covered by this
theory. For a given fluid particle, the velocity vector and acceleration vector are given by

Pt =fo() + v(y(D).1) + w(t) xy(t) }
P(t) =To(t) + V(Y().t) + @() X (1) + 2(t) X V(Y(t), t) + w(t) x (w(t) x y(1))

where r(t), ro(t) and y(t) are defined in Figure 6. v(y(t), t) and v(y(t), t) indicate the velocity and
acceleration vectors of the fluid particle as seen by an observer fixed to (y1, Y2, y3)-coordinate sys-
tem. w(t) is the angular velocity vector of (y1, Y2, y3)-coordinate system relative to (X1, X2, X3)-
coordinate system.

By reformulating the Lagrangian description in Eq. (4) into Eulerian description of the par-
ticle motion, the boundary value problem (Navier-Stokes equation with nonlinear boundary con-
ditions) is established in (y1, Y2, y3)-coordinate system. Nest, a weak form of the boundary value
problem can be obtained by the Galerkin variational method, where the modal expansions of the
velocity field v(y, t) and its virtual variation §v(y) are expressed as:

viy,t) = ) ri)Vi(y) . yeVv()

N
=1

®)
V() = DenVily) . yev(
i=1

where V(t) is the time-varying fluid domain. r;(t) and 6r; denote the generalized coordinates of
the velocity field and the variational field. The shape functions V;(y) are not required to fulfill any
mechanical boundary conditions on the free surface. However, they need to have zero divergence
and to fulfill vanishing kinematical boundary conditions on the side walls.
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Hence, the eigenmodes of standing waves in linear wave theory have been used as shape
functions:

=sin(ki (y1+ %)) cosh (ki (y2 + h)) LL
Vi(y) = | cos(ki (yr+5) sinh(ki(y2+h)| . (uy2) =[- > E] x [ =h,n(ys,1)] (6)
0
where h is the mean water depth and ki = i { is the wave number. The angular frequency of the
ith sloshing mode is given by:
? = gk tanh(kih) @)

Next, the boundary condition on the free surface is discretized in a similar manner. Modal
expansions of the surface elevation n(y;, t) and its virtual variation 6n(y,) are formulated:

7y t) = ZN: si(t) cos (ki (y1 + %))

i=1

onlyr) = iési cos (ki (y1 + %))
i=1

where s;j(t) and 6s; denote the generalized coordinates of n(ys,t) and 6n(y1). The selected shape
functions in Eq. (8) is motivated by the linear wave theory, where the free surface condition
reduces to v,(ys,0,t) = %n(yl, t). Hence, the distribution with y; for each shape function in Eq.
(8) should be pairwise proportional to its counterpart in Eq. (6).

Finally, coupled nonlinear differential equations for ri(t) and s;(t) can be obtained by substi-
tuting Egs. (5), (6) and (8) into the weak formulation of the boundary value problem [32]. Linear
viscous damping terms are also incorporated to the equations related to r;(t) to accommodate the
overall energy dissipation arising from both the viscous effect and the flow restricting devices
such as the damping screen. The same damping ratio & has been used for all sloshing modes
considered in the modal expansion [32].

3.2. The sloshing force

As shown in Fig. 7, fc(t) with the non-vanishing moving frame components f¢ 1 (t) and fcx(t),
denotes the external reaction force vector on the liquid due to the pressure p(y, t) from inner side
of the tank. This force vector, when transferred to the primary structure, represents the control
force for lateral tower vibrations. The analytical expression of f.(t) can be obtained by integrating
the pressure p(y, t) over inner surfaces of the tank, in combination with the divergence theorem
[32]. This force vector is dependent on the state variables s;(t) through the time-varying fluid
domain V(t).

4. Test results and Analysis

Considering the size of the manufactured TLD, the suitable ratings of wind turbine could be
2 MW and 3 MW, and both of them have been considered in establishing the Matlab/Simulink
model. To obtain data of these two configurations, a classical upscaling/downscaling method
[33] has been used on the widely used NREL 5 MW reference turbine [34]. The resulting system
parameters of the two turbines are provided in Table 1.
10
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Figure 7: Pressure distribution on inner surfaces of the TLD tank.

Table 1: Parameters of the two wind turbines used in the Simulink model.

Parameter 2 MW 3 MW
Rotor rotational speed [rad/s] 2.000 1.633
Blade radius [m] 40 49

Blade mass [kg] 4488.0 8244.8
Blade structural damping ratio [-] 0.005 0.005
Rotor moment of inertia [kg m?] 3.768-10  1.039-107
Nacelle+hub mass [kg] 7.508-10* 1.379-10°
Hub height [m] 55.4 67.9
Tower mass [kg] 8.790-10* 1.615-10°
Tower structural damping ratio [[] ~ 0.01 0.01

First lateral tower frequency [rad/s] 3.369 2.751

Eq. (7) is used for tuning the TLD (by changing the mean water lever h), so that the first
sloshing frequency is close to the first lateral tower frequency shown in Table 1. For each wind
turbine model, tests were undertaken for three different tuning ratios (ratio between the first
sloshing frequency to the first lateral tower frequency) of the TLD and using three different
turbulent wind loads. Moreover, cases of the TLD with and without damping screens were both
evaluated. Therefore, in total 36 (= 2 x 3 x 3 x 2) real-time hybrid tests were conducted, and the
duration for each test was set to be 5 minutes.

4.1. Delay compensation

The developed compensation method in [23] predicts the displacement of the actuator after
the actuator delay 6t from the present time by extrapolating an nth-order polynomial function
based on the target (present) displacement and n previous calculated displacements (6t x i units
of time ago, i = 1,2, ...,n). Therefore, the predicted displacement is 6t time ahead of the target
counterpart.

By sending a sinusoidal signal to the actuator, the delay time 6t was identified as 15 ms for the
system in this study (it depends both on the actuator and the physical substructure). This delay

11



(CY . . T " \ .

12k —— Target Disp B
= < . - - - Command sent to the Actuator
£ 10r Measured (actuator) Disp N
2 8 1
]
£ 6 1
8
S 4r b
o
L2 2r 4
[a)

of 4

i i i i i i I i i i
6.6 6.7 6.8 6.9 1t[]7.2 3 7.4 75 7.6
S
b
( ) 14 T T T T T

12k —— Target Disp |
'E' - = - Predicted (extrapolated) Disp
£ 10 Measured (actuator) Disp B
€ 8 7
5]
£ 6 ]
8
3 4 |
=
2 2py B
o

0 4

i i i i i i

72
t[s]

Figure 8: Accuracy of the applied delay compensation technique. (a) without compensation; (b) with compensation

time was used in the compensation technique for predicting (extrapolating) the actuator displace-
ment during all tests. Figure 8(a) shows the results of one test case without delay compensation,
where the solid line is the displacement calculated by the computer (target displacement) and
dashed line is the displacement command sent to the actuator by the controller. They are iden-
tical when no compensation is applied. The dotted line is the measured displacement (feedback
displacement from the actuator), which is observed to be about 15 ms delayed comparing with
the target displacement. Figure 8(b) shows the corresponding results for the same load case with
the delay compensation technique applied. The black dashed line is the predicted (extrapolated
using the polynomial function) displacement, which is now about 15 ms ahead of the target dis-
placement. By applying this predicted value as a command signal to the actuator, the resulting
displacement becomes almost identical to the target one, since the command signal is delayed by
the actuator.

4.2. Control effect of the TLD on tower vibrations

On the basis of Taylor’s hypothesis of frozen turbulence together with the first-order auto-
regressive (AR) model, three-dimensional rotational sampled wind field can be generated with a
given mean wind speed Vy and turbulence intensity | [30]. For each wind turbine model, three
different wind fields (with different combinations of V and 1) have been applied.

Table 2 shows the response reduction of lateral tower vibrations of the 2 MW wind turbine
by the TLD. The water level of TLD varies from 46.74 cm to 64.80 cm corresponding to three
values of tuning ratio  (0.95, 1.0, 1.05). With fixed size of the tank, the resulting water mass
is only dependent on the water level, and it varies from 532.23 kg to 737.88 kg. Reductions of
both the standard deviation (STD) and the maximum value of the tower top displacement are
presented. From Table 2, there are three observations to be emphasized:
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(i) For all load cases and all configurations, the TLD is effective in reducing the standard
deviations and peak values of the tower top displacement. Hence, the dynamic response and
fatigue life of the 2 MW wind turbine tower can be successfully improved by the TLD designed
in this study.

(ii) The inclusion of damping screens in the TLD significantly improves the control per-
formance of the damper, for all wind loads scenarios and all tuning ratios. By equipping two
damping screens, more energies are dissipated during sloshing and larger response reductions
are achieved by the TLD.

(iii) For the TLD without damping screens, the optimal tuning ratio depends on the mean
wind speed and the turbulence intensity. On the other hand, the optimal tuning ratio is always 1
for cases with damping screens. Acceptable control performance of the TLD can be obtained for
all three tuning ratios considered here, but the best performance is always achieved for all wind
load cases when n = 1 with damping screens equipped.

Table 2: Response reduction of lateral tower vibrations of the 2 MW wind turbine by TLDs with different configurations.

Wind loads  Tuning ratio Screen Water level Water mass STD reduction  Peak reduction

n=10 no 54.61 cm 621.84kg  39.80 % 33.63%

yes 54.61 cm 621.84kg  51.98% 47.35%

Vo=12m/s, n=0.95 no 46.74cm 532.23kg  28.01% 35.46 %

1 =0.08 yes 46.74cm 532.23kg  31.28% 38.52%

n =105 no 64.80 cm 737.88kg  41.55% 15.03 %

yes 64.80cm 737.88kg  49.95% 25.44 %

n=10 no 54.61 cm 621.84kg  43.55% 32.75%

yes 54.61cm 621.84kg  52.90 % 48.83 %

Vo=12m/s, n=0.95 no 46.74cm 532.23kg  29.50 % 37.06 %

=01 yes 46.74 cm 532.23kg  33.03% 40.85 %
n=1.05 no 64.80 cm 737.88kg  37.39% 9.79 %

yes 64.80 cm 737.88kg  50.28 % 26.91%
n=10 no 54.61 cm 621.84kg  20.38% 8.80 %

yes 54.61 cm 621.84kg  32.26 % 13.34 %

Vo=8m/s, 1n=095 no 46.74cm 532.23kg  22.13% 14.56 %

=01 yes 46.74cm 532.23kg  25.77% 15.61 %
n=1.05 no 64.80 cm 737.88kg  9.46% 2.17%

yes 64.80 cm 737.88kg  25.40 % 20.98 %

Figure 9 shows the control effect of the TLD on tower vibrations of the 2 MW wind turbine
in both time and frequency domains, for the case of Vo=12 m/s, | = 0.08, »=1.0. Figure 9(a) and
(b) correspond to the TLD without and with damping screens, respectively. For both scenarios,
the tower top displacement gg(t) is significantly reduced by the TLD, while the inclusion of
damping screens further improves the reduction effect as shown in Figure 9(b). From the Fourier
amplitude of gg(t) a clear peak corresponding to the first lateral tower frequency (3.369 rad/s) is
observed due to very low aerodynamic damping in this mode. This peak is effectively suppressed
by the damper, and is almost totally eliminated when damping screens are included in the TLD.
Moreover, in the frequency domain two very small peaks (around 9 rad/s and 13 rad/s) can also
been observed , resulting from the coupling between the lateral tower vibration to the edgewise
blade vibrations. The TLD has no effect on these two peaks.
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Figure 9: Control effect of the TLD on tower vibrations of the 2 MW wind turbine, tuning ratio=1, Vo = 12 m/s, 1=0.08.
(a) without damping screens, (b) with damping screens.

Table 3 shows the performance of the TLD on the 3 MW wind turbine. Comparing with Table
2, slightly different results have been obtained, with the following observations to be highlighted:

(i) The overall control effect of the TLD is slightly worse comparing with the results in Table
2. Since the tower frequency of the 3 MW wind turbine is lowered to 2.751 rad/s, the mean
water level (for tuning the sloshing frequency) and thus the water mass of the TLD are reduced,
resulting in smaller mass ratio of the damper.

(ii) For very few cases (such as Vo = 12 m/s, 1=0.1, n = 0.95), the inclusion of damping
screens even deteriorates the performance of the TLD. This might be attributed to the increased
nonlinear effect when the water height is shallow in the tank.

(iii) Same as the results in Table 2, for all wind load cases the best performance of the TLD
is always obtained when the tuning ratio is 1 and damping screens are equipped. This turns out
to be the optimal design of the TLD for both 2 MW and 3 MW wind turbines.

Figure 10 shows the performance of the TLD on the 3 MW wind turbine in both time and
frequency domains, for the case of Vo=12 m/s, | = 0.1, n=1.0. Again, Figure 10(a) and (b)
correspond to the TLD without and with damping screens, respectively. It is observed that the
equipped damping screens effectively improve the control effect of the TLD, and STD reduction
calculated from the 5-minutes time histories is increased from 28.32% to 40.25%. The spectrum
peak corresponding to the first lateral tower frequency (2.741 rad/s) is reduced by half in Figure
10(a) and by 1/3 in Figure 10(b) using the TLD with damping screens.
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Table 3: Response reduction of lateral tower vibrations of the 3 MW wind turbine by TLDs with different configurations.

Wind loads ~ Tuningratio Screen Water level Water mass STD reduction Peak reduction

n=10 no 31.64cm 360.28 kg 28.32% 18.43 %

yes 31.64cm 360.28 kg 40.25 % 29.86 %

Vo=12m/s, n=0.95 no 28.08 cm 319.75kg 27.80 % 26.77 %
1 =0.08 yes 28.08cm 319.75kg 18.57 % 4.52 %

n=1.05 no 35.62cm 405.60 kg 17.66 % -3.10%

yes 35.62cm 405.60 kg 27.78 % 13.09 %

n=10 no 31.64cm 360.28 kg 29.43 % 25.59 %

yes 31.64cm 360.28 kg 44.19 % 29.86 %

Vo=12m/s, n=0.95 no 28.08 cm 319.75 kg 32.62 % 24.68 %
1=01 yes 28.08 cm 319.75 kg 21.81% 9.67 %

n =105 no 35.62cm 405.60 kg 13.77% -4.90 %

yes 35.62¢cm 405.60kg  26.10 % 10.42 %
n=10 no 31.64cm 360.28 kg 8.29 % 4.63 %

yes 31.64cm 360.28 kg 29.74 % 34.04 %
Vo =8 m/s, n=0.95 no 28.08 cm 319.75kg 9.66 % 4.86 %
1=01 yes 28.08 cm 319.75 kg 12.96 % 4.78 %

n=1.05 no 35.62cm 405.60 kg 7.42 % -5.02 %

yes 35.62cm 405.60 kg 18.84 % 11.78 %

4.3. Measured wave heights and control forces

Figure 11 compares the measured wave heights at the left end wall of the TLD with and
without damping screens for the 2 MW wind turbine, where Vo = 12 m/s, | = 0.08, n = 1.0.
From the time histories in Figure 11(a), it is observed that the water sloshes in a similar trend for
both cases, but much larger amplitude of the wave height is observed when there are no damping
screens. Obviously the inclusion of damping screens leads to increased energy dissipation during
sloshing and thus mitigated motion of the water. Moreover, for TLD with damping screens, the
time history of the wave height near the tank wall turns out to be more symmetric about zero
axis, implying a dominating 1% sloshing mode.

The corresponding Fourier amplitude of the wave heights is illustrated in Figure 11(b). For
the case without damping screens, several spectral peaks can be clearly observed, of which the
most significant one corresponds to the 1t sloshing mode. From Eq. (7), theoretical values
(linear wave theory) of the 2", 3™ and 5™ sloshing frequencies are calculated as 5.492 radys,
6.888 rad/s and 8.934 rad/s, respectively. These three sloshing modes are also presented in Figure
11(b), implying significant contributions from higher modes in the sloshing of the liquid. Further,
it is interesting to observe two other peaks at about 6.7 rad/s and 10.1 rad/s, corresponding to
2 times and 3 times the first sloshing frequency w, respectively. This is due to the inherent
nonlinear characteristics of the sloshing system, and higher-harmonics (multiples of the first
frequency) are presented in the liquid response. On the other hand, for the case with damping
screens, all the above mentioned peaks are effectively suppressed, resulting in a dominated peak
of the first sloshing frequency (although this peak is suppressed as well). This again explains the
more symmetric time history of the wave height about the zero axis in Figure 11(a). Finally, in
both cases a peak at about 13 rad/s is presented with the same magnitude. As earlier remarked,
this peak results from the coupling of the tower with blade edgewise vibrations, and the inclusion
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Figure 10: Control effect of the TLD on tower vibrations of the 3 MW wind turbine, tuning ratio=1, Vo = 12 m/s, 1=0.1.
(a) without damping screens, (b) with damping screens.

of damping screens has no influence on it.

In connection to Figure 11, Figure 12 compares the measured (by the actuator) control force
(sloshing force) for cases with and without damping screens. From Figure 12(a) it is seen that the
insertion of damping screens reduces the magnitude of the control force, even though the control
effect of the TLD is improved as shown in Figure 9. The corresponding Fourier amplitude in
Figure 12(b) shows a dominating peak of the first sloshing mode as expected. Two small peaks
at the 3" and 5™ sloshing angular frequencies are also observed for the case without damping
screens. The 2" sloshing mode is totally gone because it has no contribution to the resulting
control force. Moreover, peaks of 2 x w; and 3 x w; in Figure 11(b) are also filtered out since
the force is the result of integrating liquid pressures over inner walls of the tank. By including
damping screens, peaks of the 3™ and 5 sloshing modes are further eliminated, leaving only the
fundamental peak and the peak due to the coupling effect with the blade vibrations.

For the 3 MW wind turbine with a lower tower frequency, the water depth (for tuning the
damper) in the tank is more shallow and nonlinear effect of the sloshing system becomes more
pronounced.

Figure 13 illustrates the measured wave height at the left end wall for the 3 MW wind turbine,
with Vp=12 m/s, | = 0.08, n=1.0. Very drastic motion of the liquid is shown in Figure 13(a) for
the case without damping screens. Actually, wave breaking was also observed during the test.
Again the inclusion of damping screens mitigate the liquid motion effectively. From Figure
13(b), peaks corresponding to the 2™ sloshing, the 3™ sloshing, the 6™ sloshing, the 8™ sloshing
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Figure 12: Measured control force from the TLD, 2 MW wind turbine, tuning ratio=1, Vo = 12 m/s, 1=0.08. (a) Time
histories, (b) Fourier amplitude in semi-logarithmic chart.

are observed together with 2 x w; and 3 x w; peaks. By inserting damping screens, all peaks
corresponding to the higher sloshing modes are almost totally eliminated , but the 2 x w; and
3 X w;y peaks are still visible (although suppressed).

Correspondingly, Figure 14 shows the measured control force in both time and frequency
domains. Observations similar to those in Figure 12 can be made, except that the frequency
components of the control force (without damping screens) turn out to be the dominating 1%
sloshing, the 3" sloshing, together with 3 X w; and 5 x w; due to nonlinear interactions. This
again shows the more pronounced nonlinear effect of the relatively shallow water for the 3 MW
wind turbine, since peaks corresponding to nonlinear interactions are totally eliminated in Figure
12(b) for the 2 MW wind turbine.

For Figures 11-14, some further remarks are made as follows. Although the liquid mo-
tion contains a lot of frequency components including both the higher sloshing modes and the
nonlinear interaction effects, the resulting control force filters out most of the high frequency
components. Applied to the main structure, the remaind small amounts of high frequency com-
ponents are further filtered out by the structure. Further, better control effect is achieved when
the resulting control force is dominated by the first sloshing frequency without high frequency
components.
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Figure 13: Measured wave heights at the left end wall of the tank, 3 MW wind turbine, tuning ratio=1, Vo = 12 m/s,
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Figure 14: Measured control force from the TLD, 3 MW wind turbine, tuning ratio=1, Vo = 12 m/s, 1=0.1. (a) Time
histories, (b) Fourier amplitude in semi-logarithmic chart.

4.4. Comparison of results from RTHT and analytical model

Modal expansions to three sloshing modes (N=3) in Egs. (5) and (8) have been carried out in
the numerical simulations using the analytical model. Two different values of the damping ratio
& are used in the analytical model for cases with and without damping screens.

Figure 15 shows the comparison of the controlled tower top displacements obtained by RTHT
and the analytical model for the 2 MW wind turbine, where Vo = 12 m/s, | = 0.08, n = 1.0.
By setting the damping ratio £ to be 0.004, the result from the analytical model agrees very well
with the test result as shown in Figure 15(a). Acceptable agreement between the experimental
and analytical results is also obtained for the case with damping screens by choosing the value
of £ to be 0.02.

Figure 16 shows a similar comparison for the 2 MW wind turbine under the load scenario of
Vo =8m/s, 1 =0.1, n = 1.0. Again, there is a good agreement between the test and analytical
results for the case without damping screens. The analytical result fits slightly worse with the
test result for the case with damping screens. This is reasonable because in fact the inclusion of
damping screens not only increases energy dissipation but also introduces nonlinear interactions
between the liquid and the screens, which is not accounted for by the analytical model.

As for the 3 MW wind turbine, comparison of the results obtained by RTHT and the analytical
model are shown in Figure 17, where Vo = 12 m/s, | = 0.1, n = 1.0. ¢ is set to be 0.005 and
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Figure 16: Comparison of the controlled tower displacements obtained by RTHT and analytical model, 2 MW wind
turbine, tuning ratio=1, Vo = 8 m/s, 1=0.1. (a) Without damping screens (¢ = 0.004 used in the analytical model), (b)
With damping screens (¢ = 0.015 used in the analytical model).

0.03 in the analytical model for cases without and with damping screens, respectively. Good
agreement between the experimental and analytical results is obtained. Figure 18 shows the
comparison under the load scenario of Vo = 8 m/s, | = 0.1, » = 1.0. Similar observations are
obtained, where the agreement is worse for the case with damping screens. Further, for TLDs
used in the 3 MW turbine, larger values of £ have been used in the analytical model comparing
with its 2 MW counterpart, implying larger energy dissipations of the shallow water TLD due to
nonlinear interactions and wave breaking.

5. Conclusions

In this paper, a real-time hybrid testing (RTHT) method is implemented for evaluating the
performance of a TLD in mitigating lateral tower vibrations of megawatt wind turbines. During
the RTHT, a full-size TLD is tested as the physical substructure while the structural responses
of the wind turbine system are numerically calculated using a 13-DOF aeroelastic model in the
Matlab/Simulink environment. A compensation technique based on polynomial extrapolation
has been applied to compensate for the inherent actuator delay.

Both 3 MW and 2 MW wind turbine models have been established in Matlab/Simulink, and
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turbine, tuning ratio=1, Vo = 12 m/s, 1=0.1. (a) Without damping screens (¢ = 0.005 used in the analytical model), (b)
With damping screens (¢ = 0.03 used in the analytical model).
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Figure 18: Comparison of the controlled tower displacements obtained by RTHT and analytical model, 3 MW wind
turbine, tuning ratio=1, Vo = 8 m/s, 1=0.1. (a) Without damping screens (¢ = 0.005 used in the analytical model), (b)
With damping screens (¢ = 0.04 used in the analytical model).

different water levels of the TLD are determined from frequency tuning conditions for the two
turbines. The overall control effect of the TLD is slightly worse for the 3 MW wind turbine
(with lower tower frequency) due to the reduced mean water level and thus the mass ratio of
the damper. Moreover, it is shown from test results that the inclusion of damping screens effec-
tively increases energy dissipation during liquid sloshing and in most cases improves the control
performance of the TLD on tower vibrations. For both turbines under all load cases, the best
performance of the TLD is always obtained when the tuning ratio is 1.0 and damping screens are
equipped. Furthermore, the measured wave height at the left end wall is observed to contain a lot
of frequency components including both the higher sloshing modes and the nonlinear interaction
effect. The measured control force, on the other hand, filters out most of the high frequency com-
ponents since the force is the result of integrating liquid pressures over inner walls of the tank.
By inserting damping screens, the remaining high frequency components are further mitigated,
resulting in a control force that is totally dominated by the first sloshing frequency.

Finally, the RTHT results are compared to the results obtained from an analytical model of
the TLD-wind turbine system (based on modal expansion technique). Good agreement between
tested and analytical results demonstrates that the proposed analytical method can yield accept-
able estimates of the response of wind turbine-TLD system under turbulent wind loads. The

20



comparative results also indicate that the real-time hybrid test method provides an accurate and
cost-eftective procedure for performing full-scale tests of passive or semi-active dampers.
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In this paper the optimal control law for a single nonlinear point absorber in irregular sea-states is
derived, and proven to be a closed-loop controller with feedback from measured displacement, velocity
and acceleration of the floater. However, a non-causal integral control component dependent on future
velocities appears in the optimal control law, rendering the optimal control law less useful for real time
implementation. To circumvent this problem a causal closed-loop controller with the same feedback
information is proposed, based on a slight modification of the optimal control law. The basic idea behind
the control strategy is to enforce the stationary velocity response of the absorber into phase with the
wave excitation force at any time. The controller is optimal under monochromatic wave excitation. It is
demonstrated that the devised causal controller, in plane irregular sea states, absorbs almost the same

power as the optimal controller.
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1. Introduction

A wave energy converter (WEC) may be defined as a dynamic
system with one or more degrees of freedom in order to convert
the energy in the waves into mechanical energy stored in the
oscillating system. A point absorber is a WEC that is capable of
absorbing energy from waves propagating in any direction, and
with horizontal dimensions that are small compared to the
dominating wave length. The WEC is typically equipped with an
electric power generator via a hydraulic force system. The reaction
forces from the latter influence the motion of the WEC. In a so-
called reactive control these forces are used to control the motion
of the WEC in such a way that a maximum mechanical energy is
supplied to the absorber. With a certain loss due to friction in the
hydraulic force actuators, the control forces are then transferred to
the generator, where they are converted into electric energy.
Within certain ranges these reaction forces can be specified at
prescribed values.

The idea of extracting energy from the waves is very old and
several types of WEC devices have been proposed (Falnes, 2002a).
This has initiated commercial WEC projects using devices such as
different buoy concepts, Oscillating-Water-Column (OWC) plants,
the Pelamis WEC (Pelamis Wave, 2012), overtopping WEC types like
the Wave Dragon (Wavedragon, 2005), point absorber approaches
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0029-8018/$ - see front matter © 2013 Elsevier Ltd. All rights reserved.
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used for the Wavestar device (Wave Star, 2005), or the SEAREV
device (Ruellan et al., 2010).

The total hydrodynamic force on the absorber consists of the
quasi-static buoyancy force, the radiation force, and the wave
excitation force. Under the action of these forces, the active control
of a WEC may be classified as either open-loop (feed forward) or
closed-loop (feedback) control. Open-loop control implies that the
control effort is feed forward based on observation (measurement)
of the dynamic hydrodynamic force. Open-loop does not affect the
dynamics of the system, i.e. angular eigenfrequencies and struc-
tural damping ratios are unchanged by the control. Closed-loop
control is entirely based on the observed motion of the absorbers.
Typically, this involves the displacement, velocity or acceleration
components, which easily can be measured by accelerometer or
laser vibrometer measurements onboard the floating device. A
closed-loop control always changes the dynamic properties of the
system (inertia, damping or stiffness parameters) as specified by
the poles and zeros of the frequency response function that relate
the external wave force to the displacement response of the
absorber system.

Many control strategies for WECs have been devised and
reviewed in Falnes (2002b, 2007). Latching control, independently
proposed in Falnes and Budal (1978) and French (1979), is probably
the simplest and definitely the most investigated control strategy.
The control is based on the observation of the dynamic hydrody-
namic force. For this reason latching control should be classified as an
open-loop control strategy. Further, latching control requires that the
hydrodynamic force can be predicted for, at least, a semi-wave period
ahead of the present time. In broad-banded irregular sea-states this
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prediction is related with uncertainty, which may affect the stability
of the control. Normally, merely the sea surface elevation in the
vicinity of the converter is observed. This makes the observation of
the wave excitation force component difficult due to the non-causal
dependence of this quantity on the sea-surface elevation (Falnes,
1995). Further, the power outtake from the control changes between
finite time intervals with zero and non-zero power production and
may cause problems for the mechanical implementation of the
method.

The simplest closed-loop control law is achieved by a so-called
derivative controller, where the reactive control force is specified
to be proportional to and oppositely directed to the velocity of the
WEC. The controller has insignificant influence on the eigenfre-
quency of the absorber. For this reason the controller only
becomes optimal for frequencies in the auto-spectrum of the wave
excitation force in the vicinity of the undamped eigenfrequency of
the absorber. By augmenting the controller with a force compo-
nent proportional to either the displacement (proportional con-
trol) or the acceleration (acceleration control), a broader spectrum
of frequencies can be absorbed. Proportional control will change
the stiffness of the absorber, and acceleration control will change
the mass. In both cases the eigenfrequency can be changed to a
certain extent. Finally, a so-called integral control force component
can be introduced. Here the control force appears as a convolution
integral of the absorber velocity weighted with respect to a given
impulse response function. It turns out that integral control needs
to be introduced, if a perfect phase locking between the wave
excitation force and the velocity of the absorber is attempted at all
frequencies.

The optimal control proves to be non-causal, i.e. the present
control demand depends on future wave loads or displacements of
the floater. To handle this problem various control laws have been
suggested based on prediction of the incoming waves and the
related future response of the absorber (Schoen, 2008a,b). Hence,
such approaches combine elements of open and closed-loop
control. Optimal control with constraint on the displacements
and the control force has also been considered (Hals et al., 2011; Li
et al, 2012). Still, the non-causality of the optimal control was
handled by prediction of the wave excitation force by means of an
augmented Kalman filter. Non-predictive phase control has been
considered by many authors (Valerio et al, 2007; Lopez et al.,
2009). Such control strategies are basically sub-optimal in irregu-
lar sea-states. In Valerio et al. (2007) it is demonstrated that the
control at optimal tuning tends to enforce the velocity of the
absorber into phase with the wave excitation force. The enforce-
ment of this condition by the control force formed the guideline
for the causal control law devised in the present paper.

Since the displacement response at optimal control is signifi-
cant, the non-linear buoyancy component of the control forces
needs to be considered, rather than a linearized version of this
around the static equilibrium state. In this respect the optimal
control law for a point absorber in an irregular sea-state is, at first,
derived based on optimal control theory, assuming non-linear
buoyancy response and linear wave theory. It turns out that the
optimal control force eliminates the inertial and the non-linear
stiffness (buoyancy) loads on the absorber completely. The deriva-
tion of the control law relies upon an initial rational approxima-
tion to the integral component of the radiation force, described by
a number of additional state variables (Yu and Falnes, 1995). The
rational approximation is merely used at the formal derivation of
the optimal control law, and is eliminated again in the final
expression for this quantity. The optimal controller proves to be
of a closed-loop type, incorporating all of the proportional,
derivative, acceleration and integral control force components.
For this reason the control law is optimal in any 2D or 3D irregular
sea-state, as well for transient vibrations induced by the initial
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Fig. 1. Loads on heave absorber. (a) Static equilibrium state. (b) Dynamic state.

conditions. The study demonstrates that the absorber velocity and
the wave excitation are in phase at all frequencies, with the
implication that mechanical energy is supplied to the absorbed
at all instants of time. The integral control component of the
optimal control is completely non-causal, depending merely on
future velocities of the absorber. Because the velocity response at
optimal control is significantly broad-banded, predictions of this
quantity are difficult and, thereby, makes the control law useless
for real time implementation.

To circumvent this problem, a causal closed-loop controller is
suggested with feedback from measurements of the present
displacement and acceleration, and all velocities up to and
including present time, based on a slight modification of the
optimal control law. The rationale for the controller is that it
enforces the velocity response of the point absorber into phase
with the wave excitation force at all frequencies, as is the case for
the optimal controller. The control law contains a single unspeci-
fied gain factor, which is determined so the absorbed power by the
control force is maximum in a given 2D or 3D sea state. An
analytical solution for the optimal gain factor is derived, when the
absorber is exposed to a plane irregular wave excitation. The
devised controller is shown to be optimal under monochromatic
wave excitation, and a numeric example demonstrates that the
devised causal controller absorbs almost the same power as the
optimal controller in plane irregular sea states.

2. Equation of motion of a WEC

The (x,y,z)—coordinate system is introduced as shown in Fig. 1.
Although, only the heave absorber shown in Fig. 1 will be
analyzed, all results, including the equation of motion and control
laws, may easily be carried over to other single-degree-of-freedom
systems by slight modifications. Only two-dimensional (plane)
regular or irregular waves are considered, which are assumed to
propagate in the positive x direction. The motion v(t) of the body
in the vertical z direction is defined relative to the static equili-
brium state, where the static buoyancy force f,, balances the
gravity force mg and a possible static pre-stressing force from the
generator f, . The structural mass including ballast is denoted by
m, and g is the acceleration of gravity. Hence

fro=mg+fpo (1)
fbo is given by Archimedes' law
fro=prD(O)g )

where p is the mass density of water, and D(v(t)) denotes the
displaced water volume at the displacement v(t).

In the dynamic state the WEC is excited by an additional
dynamic hydrodynamic force, fi(t), on the top of the static buoy-
ancy force, and by an additional dynamic reactive generator force,
fo(t), on the top of the generator pre-stressing force. The force f(t)
can be prescribed to a certain extent, for which reason it may be
used to control the motion of the WEC. Henceforth, f(t) will be
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referred to as the control force. Then, the equation of motion
becomes

my(6) = f(O)=fc(t) 3)

Assuming linear wave theory f,(t) may be written as a super-
position of the following contributions:

O =Fp0) +f(O) + fe() “4)

where f,(t) is the quasi-static increment of the buoyancy force, f(t)
is the radiation force generated by the motion of the absorber in
still water, and f,(t) is the wave excitation force caused by the wave
action, when the absorber is fixed in the static equilibrium state.
The term f(t) removes mechanical energy by generating a wave
train propagating away from the absorber, whereas f(t) supplies
energy to the absorber.
fp(t) is given as

Fp(0) = —pDv(1))-D(0)g = —r(v(t)) (5)

The non-linear buoyancy function r(v(t)) is limited between the
value r; corresponding to a fully submerged absorber, and the
value ro = —f}, when the absorber is jumping out of the water.
Assuming small vertical vibrations, Eq. (5) may be linearized
around the static equilibrium state as (Newman, 1977)

fo®=—kv(t), k=r1"(0)=pD'(0)g (6)

The radiation force f(t) may be written in terms of the following
differential-integro relation (Cummins, 1962; Faltinsen, 1990):

Fr(t)y = —mypi(O)—f, o() (7

t
fro®1= [ hatt-oitor de ®

The term my, is the added water mass at infinite high frequen-
cies and h,y(t) is a causal impulse response function for the
radiation force brought forward by the absorber velocity v(z).

Due to the causality of the impulse response function, the
related frequency response function becomes

Hioo) = / ety 6y de ©
0

Insertion of Egs. (5), (7) and (8) in Eq. (2) provides the following
integro-differential equation for v(t) driven by the f(t) and f(t):

(M + mp)V(t) + r(v(t) + f[(o hyy (E=0)0(z) de = fo(O—f (1), t> 1o
V(to) = Vo, V(to) = Vo
(10

where v, and v, are given initial conditions at the time t.

Mp(w) and Cp(w) denote the hydrodynamic added mass and the
hydrodynamic radiation damping coefficient respectively during
monochromatic wave excitation. These are related to the imagin-
ary and real parts of H, (w) by the following sine and cosine
transforms:

1 1 »
Mi(@) =my + =~ Im(Hry (@) = my—— fg* sin(@0hy (0) dt an
Ch(@) =Re(Hy(@)) = [5° cos(@Dhy(t) dt

The indicated sine and cosine transforms of the impulse response
function are consequences of h,y(t) which is causal.

Then, under monochromatic wave excitation, the radiation
force may be given by the following mixed time and frequency
representation:

Fr(t) = =Mp(@)V(O)—Cp(@)V(t) 12

The wave excitation force f,(t) may be given in terms of the
following convolution integral of the sea-surface elevation #(t)

(Falnes, 2002a):
fe0= [ hat=onco) dr 13

where j5(t) refers to the sea-surface elevation observed at a
sufficient distant position, so no disturbances from radiation
waves are present, and he,(t) is a non-causal impulse response
function.

The related frequency response function becomes

Hey(w) = / e~ h,, (t) dt (14)

The hydrodynamic parameters and functions k, mp, My(w), Cy(w)
and H,(w) have been calculated by the program WAMIT, which is
based on the boundary element method (WAMIT, 2011). Based on
the indicated parameters, the frequency response function H,;(w)
is calculated from Eq. (11). Finally, the impulse response functions,
hyy(t) and he,(t), are obtained numerically by inverse Fourier
transform of Egs. (9) and (14) respectively.

At first, the case of optimal control at stationary response under
monochromatic wave excitation with the angular frequency o is
considered. Further, the linear buoyancy model (6) is applied, and
the following parameterized feedback control law is presumed for
the control force

felt) =mcv(t) + ccv(t) + kev(t) (15)
where m,, c. and k. represent the gain factors for the acceleration
component, the velocity component and the displacement com-
ponent, respectively.

Then, by insertion of Egs. (6), (12), (15) in Eq. (3), the following
linear equation of motion for the point absorber is obtained:

Mii(t) 4+ CV(t) + Kv(t) = fo(t) = |Fe| cOS(wt) (16)
M=m+ M+ mc

C=Cp+ce } 17)
K=k+ ke

|Fe| denotes the amplitude of the wave excitation force. The
stationary solution to (16) reads as

v(t) = Re(Ve'') = |V| cos(wt—¥) (18)

The displacement amplitude |V| and the phase lag ¥ are given by
the well-known results

|Fe| wC

V= —————, tan¥= > (19)
J(K—a?M)? + w2C? K—a?M

The velocity and the control force become

V(t) = Re(ioVe') = Re(iwV) cos (ot)—Im(iwV) sin(wt) (20)

fe(t) = Re((ke—w®me + imc)Vel™t)
=Re((ke—w?*mc + iwc)V) cos (ot)—Im((kc—aw?*mc + iwc)V) sin (wt)
21
The instantaneous power absorbed by the control force becomes
Pa(t) =f(t)v(t) (22)

Rather than the instantaneous absorbed power the time average
P, during a wave period T = 2z/w is of interest. By the use of Egs.
(20) and (21), the time average becomes (Falnes, 2002a)

1
2

?* Ce

Fp@— =
el (K—a?My? + w?(Cp, + c)?

—~ 1T )
Pa=g [ feoritor de= 23)

Next, Eq. (23) is optimized with respect to k., ¢, and m.. The
optimality conditions read as

K—a*M =k 4 ke—w?(m + My, + m¢) = 0=
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Fig. 2. Rational approximation of order (m,n) = (2, 3) to H,; (). (a) Re(H; (»)). (b) Im(H, (w)). —: Numerical determined target frequency response function. : Rational
approximation.
ke—w?me = —k + w*(m + My) (24) ,
cc=GCy (25) 0.8 x
Insertion of Eqgs. (24) and (25) into Eq. (23) provides the following 0.6
result for the optimal time-averaged power outtake (Falnes, 04
2002a):
0.2
5 1|Fe()l g
P, =< 26 g 0
a.opt(®) 8 Chlo) (26) .
The tuning condition in Eq. (24) implies that the absorber is at 04
resonance at optimal control. Under stationary harmonic excita- ’
tion with the angular frequency o, the condition is equivalent to 0.6
MV(t) + Kv(t) = 0. Insertion of this relation in Eq. (16) provides the 08 «
following relation between the wave excitation force and the ;
absorber velocity at optimal control:
15 1 0.5 0 05 1

Fe(t) = (cc + Cp)v(t) = 2Cv (1) (27)

Eq. (27) shows that the wave excitation force and the velocity
response are in phase at optimal control, which is a well-known
result for a linear single-degree-of-freedom oscillator at resonance
under harmonic excitation.

With the tuning parameters determined by Eq. (24) and (25),
the optimal control law for the stationary harmonic response due
to monochromatic wave excitation may be written as

fe®)=mcV(t) + kev(t) + cV(t) = —(m + Mp)v(t)—kv(t)
+ Cpv(t) (28)

3. Rational approximation to the radiation force

The convolution integral defining the integral part f, o(t) of the
radiation force is replaced by an equivalent system of coupled
first-order differential equations, which is solved along with the
equations of motion of the absorber. The method is based on a
replacement of the actual frequency response function H,;(w) by
an approximating rational function Hy (o) given in the form

P(s)
Ary(s)= 5] 29
P(s) = Pos™ + Py + -+ + P15 + P o .
Q) =S"+ ;5" + -+ G145 + Gy , S=iw (

Re

Fig. 3. Poles (x) and zeros (o) for the rational approximation of order (m,n) = (2,3)
to Hyy (o).

The parameters pg.,py,....,Pm_1,Pm and qq,....q,_1.q, are all real.
Such a replacement is always possible, because the impulse
response function h,y(t) is causal. The order of the filter as given
by the pair (m,n) may be chosen freely with the only restrictions
that msn. Further, all poles must have negative real parts in order
to ensure that the rational filter is asymptotic stable and strictly
causal. The rational approximation may be obtained by the
MATLAB control toolbox (Mathworks, 2011), as illustrated in
Fig. 2. Fig. 3 shows the related zeros and poles of the approxima-
tion. Then, f,o(t) may be obtained as output of the following
system of differential equations:

m—1

d"y d
Fra®= o Gn + 21 S+ 4 P G+ Py an
d" d! dy
o G e G g Gy =0 (32)

where y(t) is an auxiliary function, which cannot be related with
any physical interpretation. Eq. (32) may be written in the
following state vector form:

d .
ax0= Arz,(t) + b () (33)
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where
[ y®
d
a’® 0
d* 0
Fj’(f) 0
zZ(t) = : .o b= 34
dn—z B
el 0
1
dn—l
ar (0
0 1 0 0 0
0 1 0 0
A= : : : o : (35)
0 0 0 0 1
G Q1 —Gp2 0 G2 —qy
Similarly, Eq. (31) may be written in the vector form
Fro(t) =prz:(t) (36)
Pr=[Pm Pm-1 = P1 Po 0 - 0] (37)

4. Optimal stochastic control

The determination of the optimal control in irregular sea-states
involves a stochastic analysis of the dynamic system. In this
respect the convention for indicating stochastic processes and
random variable by upper case letters and their realizations by
lower case letter will be adopted (Nielsen, 2007). The system is
considered in the control interval [ty, t;]. Hence, the wave excita-
tion process, the control force process and the displacement
process are denoted as {F.(t),te[to,t1]}, {Fc(t),telto,t;]} and
{V(t), te[to, t1]}, respectively, and arbitrary realizations of the said
processes are denoted as fi(t), fe(t) and v(t), respectively.

All state variables are assumed to be known at the initial time
to, and are treated as deterministic quantities. We seek the control
force process {F(t),te[tp,t1]}, which maximizes the absorbed
mechanical energy E, = Eq[f.(t), v(t)] during the indicated control
interval for almost all realizations of the involved process (also
known as optimal control with probability one) subject to the
initial value problem defined by Eq. (10), leading to the following
optimization problem:

max  Eqlf(t), V(D] = [i! fe(0)V (o) dz
s.t.
{ (M + mp)i(e) + TV(D) + [ hry(t=)V(2) dz = fo()—f (2)

V(to) = Vo, V(to) = Vo

} (38)

The optimal control is unchanged, if the performance functional is
modified to (1/t;—to)Ea[f (), V(t)]. We will assume that all
involved stochastic processes are ergodic. Then, it follows for
infinite control horizon, corresponding to tp——occ and t; —»oo
(Nielsen, 2007)

1““ [ / fe@V () dz = E[F(t)V (D)] (39)
where E[ -] indicates the expectation operator. Hence, at infinite
control horizon and on condition of ergodic response processes
the optimal control will be the one, which optimizes the expected
(mean) value of the absorbed power Pq(t) = Fc(t)V(t). This repre-
sents the stochastic equivalence to the time averaging in Eq. (23)
for harmonic monochromatic wave excitation.

The starting point is taken in Eqgs. (10), (33) and (36), which
may be combined in the following state vector equation of
dimension N=2 + n:

2(t) = g(z().f(0), 1), te]to, t1]
Z(to) =20 } “0
where
v(t)
z(H= | V(D) 41
Z (1)
v(t)
). f(t). )= | =77 T(V(f))—f Pzi(0) + (fe(f) —fe(t) (42)

b () + A Zr(t)

where M =m + my,.

Basically, there are two approaches to solve the indicated
constrained optimization problem: the method of dynamic pro-
gramming (Bellman, 1957), and the variational approach with
Hamiltonian formalism (Pontryagin et al, 1964; Naidu, 2003).
Here, the variational approach will be used. The Hamiltonian of
the control problem is defined as

Av()
H@(t),fo(£). (0, ) = f (V) + AT (OG@(D). fo(0), 1), A(0) = | Au(0)
Ar(0)

v()

SH((0).fo(0). 20, 1) = —TV(E) 52 + VO () + av(E) + bl 2:(8)

T’lv(f)

42l (-pl 7 AIMr))+$(fe(t>—fc(t>) @3)

In the above equation, (43), A(t) is the co-state vector, which forms
the generalized momentum vector of the problem. The Euler—
Lagrange stationarity conditions for optimal control become
(Meirovitch, 1990; Soong, 1990)

State vector equation:

()= —E(Z(f) fo(0.0) (44)

Co-state vector equation:
UGS
—fe(O)=a(O)—=brar(t) (45)
PP AT M)

=

Stationarity condition on the control force:
of ¢
=1y(t) = MV(t) (46)

= \'/(t)—/l‘,(t)% =0

Terminal condition on the co-state vector:
At =0 (Au(t1) =2y(t1) =0,A:(t1) =0) (47)

Using Eq. (46) the first component equation in Eq. (45) provides
the following solution for the co-state component Ay(t):

3o = & oo = Sy
=) = UO) 01 )
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where the terminal condition (47) has been used in the last
statement.

Using Eqgs. (46) and (48) the second component equation in
(45) provides the following solution for the optimal control force:

Ap(0) = M(t) = —f ()~ (r(v(E) —r(v(t1))—b] 2r(8)
SF(t) = =M ~(r(v(E) —r(v(t1)~b} A:(0) (49)

Using Eq. (46) the third equation of (45) provides the following
solution for the co-state sub-vector A.(t):

ir(t) = pv(O)-ATAr(D)
b
a0 = — / N C-0pTy(z) d (50)
t

where the terminal condition (47) has been used, and eArt
represents the matrix exponential. Insertion of Eq. (50) in Eq.
(49) provides the following representation for the optimal control
force:

t
fy= *MV(U*(T(V(I))*T(V(H)))+l P, e bV(z) de (51)

The term r(v(t;)) represents a static control force component
useful for counteracting an external static force (time-averaged
mean force) resulting in a non-zero mean displacement v(tq).
However, the static reaction force has already been accounted for
in the static equilibrium Eq. (1). Correspondingly, f(t) has been
defined as the dynamic component of the control force on the top
of a possible static prestressing force. Hence, f(t) must be zero in
mean, so we will choose v(t;)=0. Then, the final form of the
optimal control law in a finite control interval is given as

Folt) = —(m + my)iO)—rv() + /t P, eMOb,u(0) dr (52)

As seen the optimal control law is of the feedback type. This means
that the control is optimal for both monochromatic and 2D and 3D
irregular wave excitation, and during the transient phase, where
the response is influenced by the initial conditions. The principal
limitation of the control law (52) is that the integral component is
non-causal, i.e. the control force component depends on future
velocities ahead of the present time t. The velocity response
process {V(t), te[to, 1]} at optimal control is broad-banded reflect-
ing a somewhat quasi-static dependence on the wave excitation
process {Fe(t),te[to.t1]}. So, prediction of the velocity response
during a sufficiently long time interval ahead of the present time is
related with significant uncertainty.

Next, consider the case of an infinite control horizon, i.e.
to = —oo and t; = cc. Then, the solution to Eq. (33) becomes

t
7(t) = / AL i(r) de (53)
fro(t) follows from Eqgs. (8) and (36)

t t
fro®= / hyy(t—2)W(z) de = / p, M) bi(r) dr (54)

Hence, the following representation of the impulse response
function in terms of the applied rational approximation applies

hey (6) = py e by (55)

Then, Eq. (52) may be written as

fe(®) = —(m + mp)V(t)—r(v(t)) + / hyy (z—t)V(z) dr (56)
t

The velocity response of the absorber at optimal control with
infinite control horizon follows by insertion of Eq. (56) into Eq.

(10), which is reduced to
t 00
/ hyy (t—7)V(7) dr + / hyy (z=t)V(2) dr = f(t)
—00 t
- / BtV de=F(0) 7

As seen from Eq. (57) the main effect of the optimal control force is
to eliminate the inertial force and the buoyancy stiffness from the
equation of motion. Since large motions take place during optimal
control, it is important that the exact non-linear buoyancy func-
tion r(v(t)), and not merely the linear version kv(t), is applied in
the control law. Eq. (57) is a Fredholm integral equation of the first
kind with infinite kernel support. Since the integral equation is
linear, it follows that the velocity process {V (t), teR} and hence the
displacement process {V(t),teR} at optimal control become zero
mean stationary Gaussian processes, if the wave excitation process
{Fe(t), teR} is modeled as a zero mean stationary Gaussian process,
despite the physical system being intrinsic non-linear.

Fourier transformation of Eq. (57) provides the following
relation between the Fourier transforms V(w) and Fe(w) of the
velocity at optimal control v(t) and the wave excitation force f(t):

Fe() = 2Cy(@)V () (58)

where the following result has been used, cf. Eq. (11):

/ e"""h,v(\t\)dt:Z/ cos (wt)hyy (t) dt = 2Cy(w) (59)
Joco Jo
Since Cp(w) is real, Eq. (58) shows that, at optimal control, all
harmonic components of the velocity and the wave excitation
force are in phase. Hence, Eq. (58) merely generalizes the condi-
tion (27) for optimal control at monochromatic wave excitation.

5. Optimal causal feedback control

The non-causality of the optimal control law given by Eq. (56)
implies that it cannot be implemented for practical applications,
unless future velocities can be predicted. To circumvent this
obstacle a closely related causal control law is suggested in this
section.

The starting point is taken from the optimal control law (56),
where the non-causal integral part is replaced by the term
2:V(t)—fo(t), resulting in the following causal control law:

Fe(®) = —(m + mp)V(6)—rV(t)) + 2¢cV(6)—f (L)
t
—(m 4 mp)V(t) + 2¢cV()—r(v(t)— / hyy (t—7)V(2) dr (60)

The unspecified gain factor c. is determined by an optimality
criterion for the absorbed mean power of the control force under
the given sea-state. The rationale for Eq. (60) is seen by insertion
into Eq. (10), which is reduced to

Fe(t)=2ccv(t) (61)

Fourier transformation of Eq. (61) provides the following relation
between the related Fourier transforms:

Fe(w) = ZCCV(w) (62)

So the causal control law (60) also enforces the velocity of the
absorber into phase with the wave excitation force at all frequen-
cies. Eq. (62) is quite similar to Eq. (58) with the difference that the
proportionality coefficient is frequency independent. Similarly,
due to the linear relation in Eq. (61), the response vector process
{(V(t), V(1)), teR} becomes a zero mean stationary Gaussian pro-
cess, if this is the case for the wave excitation process {F.(t), teR}.

Since an infinite control horizon is considered and ergodicity
has been assumed for all involved processes, the optimal causal
control must optimize the mean (expected) power outtake of the
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control force. This criterion is used to find the optimal gain factor
cc in case of plane irregular wave excitation.

The expected power absorbed by the causal control force
becomes

Pg = E[F(t)V (£)] = —(m + my)E[V () (£)]

ot
26 BV (O1-EV (Or(V(©)l— / hy(t=DEV(OV ()] de (63)

In the stationary state, where the response from the initial values
has been dissipated, the normal distributed random variables V(t)
and V(t) are stochastically independent with zero mean values
E[V(t)] = E[V(t)] =0 (Nielsen, 2007). In turn, this implies that V(t)
and r(V(t)) are also stochastically independent, which means

E[V(6)r(V(6))] = E[V (6)JE[r(V ()] = 0 - E[r(V(£))] =0 (64)
Further, the following expectations apply (Nielsen, 2007):
EV(t)V(t)]=0

o 1
E[V(OV (0] = 557,
(4

(65)

EV(OV ()] = kyy (r—b) = kyy (6=17) = 55, £, (E—7)

1
4c?
where Eq. (61) has been used. The term «y () denotes the auto-
covariance functions of the velocity process, and rf%e and xf,r,(7)
indicate the variance and auto-covariance function of the wave
excitation process, respectively.

Insertion of the relations (64) and (65) into Eq. (63) provides
the following result for the absorbed mean power:

o 1o
Fo= ch“gf‘fcg[x hyy (=), (t—7) dz
1 1 00
2 (4
—k (2& 453/0 Prek (Whyy (1) du) 66)
PrF(T) = KFL;(T) )
JFP

pr,r,(r) denotes the auto-correlation coefficient function of the
wave excitation process. The qualitative variation of pfr, (r) has
been shown in Fig. 4 for monochromatic, narrow- and broad-
banded stochastic wave excitation forces defined by the band-
width parameter oy of the JONSWAP spectrum. In order to make
the comparison meaningful, the separation time z has been
normalized with respect to the peak period T, of the irregular
sea state.

Next, P, given by Eq. (66) is optimized with respect to the gain
parameter c.. The optimal gain factor becomes

ce= [ prer ) du 68)

Insertion into Eq. (66) provides the following result for the optimal
absorbed mean power:

— 1 JEU
aopt = ‘_lC_c

Eq. (69) indicates the maximum mean power that can be absorbed
under the considered control law on condition that the control
force demand can be applied without significant time delay and
without saturation problems.

For monochromatic wave excitation with the amplitude |F,|
and the angular frequency , we have of =34[Fe[> and
Pr,F, (1) = €OS (wt). In this case Eqgs. (68) and (69) become

(69)

Cc= /0Oo cos (wt)hy (t) dt (70)

T

prere(T)
<
<

-4 3 2 1 0 1 2 3 4
7/Tp
C
F -
S, N\ /\ /\
£ \/ \/

Fig. 4. Autocorrelation coefficient function of the wave excitation force. (a) Mono-
chromatic wave excitation force. (b) Narrow-banded stochastic excitation force
(swells, o = 0.01). (c) Broad-banded stochastic wave excitation force (wind waves,
o =1.0).

= 1|F.|?
Paopi = g s an
c

Upon comparison with Eq. (11) it follows that the optimal control
gain in this case becomes c.=Cy(w). Then, the mean power
absorbed by the suboptimal causal controller becomes identical
to the optimal absorbed mean power under monochromatic wave
excitation as given by Eq. (26). Hence, the suboptimal causal
controller is optimal under monochromatic wave excitation with
the tuning of the gain parameter given in Eq. (70).

The auto-covariance function of the wave excitation force is
related to the double-sided auto-spectral density function Sg,f, (w)
by the Wiener-Khintchine relation (Nielsen, 2007):

Kt (1) = / " Sy g, () do 72)

Sr.F.(w) follows from (12) (Nielsen, 2007):
Sror(@) = [Hey (@), (@) (73)

where S,,(w) is the double-sided auto-spectral density function of
the sea-surface elevation process {(t),teR}. This is modeled as a
zero mean, stationary Gaussian process defined by the following
slightly modified double-sided version of the JONSWAP spectrum
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(Hasselmann et al., 1973):

2 -5 -4
s () en( 3(2))
wp wp wp
where
_ 1/ |w|—wp 2
a=exp (—j( ofap )
(75)

T _ 2z _ [180H;
pi“’pi g

y=33

T, is the peak period, w,=27/T, is the related angular peak
frequency, H; is the significant wave height, and oy is a bandwidth
parameter. f is a normalization parameter to be determined, so the
relation H;=4.00, is fulfilled, corresponding to Rayleigh-
distributed wave heights. In the present version the bandwidth
parameter o is assumed to be frequency independent, in contrast
to the original formulation of the spectrum (Hasselmann et al.,
1973). As seen, the irregular sea-state is merely defined by the two
parameters oy and H,. The auto-spectral density function has been
shown in Fig. 5 with various values of of.

Finally, the expected absorbed power by the optimal control
force given by Eq. (56) becomes

Paopt = E[Fc(t)V (1)]
= —(m+ mp)E[V &)V (t)]—E[V (Or(V(D)] + / Iy (e—DEV ()V (2)] de
Jt

= [ s du (76)
The auto-covariance function, «yy (u), of the velocity process at
optimal control follows from the Wiener-Khintchine relation, cf.
Eq. (72):
kyy (1) = / ei"”S‘-/V(w) do =2 / cos (w7)Syy (w) dw (77)
J-oo Jo
where the double-sided auto-spectral density function is given as,
cf. Egs. (58) and (73):

SFoFe(@) _ |He,(@)|?

S, _
W= 500 T 4w

Sy(@) (78)
[Hey(@)|, Ch(w) and S,,(w) all approach zero as w — oc. Especially Cj(w)
and |He, ()| are approaching zero quite fast as seen in Figs. 8a and 11.
However, since these functions are determined numerically, the limit
passing of the right-hand side of Eq. (78) is uncertain. Actually,
spurious spectral peaks may evolve due to numerical discretization
errors. Since very little energy is present in the auto-spectrum S, (w)
for w > 2wy, the indicated numerical problem may be circumvented
simply by the assigning Cp(w)= Cp(2wp) for w=2w).

6. Numerical example

The theory is illustrated with the heave absorber in Fig. 6,
consisting of a cylindrical volume with a diameter D. The bottom
consists of a hemisphere with the same diameter as the cylinder.
The bottom is filled with ballast to stabilize the floater from
capsizing. The relevant data has been indicated in Table 1. The
impulse response function for the radiation force and the wave
excitation force are shown in Figs. 7 and 10. The real and
imaginary parts of the related frequency response functions are
shown in Figs. 8 and 11, respectively. Since the real parts are even
functions of w, and the imaginary parts are odd functions of w,
results have only been indicated for positive angular frequencies.
Finally, Fig. 9 indicates the added hydrodynamic mass. Again, due

183

w/wy

Fig. 5. One-sided modified JONSWAP auto-spectral density function as a function

of the bandwidth parameter o7, Hy=3 m. 1 o;=003. or=0.1.
o =05. top=10.
z
B T
MWL === = & —f=—====
Umax
---static
equilibrium
state h
~Umin
Fig. 6. Geometry of heave absorber.
Table 1
Heave absorber parameters.
a 8.00 m m 1.84 x 10°kg
H 7.00 m my 0.44 x 10° kg
D 14.00 m P 1000 kg/m?
h 30.00 m g 9.81 m/s’

to the symmetry of the function, results have only been shown for
positive angular frequencies.

Fig. 12 shows the mean power absorbed by the optimal control
as given by Eq. (76) and by the optimal tuned causal controller as
given by Eq. (69) as a function of Hs and ;. As seen, the
performance of the suboptimal causal controller is very close to
that of the optimal controller at all parameter values.

Fig. 13 shows the variation of the normalized mean power
absorbed by the optimal tuned causal control force as a function of
H for various values of the bandwidth parameter gy. The results
have been normalized with respect to the 202 = 1HZ. Notice, in
case of monochromatic wave excitation with the wave amplitude
no the following relation is holds 262 = 3. There is a significant
variation of the normalized absorbed mean power with the
significant wave height. This may be explained with reference to
the second equation in (75), showing that the angular peak
frequency w, has an inverse square root dependence on H;. Hence,
the peak value of the one-sided auto-spectral density function
S,(w) will shift towards lower angular frequencies as H; is
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increased. Further, the modulus of the frequency response func-
tion |He,(w)| is a decreasing function of w, cf. Fig. 11. This means
that the variance of the wave excitation force ”ﬁ' with the main
contribution given by the integral of \He,,(m)|25,7(w) in the vicinity of
= wp, will increase significantly with increasing H,. On the other
hand the optimal gain factor, c,, as given by Eq. (68), only has a
moderate dependence on H,. As a result the optimal absorbed
mean power increases with Hs, even after normalization with 2a3.

Fig. 14 shows the corresponding variation of the normalized mean
power absorbed by the optimal tuned causal control force as a
function of oy for various values of H;. The normalized absorbed mean
power becomes almost independent of the bandwidth parameter for
a5 >0.5. A possible explanation is that the one-sided auto-spectral
density function S, () becomes increasingly independent of o5 as the
bandwidth parameter increased, as seen in Fig. 5.

Considering first-order wave theory the realizations of the
stationary wave excitation force process may be obtained by the
following random phase model (Nielsen, 2007):

J .
fo=3% V2f; cos(jt—gp),  @j=(-1)Aa (79)
where, cf. (73):
Fi= 25k (@80 =\ 21Hey (@) PS ()0 (80)
60
50 B
40 g
30 B

hys(t) [kKN/m]

Fig. 7. Impulse response function for the radiation force, h,; (t).

J is the number of harmonic components in the spectral decom-
position, f; denotes the standard deviation of harmonic compo-
nents with angular frequencies in the interval lwj,;+ Aw].

0.2 b
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Fig. 9. Hydrodynamic added mass, My (o).
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Fig. 10. Impulse response function for the wave excitation force, he,(f).
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Fig. 8. Frequency response function for the radiation force. (a) Re(H,y (@)). (b) Im(H,; (w)).
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Fig. 11. Frequency response function for the wave excitation force. (a) Re(He,(®)). (b) Im(He,()).
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Fig. 12. Absorbed mean power by optimal control and optimal tuned causal control. — Optimal control. - - - Optimal tuned causal control. (a) Variation with a7, H; =3 m.
(b) Variation with Hy, oy =0.1.
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Fig. 13. Variation of norrpallzed optimal absorbed mean power Paopt/(207) by the causal controller as a function of 5. — H; = 0.5 m. - - - H;=1.0m. - H;=3.0m. - -
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¢;j denote samples of the random variables &, which are mutually
independent and uniformly distributed in [0, 2x].

Then, by the use of Egs. (61) and (79) the following time series
of the displacement v(t), the velocity V(t) and the acceleration v (t)
under optimal tuned causal control are obtained as follows:

_$ 4
o 7j§1 «/jw,fc
o . fj
Yo _j§1 \/iCc
s L fio
o=-2 V2e

sin (wjt—g))

€os (wjt—p;) 81

sin (wjt—g;)

where ¢, is given by Eq. (68). The corresponding time series at
optimal control follow by the use of Egs. (58) and (79):

_$_ 4 in (@0
V(t)_j:21 \/ichh(mj‘) sin (w;—q;)
v(t)= é fif cos (wjt—g;) (82)
7Z1V2C(@)) !
J i
i0=—3 I Sin(t—g)

71v2C (@)
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Fig. 15. Time series of the displacement v(t), velocity v(t) and acceleration V(t) of the absorber under feedback control, 5y = 0.1, H; = 3 m. (a) Optimal tuned causal control.

(b) Optimal control.
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Fig. 16. Time series of instantaneous power outtake by optimal control and optimal tuned causal control, o; = 0.1, Hs = 3 m. — Optimal control. - - - Optimal tuned causal

control.

In order to avoid spurious harmonics in the time series caused by
discretization errors related to the numerical determination of
Ch(w), the assignment Cp(w) = C(2wp) for w=2w), has been applied,
cf. the remarks following Eq. (78).

The obtained time series are shown in Fig. 15a and b for the
optimal tuned causal and optimal controllers, respectively. As
seen, the response of the absorber is dominated by the peak
angular frequency w, (T,=7.42 s) in both cases.

Fig. 16a and b shows the time series of the instantaneous
absorbed power for the optimal tuned causal controller and the
optimal controllers, respectively. As seen, both time series are
dominated by the angular frequency 2w,.

7. Concluding remarks

Based on optimal control theory, the optimal control law for a
single point absorber in irregular sea-states has been derived,
assuming nonlinear buoyancy stiffness and linear wave theory. The
optimal controller is proved to be a closed-loop type, with feedback
from the present displacement and acceleration and all future
velocities of the absorber, making the control law non-causal. The

study shows that the essential property of the optimal controller is to
enforce all harmonic components of the wave excitation force into
phase with the corresponding harmonic components of the absorber
velocity with a frequency depending proportionality factor.

To circumvent the indicated non-causality problem, a causal
closed-loop controller has been suggested with feedback from
measurements of the present displacement and acceleration and
all past velocities of the absorber, based on a slight modification of
the optimal control law. The basic idea behind the control strategy
is again to enforce the velocity response of the absorber into phase
with the wave excitation force at any time. In this case the
proportionality factor between the harmonic components is fre-
quency independent. The said proportionality factor, which
appears as an unspecified derivative gain parameter in the control
law, has been optimized for a given irregular sea-state defined by
the auto-spectral density function of the sea-surface elevation
process. The optimal tuned causal controller is optimal under
monochromatic wave excitation. In other sea states the controller
is merely suboptimal. However, in case of plane irregular wave
excitation, the study shows that the causal controller absorbs
almost as much power as the optimal controller for all parameter
values defining the auto-spectral density function.
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Article history: The Gyroscopic Power Take-Off (GyroPTO) wave energy point absorber consists of a float
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the ring of the gyro to the angular frequency of the excitation. Especially, it is
demonstrated that the dynamics of the ring can be described as an autonomous nonlinear
single-degree-of-freedom system, affected by three different types of point attractors. One
where the ring vibrations are attracted to a static equilibrium point indicating unstable
synchronisation and two types of attractors where the ring is synchronised to the wave
angular frequency, either rotating in one or the opposite direction. Finally, the stability
conditions and the basins of attraction to the point attractors defining the synchronised
motion are determined.

© 2015 Elsevier Ltd. All rights reserved.

1. Introduction

The idea of using the gyroscopic moment on a spinning flywheel to absorb wave energy from a floating structure is not
new, see e.g. the OCEANTEC Wave Energy Converter [1], and the devices of Kanki et al. [2,3], and Bracco et al. [4,5]. Common
to these previous developments is a mechanical system made up of a spinning flywheel with a gimbal and a power-take off
system connected to the gimbal along its rotational axis. The wave induced pitch and roll motion of the float produces a time
variation of the orientation of the spin axis, which combined with the spinning velocity of a flywheel creates a gyroscopic
torque parallel to the precession axes. In turn, the gyroscopic torque induces a precession of the gimbal making the capture
of wave energy possible. The underlying dynamics of the indicated developments was investigated by Townsend and Shenoi
[6], who demonstrated that strong nonlinearities including period doubling were present in the dynamic responses of
the float.

The operation principle of the GyroPTO wave energy point absorber is somewhat similar to that of the so-called
gyroscopic hand wrist exerciser sold under the names Dynabee, Powerball or Dynaflex, the dynamics of which was
described by Gulick and O'Reilly [7]. The spin-axis of the flywheel is supported by a track on a ring with a width slightly
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larger than the diameter of the axis. The track forms a guidance for the precession of the spin-axis, which is assumed to roll
on the inner side of the track during rotations of the ring without any slip. If the ring is set in rotation with a certain angular
frequency, a gyroscopic moment is generated in the plane of the ring and at right angle to the spin-axis. In turn this moment
produces the necessary contact force between the spin axis and the inner side of the track to provide the friction force
making the rolling of spin-axis possible. Hence, the gyroscopic moment enforces a kinematical constrain between the
rotational velocities of the spin-axis and the ring and makes the former to rotate at a large angular velocity. Further, in case
the ring is subjected to external harmonic vibrations with a given angular frequency and orientation, it turns out that the
angular frequency of the ring may synchronise with the angular frequency of the excitation. The stator and the rotor of the
electric power generator are fixed to the ring and the spin axis of the flywheel, respectively.

The principle has previously been under consideration for energy harvesting assuming that the system was subjected to
a prescribed harmonic varying external rotation of the plane of the ring [8,9]. These studies demonstrated that stable
synchronised precession of the ring only appears for some amplitude and frequency of the external excitation and that
discontinuous state solutions exist for different initial conditions [9].

The GyroPTO wave energy absorber consists of a float rigidly connected to a lever. In the other end the lever is supported
by a hinge, which allows for rotations around a horizontal and vertical axis. The construction may be classified as a socalled
wave energy point absorber, which is defined as a device with geometrical dimensions that are small compared to a
characteristic wavelength of the seastate and is capable of absorbing energy from waves propagating in all directions [10].
The equations of motion are nonlinear for which reason subharmonic or even chaotic response may occur under harmonic
wave excitation. However, when synchronisation of the angular frequency of the ring to the angular frequency of the wave
loading takes place, the response of the float becomes almost harmonic. This phenomenon is the basic reason for the
functioning of the system. At synchronisation, this means that the generated electric power becomes almost constant in
time, making the need for expensive additional power electronics unnecessary before the power can be supplied to the grid.
This is in contrast to other wave energy point absorbers, where the instantaneous absorbed power varies significantly with
time, making such power electronics mandatory.

In the paper, the equations of motion of the device are at first derived based on analytical rigid body dynamics. The wave
loading on the float is described based on the first-order wave theory, where the related hydrodynamic coefficients are
assumed to be calculated numerically. Next, the dynamics of the ring at synchronisation can be described by an autonomous
nonlinear single-degree-of-freedom system with parametric excitation. The said equation is related with three types of
point attractors. One where the ring vibrations are attracted to a state of rest indicating unstable synchronisation, and the
other two types of point attractors where the ring is synchronised to the wave angular frequency, either rotating in one or
the opposite direction. Finally, the stability and the basins of attraction of the synchronised point attractors are determined.

2. Mechanics of GyroPTO point absorber
2.1. Rigid body dynamics of GyroPTO point absorber
The point absorber consists of a float with a ring and a flywheel inside, see Fig. 1. The float of the GyroPTO device is made

up of two semi-spheres with the diameter d connected with a cylindrical part with the height c, see Fig. 2. The spin-axis of
the flywheel has the radius rq, and the inner radius of the track of the ring is r,. If the ring is set in motion with the angular

Lever

Float
Ring

Flywheel

Fig. 1. Schematic details of the GyroPTO point absorber.
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Fig. 3. Rolling contact between the precessing ring and the spinning flywheel.

frequency yr(t), a gyroscopic moment]?()(t)y‘/(t) on the flywheel is generated according to the law of moment of momentum,
where 12 is the polar mass moment of inertia, and () is the angular spin frequency of the flywheel. With the sign
definitions given in Fig. 3, the no-slip rolling of the axis of the flywheel on the track implies the following kinematical
constrain between the indicated angular frequencies:

() =Nyr (1) m
where the gear ratio N is given as
_n
N= (2)

Due to the constraint in Eq. (1) the internal dynamics of the device has merely a single degree of freedom, which we shall
choose as y(t).

In the following different principal axes coordinate systems attached to three rigid bodies moving relative to each other
will be introduced. The components of a vector and quantities defined in relation to the kth principal axis coordinate system
(xk,x5,x5),k=1,2,3 are indicated with an upper k. Hence, the jth component of a vector v in the kth principal axis
coordinate system is denoted as v}(, and the principal mass moment of inertia of a rigid body at rotation around the
coordinate axis x; is denoted as Jj.

In Fig. 2 the mass center of gravity G; on of the lever and float is indicated, and an (x},x},x}) principal axis coordinate
system with origin at G; fixed to the float is introduced. Due to the rotational symmetry of the device, the centerline of the
lever forms a principal axis, so Gy is placed on this centerline a distance a from O. The x;—axis is placed along the centerline
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and orientated in the direction away from O. The x3 axis is placed along the spin axis of the flywheel in a referential position.
The ring is precessing around the xz axis, and the spin axis of the flywheel is supported to the ring via hinges. Hence, the
plane of the flywheel is always orthogonal to the plane of the ring.

The mass of the lever and float is denoted m;, and the principal axis mass moment of inertia at rotations around the xJ
axis is denoted ]J Obviously, ]] ]3

It is assumed that the device is undergomg rotations with the angular velocity vector @ (t). The components of @(t) in the
(x} xz,x3) -coordinate system are denoted q;l(t) gaz(t) (/13(t) No rotations take place around the xz axis, so (/)z(t) 0. Hence,
@,(t) and q)3(t) represent the degrees of freedom of the external structure.

The translational velocity vector u(t) of G; has the following components in the (x},x],x})-coordinate system:

uj(t) —agi(t)
i | =0 3)
ult) api ()

So, the kinetic energy of the lever and float becomes

T (#0.030) =y mi ((i10)"+ (i30)”) 321 (910) "+ 3 (940)’

=3 (ema)((910)"+ (#30)")

Fig. 4 shows the position of the mass center of gravnty G, of both the ring and the flywheel, placed along the xz axis at a
distance b from G;. The ring is precessing around the x2 axis, and the spin-axis of the flywheel is fixed to the ring via a
bearing, which allows merely for the spin. An (x?,x3,x3) plmc1pal axis coordmate system with origin at G, is introduced
fixed to the precessing ring. The xz axis is co-directional to the xz axis, and the x3 axis lS placed along the spin-axis of the
flywheel. The angular precession velocity yr(t) of the ring is considered positive in the xz -direction.

The mass of the rmg 15 denoted m,, and the principal axis mass moment of inertia at rotations around the xj -axis is
denoted jj Obviously, ]1 2]2 ]% signifies the polar moment of inertia of the ring.

The translational velocnty vector V(t) of G, has the following components in the (x],x},x})-coordinate system:

(4)

Vi) —@+bypio
v | =10 (5)
vl @+bypi

The components of @(t) in the (x],x},x})- and (x3,x3,x3)-coordinate systems are related as

A0) cosy 0 —siny [@1(0) cosy(t)— siny@lt)
@it |=10 10 @i =10 (6)
@30 siny 0 cosy @3(0) siny@ () + cosw@l(t)

Fig. 4. Definition of the (x?,x3,x3)-coordinate system fixed to the ring.
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So, the components (yr3,yr3,4r3) of the angular velocity vector yr(t) of the ring in the (x3,x3,x3)-coordinate system
become

i) cosy@l(t)— sinypi(t)
Wi | = | o (7)
3 sinygp}(t)+ cos w30

The kinetic energy of the ring becomes
R 1 N2 N2\ T oo N2 1o s N2 T, N2
Tz(rp}(t»rp%(t),v/(t)):imz((v}(t)) +(¥m) >+§J%(v/%<t)) +355(030) +55 (30)
1/1 LN N2 1,
=5 <§]§+mz(a+b)2> ((qol(t)) +(#hm) )+§]§(w<t))2

In Fig. 5 an (x3,x3,x3) principal axis coordinate system with origin at G, fixed to the spinning flywheel has been defined.
The x3-axis is placed along the spin axis, co-directional to the x3-axis. The angular spin velocity 6(t) is considered Eositive in
the xg—direction. The xf— and x%—axes are rotated into the x?— and x;—axes by the rotational angle @ around the x3-axis.

The mass of the flywheel is denoted ms, and the principal axis mass moment of inertia at rotations around the x;-axis is
denoted J;. Obviously, 3 =J3 =%]§.]§ signifies the polar moment of inertia of the flywheel.

The translational velocity vector of the flywheel is identical to that of the ring and given by Eq. (5). The components of
yr (1) in the (x2,x2,x3)- and (x3,x3, x3)-coordinate systems are related as

(8)

V) cos@ sin® 0] [wim cos O3 (6)+ sin O4r3(t)
Wit | =| —sin@ cos@ 0|3 |=|—sin Q2+ cos i) 9)
G 0 o] |[vo
So, the components (9?,9;,92) of the angular velocity vector O(t) of the flywheel in the (x3,x3,x3)-coordinate system
become

-3

01t cos @yri(t)+ sin O yri(t)

gz(t) = | —sin Qyr3()+ cos Qyra(t) (10)
on|  Lvio+oo

float
flywheel

o St

Fig. 5. Definition of the (x},x3, x3)-coordinate system fixed to the flywheel.
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The kinetic energy of the flywheel becomes
) . o 1 N2 N2 T a3 NP 1 s N1 a3 \2
T2 (00300 00.00) =y ms ((v100) + (#0)”) 4302 (010) 330300 ) 458 (0300)
_1 (1N, o102\ 137202 [.2,.3\2\ 137.5 LNz
=5ms(a-+b) ((rp]m) +(#30) )*7113 ((v/](t)) +(3m) ) +553 (3 0+00)
1/1 . 2 . 2
=5 (§J§+mz<a+b>2) ((«pl(t)) +(#30) )
1 . . . . 2 . . . - - 2
+35 ((w(t))z+ (sin v @10+ cos w @3©) +4(sin v @1©+ cos w @3©) 0O +2(0) )
The kinetic energy of the structure is obtained by adding the contributions defined in Egs. (4), (8) and (11):
T=T(¢}0. 30904 (1)
=T1(P10.930) + T2(@10.G3O.5©®) + T3(@10. @30,y .1, 00))
1 . 2 . 2\ 1 .
35 ((#10)"+ (940)) + 312 00)°
1 o RURY: . R
+2]3 (sm W @4(t)+ cos y (/13(t)) +4N(sm W @q(t)+ cos (/;3(t))y/(t)
where the frequency constrain in Eq. (1) has been used. Further, the following quantities have been introduced:
h=R+ 2B B mia any +maya by
1
fo=J+ (N ) (13)
1
J3= 5]3

@1(0), @}(t) and w(t) make up the degrees of freedom of the system.
The equations of motions follow from the Euler-Lagrange stationarity conditions of the action integral [11]:

d [ oT
at (7) =20

d (of
T <$> =Qu (14)

d /oT oT
i (57 )~y =20

where Q1 (D), Qw?(t), Q,(t) denote the external conservative and non-conservative moments work-conjugated to the
degrees of freedom @1(b), pI(t), w(t), respectively.

The generator has a stator fixed to the ring and a rotor fixed to the spin axis of the flywheel. Hence, the power extract
depends on the angular spin velocity € of the flywheel relative to the ring. Further, the generator torque Mg(t) must be
acting in the opposite direction of the spin, ie. in the negative xs-direction. The extracted electric power is
Pe(t) = Mg()0(t) = NMg(t)yr(t), which may be modelled by applying an external torque Q,(t)= —NM,(t) on the right-
hand side of the precession equation in Eq. (14).

CorresEondingly, the reaction of the generator torque on the stator, and hence on the float, is positive, when acting in the
positive x3-direction. The components in the (x},xJ, x})-coordinate system follow from the inverse coordinate transforma-
tion given in Eq. (6):

Qp,1(0) cosyy 0 siny]r0 sin y Mg(t)
Q1| =10 10 0 =10 (15)
Q10 —siny 0 cosy | | Mg(t) cos y M(t)

The kinetic energy given by Eq. (12) is inserted on the left-hand side and the indicated generalised loads on the right-
hand sides, resulting in

(11413 sin )} +Js sin yr cos y 3-+J3 2N sin yryi

SN2

. S I (16a)
+]3(sm(21//)(/)1 + cos(2y/)(/)3)l//+]3 2N cos v (yr)

= sin y Mg(t)+M,ﬂ%(t)
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Js sin g cos w1+ (J1 +J3 cos2y)p3+J3 2N cos i
16b
+j3(cos(21//)(p} - sin(21//)(/')§)lj/— J32N sin w(y)® = cos y Mg(t)+ M,y (t) (16b)
J5 2N sin y ¢} +J5 2N cos w 3 +]oy

1 . . 1\2 . 1\2 1 16
,213(5111(21//)(((/)}) 7((/%) )+2 cos(Zw)(p}(/%) = —NM;(t) (16c)

M(/,%(t) and M (t) denote the external hydrodynamic moments work conjugated to ¢}(t) and ¢}(t) with contributions
from quasi-static Buoyancy, radiation damping and external wave load, respectively. These moments will be indicated in a
following section.

The generator is assumed to be asynchronous with the characteristic [12]

Mg(t) = Mgo(t) + Mg10(t) = Mg o(t)+ Mg 1 Ny (£) (17)

Mg(t) is assumed to be applied without any significant time delay and make up the control demand of the problem.
The instantaneous absorbed power by the point absorber is given as

Pa(t) = My (D21 (6)+M3 (3 () (18)
The instantaneous generated electric power is given as

Pe(t) = NMg(t)y () = NMg o(0)r (£)+ N*Mg 147> (1) (19)

P,(t) varies strongly with time, whereas P(t) is almost constant. However, the time average Pq(t) is equal to P,(t), apart
from a small amount of power loss due to mechanical friction.

2.2. Hydrodynamic loads on GyroPTO point absorber

We shall rPerely consider 2D monochromatic wave excitation with the wave period T and amplitude 7, propagating in
the positive x3-direction. The water depth is h. Assuming linear wave theory, the hydrodynamics moments M,,,} (t)and M% (t)
may be written as

M1 (0 = ki p} ()= Cha (@)1 (D —Jp1 (@)1 () =My (@) sin (b) (20a)

Mgy (6) = = ksp}(6) = Ci3(@)@3(0) —J3(@)p3(6) = M3(@) cos (0t + ) (20D)

Due to the symmetry of the structure, no self-induced couplings take place between the hydrodynamics moments M,,,% (t)
and M(,% (t), i.e. M,”: (t) merely depends on the angular wave frequency ¢1(t) and its derivatives, and M(,% (t) on @l(t) and its
derivatives.

ks indicates the buoyancy stiffness coefficient at small rotations @l(t) around the static equilibrium state. k; is a
mechanical spring stiffness introduced in order to prevent drift in the unsupported degree of freedom ¢](t). This stiffness
should be relatively small. In the numerical example it has been specified as k; ~ 0.05k3.

Chi(w), Cha(w) and J, 1 (w), J3(w) indicate the radiation damping coefficients and the added mass moments of inertia,
respectively [10]. These quantities depend on the wave period via the angular wave frequency @ = 2x/T.

M;(w) and M3(w) denote the amplitudes of the moments on the float from the external wave loading. These are given as

M (@) =Hy (@), 21
Mjs(w) = H3(w)nqg (21)
Hi(w) and Hs(w) indicate the moduli of the frequency response functions for the wave excitation moments with the
surface elevation observed at the position of the float. @ = a(w) specifies the phase lag between the two load components,
and is specified so M3 in Eq. (20b) becomes positive.
The hydrodynamic parameters ks, Cp, 1 (@), Cp2(®), Jp1(®), Jp3(@), M1(w), M3(w) and a(w) have been calculated with the
boundary element program WAMIT [13].

2.3. Simplified equations of motion

At synchronisation of the angular rotational frequency of the ring, we have ()~ +® =y (t)~0 and
w(t) ~ + (wt+8p), where dy is an unknown phase angle to be determined. Here and below the upper signs in + and F
refer to synchronisation in the positive direction, and the lower signs to synchronisation in the negative direction. On the
left-hand sides of Eqgs. (16a) and (16b) we have J;<J; , so the 2nd, 3rd and 4th terms may be ignored compared to the 1st
term. Further, the first terms on the right-hand sides, indicating the energy transferred from the float to the gyro, are
ignorable compared to the radiation damping terms Ch,ﬂp} and Ch.3([');l;. On the left-hand side of Eq. (16c¢) the 4th term is
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ignorable compared to the 1st and 2nd terms. Then, Eq. (16) may be reduced to

(1 +J1,1 (@) @10+ Ch1 (@)1 (D) + k1 9} (t) = —J32Nw? cos (ot +80) — Mi (@) sin (wt) (22a)
(1 +n3(@) @30+ Cra(@)@3 (O +kspy(t) = +J32New? sin (@t +8) — M3 () cos (wt+a) (22b)
T2 +]52N sin w 1 +]52N cos y 5 +NMg(t) =0 (22¢)

Eqgs. (22a) and (22b) represent the equations of motion of two uncoupled single-degree-of-freedom oscillators under
harmonic excitation. The stationary solutions read [14]

Pl = —D1(w) sin (wt+f()) 23)
Pyt = —D3(w) cos (wt+f;3(w))
where
o) \/M2 —4MJsNw? sin 8o+ (J52New?)? 24
(@) =
Viki= i )e?) +C
VM3 £ 4M3JsNw? sin (a—80)+ (J52Nw?)?
By() = V3= Ll £ (24b)
\/(ks —(h +In3)@2)* +Ch 002
B J32Nw? cos 5y \ @Chy
f1(w) = arctan (m arctan W (24c¢)
_ M; sin a +J32Nw? cos 5\ @Cp3
P5(w) =arctan (M3 cos @ J,2Na? sin 60) arctan K= Uy +)a? (24d)

The phases f;, f#3 are arranged, so the amplitudes @,, @3 become positive. From Egs. (24c) and (24d) follows that
P1(@)—0 and fy(w)—a for @0, and f(w)—y and P3(w)—by for w—oo. This means that ¢l(t) and @i(t) become
increasingly in phase, as @ — oc.

When the gyro is shut down (y(t) = 0), the absolute value (modulus) of the frequency response function for the float (on
both DOFs) with respect to the sea surface elevation can be obtained by modifying the first two equations in Eq. (24). The
resulting expression are given by

Pi(@) _ Hy
T -0y + G
D) H (25)
T -0 ey + e
The generator is assumed to be asynchronous with Mg =0 corresponding to the linear characteristic:
Mg(t) = Mg10/(t) = My 1 Nyj (1) (26)
Insertion of Egs. (23) and (26) into Eq. (22) provides
yr +eyr+f (P sin y sin (wt+f;)+P3 cos y cos (wt+f5)) =0 (27)
where
2
_ 2N 2M§1q fo_2N o (28)
142N J3 142N

The following transformations are introduced:

D3 =D, cos f

ﬁ:arctan(%;), By =/ D+ D3 (29)

D =D, sinﬂ}
=

So, Eq. (27) may be written as

Ve +w} (71 cos ( — wt)+y, cos (W + wt)+ &1 sin (y — wt)+ & sin (y + wt)) =0 (30)
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y, = sinffcos ff; + cosfcos 3,  y,= —sin § cos f;+ cos 3 cosf;
&= sin f sinf, + cos f sin f3, € = sin f sinf; — cos f sin f;

i (31)
Wo =/ ijjo
Finally, the following transformations are introduced:
Y1 =41 €Os py, €1 =741 sin p,
Yy =42 COS py, € =2y sin p,
py = arctan (75';:“/;};2[@::Egz;cﬂgﬁ?) +nm, Ay =+/1+ sin(2p)cos (B, —f3) 52
1, = arctan (%) +nx, Ay =+/1-sin(2p)cos (B —pf;)
where the integer n is chosen so yq, u, €0, 27].
Then, Eq. (30) may be written as
Y/ + ey +@f (A oS (p — @t —piy)+ Az COS ( + 0t — i) =0 (33)

Eq. (33) indicates the motion of an autonomous nonlinear single-degree-of-freedom system with parametric excitation
and linear viscous damping.

3. Stability analysis

At first, assume that @, = @3 A f; = 3 =0. Then, Eq. (27) may be written as

W +eys +f cos (y—wt) =0 (34)
where wg has been redefined as
wo = /fD; (35)
Eq. (34) may be rewritten in the form:
b+eb+w} cos S+ew=0 (36)
where
S=y-wt (37)

The equilibrium points of Eq. (36) are given as (5,5) = (51,0) and (,8) = (5,,0), where

81 = m+arccos <g> +2nx

! (38)

5, = r—arccos <e_a2)> +2nz
@y

and n indicates an arbitrary integer. The actual value of this parameter depends on the initial values y(0)=y, and
1y (0) = yr, of the ring motion. As follows from Eq. (38) equilibrium points representing synchronisation are only present for
ew < w}. Further, 5, &, as ew— w3.

In order to analyse the stability of the identified equilibrium points, the following perturbed motion is considered:

O(t) =61+ Ad(t) (39)

Upon insertion into Eq. (36) the following linearised equation is obtained, valid for motions of the perturbation in the
proximity of the equilibrium points &(t) = d1:

Ab+eAb—w} sin 6,5 A5=0 (40)
where

ew
w2

sin §; = — sin <arccos <a) >> <0, sin ;= —sind; >0 (41)

(]
Hence, the equilibrium points § =8, represent unstable saddle points, and the equilibrium points § =§&; represent
asymptotically stable focus. As ew— w3 a Hopf instability takes place of §;, and the synchronisation is lost. Instead, the
system is attracted to a new stable state, where the ring performs small forced harmonic motions with the angular
frequency @ around the point y =, driven by the term wj cos (y,+wt), where y; and ys are integration constants
depending on the initial values y, and yr, respectively. These results were first given by Gulick and O'Reilly [7].
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If ew > w3 no synchronisation is possible. Using, Egs. (28), (29) and (35) this provides the following stability condition for
the synchronised motion:

Mg < %diulgm (42)
From Eq. (26) follows that the maximum electric power which can be extracted from the synchronised motion becomes
Pemax = N*Mg 10? = 0*3N®, (43)
Next, assume @ # D3 v ff; #0v ff3 #0. Let
8(t) = w(t)— wt — iy (44)
Then, Eq. (36) may be written as
S+e5+ M} cos 5+ L} cos (5+2at+puy — ) +ew =0 (45)

The following equilibrium points are identified from Eq. (45), corresponding to possible synchronised motions:

ew
&1 = w+arccos ( > +2nz

hw}
(46)
0y = r—arccos ew +2nm
Mw}
As seen, 611(2n+1)x and 5,1(2n+ 1) as ew 1A 3.
At synchronisation to the equilibrium point §; the rotation of the ring is given as
W(t) = ot +p, +5 (47)

The assumed rotation at synchronisation in Eqs. (22)-(33) was w(t) = ot + ;. Hence, we have the following relation for
the unknown phase §y:

8o =1+ (48)

Hq = H1(8o) and &1 = 61(6p) are nonlinear functions of 8o, so Eq. (48) has to be solved by iteration. Since y; is determined
within an addend 27n, cyclic iteration and similar simple iteration algorithms will not work. In the present case the solution
was found guided by the graphical representation of y; () and 61(dy) for dg €10, 27].

The stability of Eq. (45) in the vicinity of the indicated equilibrium points is checked by a first-order Lyapunov analysis
similar to the one performed Egs. (39) and (40), resulting in

AS+eAS—w} (A1 sin 812+ Sin (812420t +p; — ) ) AS = — Lo@f €OS (812+ 20t +ty — i) (49)

Motions in the vicinity of (8,8) = (5,,0) are unstable, since sin &, > 0. In the vicinity of (4, 8)=(8,.0) forced harmonic
vibrations with the angular frequency 2w take place, which are partly caused by the parametric excitation
— 2w} sin (81 +2wt+pu, —p,)AS and partly by the additive excitation — A3 cos (61 +2wt+p; — p,). Generally, these
vibrations are stable. Additionally, the parametric excitation may cause internal instability at the frequency ratios [15]:

o 411
Vha 1273

However, since @ > wy for any realistic wave frequency and 4, < +/2, parametric instability is unlikely to happen. Hence,
the condition for the existence of stable synchronisations essentially refers to the existence of the equilibrium point &;.
Similar to Eq. (26) this implies

(50)

3
ew<hw} = Mg, g%ﬁﬁﬁmﬁ\ﬂ + sin (2f) cos (B; —f5) (51)

where Eqgs. (28), (29), (31) and (32) have been used.
The maximum electric power, which can be extracted from the synchronised motion becomes, cf. Eq. (26),

33N :
Pemmas = SN @2 103, /1 sin (26) cos (B, — ) (52)

Eq. (52) reduces to Eq. (43) for @ = @3 =P and f; = f5.
Finally, consider synchronisation in the negative direction, corresponding to the following setting:

8(t) = y(t)+ ot —pu, (53)

Then, Eq. (33) may be written as
5+eb+A@} cos S+Mw} cos (§—2wt+py —p;) —ew =0 (54)
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The following equilibrium points are identified from Eq. (54), corresponding to possible synchronised motions:

e
o1 = —arccos( w2> +2nx

ﬂzwu
(55)
ew
&, = arccos (izwg ) +2nm
As seen, 6;12nx and 6,)2nx as emMza)g.
At synchronisation to the equilibrium point &; the rotation of the ring is given as
W(t) = — @t +py+ 51 (56)

The assumed rotation at synchronisation was y(t) = —wt—&,. Hence, we have the following nonlinear relation for the
determination of the unknown phase Jy:

8o = — Ha(60) — 61(50) (57)

Similar to Eq. (45), the stability of Eq. (54) in the vicinity of the indicated equilibrium points is checked by a first-order
Lyapunov analysis, resulting in

Ad+eAS—w}(2y sindio+4 sin (812 — 2wt +u, —y))AS = — i w§ cOs (812 —2wt+py —puy) (58)

Motions in the vicinity of (J, 8)=(5,.0) are unstable, since sin &, > 0. In the vicinity of (9, 8)=(8,,0) stable forced
harmonic vibrations with the angular frequency 2w take place, partly caused by the parametric excitation
— M} sin (81 —2wt+pu, —p;)AS and partly by the additive excitation —2Aiw3 cos (81 —2wt+pu, —p;). Since /Ao
normally is smaller than @, parametric instability is unlikely to happen.

Then, the effective stability condition for synchronisation is related to the existence of the equilibrium point §;, which
implies

3
ew=hoh = Mg <D\ @3\ [1sin (26) cos (5, o) (59)

where Egs. (28), (29), (31) and (32) have been used.
The maximum electric power which can be extracted from the synchronised motion becomes
3N -
Pemax = .53 \/(D%-{-(D%\/l —sin (2[}) cos (ﬂl _ﬂS) (60)
Upon comparison of Egs. (52) and (60) it follows that rotation in positive direction provides the largest power, if
cos (f}; —f}3) > 0, and rotation in the negative direction the largest power, if cos (f; — ;) < 0. The orientation of the rotation

of the ring should be adjusted accordingly.
Generally, we shall specify Mg, in the form:

Mg.l = é’Mg,l,max (6])
where ¢ €0, 1], and Mg 1 max indicate the right-hand sides of the inequalities in Eqs (52) or (60). Then, as seen from Egs. (28),
(32), (51) and (59) the following relations hold:
ew

i
cw (62)

ﬂz(ﬂg - (

Hence, 6, and &, in Egs. (46) and (55) become independent of @ and &. This facilitates the solution of Eqs. (48) and (57)
somewhat.

4. Numerical example

The structural and hydrodynamic parameters of the scaled model of the GyroPTO shown in Fig. 6 have been indicated in
Tables 1 and 2.

Fig. 7 shows the variation of the amplitude fraction @, /@5 and the quantity cos (f; — ;) as a function of the wave period
T. Both quantities are independent of the wave amplitude 7,. As seen the vertical amplitude @ is larger than the horizontal
amplitude @5 for T <1 s, whereas the opposite is the case for larger wave periods. Similarly, cos (f; —f;) <0 for T> 0.8 s.
Consequently, the maximum energy harvest at these wave periods is given by Eq. (60), cf. the remarks following Eq. (60).

Fig. 8 shows the variation of @, P. max and the corresponding torque on the generator as a function of the wave period T
and the wave amplitude 7. Pe max indicates the maximum of the absorbed powers determined by Eq. (52) or Eq. (60). Pe max
increase proportionally with the wave amplitude. This is because the power take off of the GyroPTO depends linearly on the
vibration amplitudes of the float, which in turn depend linearly on the wave amplitude. This is in contrast to other wave
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Fig. 6. Scaled model of the GyroPTO point absorber being tested in a wave tank.

Structural parameters of the GyroPTO wave energy point absorber.

429

Parameter Value Unit Parameter Value Unit
a 0.9891 m I 72.808 kg m?
b 0.0761 m Iz 329.68 kg m?
c 0.080 m Iz 0.1830 kg m?
d 0.550 m e 0.0409 s—1
m 0.009 m f 1.7486 s—2
T 0.203 m kq 146.7 N m/rad
my 20.27 kg k3 2925 N m/rad
my 5270 kg h 0.60 m
ms 2211 kg
I ) 21.68 kg m?
_I% 0.0952 kg m?
15 0.366 kg m?

Table 2

Parameters in hydrodynamic load model as a function of the wave period.
T(s) Ch.1(w) (N m/(rad/s)) Ch3(w) (N m/(rad/s)) Jna(@) (kg m?) Jnz(@) (kg m?) Hi(w) (N) Hs(@) (N) a (rad)
0.50 89.17 22.76 8.901 27.30 466.7 164.7 4.7997
1.00 1233 101.6 26.81 25.42 1435 914.5 5.3966
1.50 29.01 103.2 33.05 33.58 1256 1651 5.9568
2.00 9.256 88.20 3114 40.46 963.8 2074 6.1209
2,50 4.096 7517 29.94 45.82 773.5 2308 6.1854
3.00 2.186 65.01 29.24 50.19 644.7 2449 6.2169

point absorbers, where the absorbed power increases proportionally with the square of the wave amplitude [10]. Further,
the torque on the generator for the maximum absorbed power is calculated as Pe max/(Nw) and is illustrated in Fig. 8(c).
The time series for y(t) and yr(t)/@ have been shown in Fig. 9 for the initial values (y, /() = (7/2,®) and the wave
period T=2 s. Synchronisation takes place at the equilibrium point 6; = — 7 +arccos(ew/ (/ha)g)), corresponding ton= —1
in Eq. (46). As shown in Fig. 9a, at synchronisation the quantity y(t) — @t — y; —d; and the fraction y(t)/@ converge towards
0 and 1, respectively. The forced harmonic oscillations with the angular frequency 2 around the equilibrium point in the
stationary synchronised state is caused by the last term on the left-hand side of Eq. (33). The amplitude of these oscillations
is proportional to the parameter A,. As seen, the relative magnitude of the amplitude amounts to ~ 0.25 percent, which will
cause a corresponding relative time variation of the generated electric power. Fig. 9b shows the corresponding results, when
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A, is set to 0, equivalent to the system described in Eq. (34). In this case the oscillations around the equilibrium point cease
completely.

In the present case the maximum value of the parameter ¢ for which synchronisation with the selected initial values
could be achieved was ¢ = 0.8547. The reason why the theoretical maximum cannot be achieved is due to the significant
transient oscillations caused by the initial values, which brings the system out of the basin of attraction related to the
considered equilibrium point.
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Fig. 9. Variation of y(t) and v (t), (yg.vro) = (5 w), T=2s. (a) 1,=1.3515. (b) 1,=0.

Fig. 10a shows the corresponding results, when the initial conditions are changed to (y.v7) = (—7/2, — ). In this case
synchronisation takes place to the equilibrium point §; = — 2z —arccos (ew/(A1@3)), corresponding to n = —1 in Eq. (55). At
synchronisation the quantity y(t)+ @t —u, —; and the fraction y/(t)/w converge towards 0 and — 1, respectively. The forced
harmonic oscillations with the angular frequency 2w around the equilibrium point in the stationary synchronised state are
caused by the second last term on the left-hand side of Eq. (33). The amplitude of these oscillations is proportional to the
parameter A;. Since, 4;/4; =0.3079, the relative amplitude and the relative variation of the generated power are reduced
accordingly to ~ 0.075 percent. The maximum value of the parameter { for which synchronisation with the selected initial
values could be achieved was ¢ = 0.7290.

Fig. 10b indicates the timeseries for the same system as shown in Fig. 10a, when the initial conditions are changed to
(wo.¥7y) = (7/2, —w). No synchronisation to the angular wave frequency takes place. Instead, the system is attracted to the
equilibrium point y =y, performing forced harmonic driven by the term w3 (4, cos (y, — @t — 1)+ A1 €OS (Y, + Wt — ),
where y; and y, are integration constants depending on the initial values yp and yr,, respectively. In reality, these
vibrations are more complex than indicated, determined by the full nonlinear equations of motion in Eq. (16).

As seen from the results in Figs. 9a, 10a and c the performance of the system depends strongly on the initial values
(wo.¥rg)- Next, in order to analyse this problem further the basins of attraction for synchronisation to i(t)=cw and
Y (t) = —w are determined. The basin of attraction of an equilibrium point indicates the subset of initial values (y,yr) in
the phase space for which the trajectories tend to approach the equilibrium point, although persistent oscillations may
occur. The basins of attraction are separated by the separatrix manifolds originating from the saddle points.

The basins of attraction at attraction related to Eq. (33) are determined from the separatrix manifolds of the following
homogeneous differential equations, cf. Egs. (45) and (54):

3+e$+a)§/11 cos S+ew =0, &(t)=y(t)—wt—p;—5 } 63)

S+ed+wihy cos S—ew=0, 5(t)=y(t)+wt—p,—5

where 8, are given by Egs. (46) or (55).
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In Fig. 11a and 11b the grey coloured areas show the basins of attraction in the (5,5)-plane for the same systems as
considered in Figs. 9a and 10a corresponding to the equilibrium points for n= —2,n= —1 and n=0 in Egs. (46) and (55). In
the disjoint white part of the state space no synchronisation is possible, and the system is attracted to the point ys = ;. As
seen stable synchronisation requires that &(t) is confined to a finite interval centered around the equilibrium point §;. The
width of the said interval depends on the magnitude of M, ;. Actually, the basin of attraction reduces to the single point
(6,6)= (51, 0) for Mg 1 = Mg 1 max, corresponding to = 1. The indicated theory presumes a constant amplitude and phase of
the impinging waves, resulting in constant amplitude and phase of the two response components of the float. In irregular
sea-states, waves with different amplitudes and phases are exciting the structure, causing a broad-banded wave load.
However, the response processes of the float turn out to be narrow-banded with slowly varying amplitude and phases.
During operation, these phases and amplitudes need to be identified in real time in order to check whether the system
remains within the basin of attraction guaranteeing synchronisation. If out-crossing of the domain of attraction is
immanent, the magnitude of this domain must be increased by reducing the gain parameter M, ;. Stochastic semi-active
control of the stability in irregular sea-states has to be devised in the future work.

5. Conclusions

The equations of motion of the GyroPTO wave energy point absorbers have been derived based on a three degree-of-
freedom rigid body model. The resulting equations are highly nonlinear for which reason subharmonic or chaotic response
may occur for the float and the ring. The wave loading on the float is determined based on the first-order wave theory,
where the related hydrodynamic coefficients are assumed to be calculated numerically. Next assuming synchronisation of
the angular velocity of the ring to the angular wave frequency, it is demonstrated that the two equations of motion of the
float may be linearised with no mutual coupling and no coupling to the ring equation. Hence, the motion of the float may be
determined analytically. In turn, this means that the dynamics of the ring at synchronisation can be described by an
autonomous, uncoupled, nonlinear differential equation with parametric excitation. The said equation is related with three
types of point attractors. One where the ring vibrations are attracted to a state of rest indicating unstable synchronisation,
and the other two point attractors where the ring is synchronised to the wave angular frequency, either rotating in one or
the opposite direction. The stability of the synchronised points of attraction have been analysed by a first-order Lyapunov
analysis, and the basins of attraction to these point attractors are determined.
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APPENDIX J
More results from the

real-time hybrid testing

J.1 General description

Considering the size of the manufactured TLD, the suitablimgs of wind turbine
could be 2 MW and 3 MW, and both of them have been considerestabkshing the
Matlab/Simulink model.

Figure J.1 shows the Simulink model established in the ptesady, where the
green block reads inputs (the measured reaction force andctinator displacement
and the ) from the actuator through SCRAMNet, and the bluekokends outputs
(the calculated displacement, the ) to the actuator thr@@RAMNet. The 13-DOF
model is the key block, where all the terms are discretizetithe backward Euler
method has been used for solving the discrete equationstidmd he time-varying
system matrices are handled by user-defined Matlab fursction

For each of the two wind turbine models, three different wivels (time histo-
ries) have been considered. Table J.1 shows the six load ireisdal, wherd is the
mean wind speed andis the turbulence intensity.

Further, for each wind turbine model. tests were undertééethree different
tuning ratios (ratio between the first sloshing frequencthifirst lateral tower fre-
quency) of the TLD, i.e. 0.95, 1.0, 1.05. Cases of the TLD witld without damping
screens have been both evaluated. Therefore, in totak36X 3 x 3 x 2) real-time
hybrid tests were conducted, and the duration for each &s®et to be 5 minutes.

J.2 Results of the 3 MW wind turbine

The performance of the TLD on damping lateral tower vibradiof the 3 MW wind
turbine have been summarized in Table 3 in Appendix G. As amifative index of
the damping effect of the TLD, the reduction ratigs defined as

04,0 — 0q

p= 2007 (9.1)

Oq
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Modal loads

input from SCRAMNet

Host Scope
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Scope (xPC) 2
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Figure J.1 Simulink model for the TLD-wind turbine system.

Table J.1 List of wind load cases in the test.

output to SCRAMNet

Load case Rating V, 1

Load case Rating Vy

1

case 1 3MW 12m/s 0.08case 4 2MW 12m/s 0.08
case 2 3MW 12m/s 0.1| case 5 2MW 12m/s 0.1
case 3 3MW 8m/s 0.1| case 6 2MW 8m/s 0.1

whereo, o ando, are the standard deviations of the lateral tower vibratidthout
and with TLD, respectively.

Time histories of the tower vibration for the 3 MW wind turkinluring all 18
tests are presented in Figures J.2-J.10 below.

(a)

30y

gs(t) [mm]

uncontrolled
--- with TLD

i

il
(i
!
e
il
!
A

50 100 200 250 300

uncontrolled
with TLD

Figure J.2 Control effect of the TLDgase 1 tuning ratio = 1. (a) without damping screenss= 28.32%.
(b) with damping screens, = 40.25%.
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Figure J.3 Control effect of the TLDcase 1 tuning ratio = 0.95. (a) without damping screens—=
27.80%. (b) with damping screensg, = 18.57%.
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Figure J.4 Control effect of the TLDcase 1 tuning ratio = 1.05. (a) without damping screens—=
17.66%. (b) with damping screeng, = 27.78%.
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Figure J.5 Control effect of the TLDg¢ase 2 tuning ratio = 1. (a) without damping screens= 29.43%.
(b) with damping screens, = 44.19%.
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Figure J.6 Control effect of the TLDcase 2 tuning ratio = 0.95. (a) without damping screens—=
33.62%. (b) with damping screensg, = 21.81%.

Both the uncontrolled and controlled tower vibrations aventhated by the first
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Figure J.7 Control effect of the TLDcase 2 tuning ratio = 1.05. (a) without damping screens—=
13.77%. (b) with damping screeng, = 26.10%.
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Figure J.8 Control effect of the TLDgase 3tuning ratio = 1. (a) without damping screens— 8.29%.
(b) with damping screeng, = 29.74%.
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Figure J.9 Control effect of the TLDcase 3 tuning ratio = 0.95. (a) without damping screens—=
9.66%. (b) with damping screeng, = 12.96%.
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Figure J.10 Control effect of the TLDcase 3 tuning ratio = 1.05. (a) without damping screens—=
7.42%. (b) with damping screeng, = 18.84%.

angular frequency of the lateral tower mode (2.74 rad/s)), tae TLD reduces the
peak around this frequency significantly. In contrast t@,tlsis can be seen from
Figures 11, 12, 13 and 14 in Appendix G, the measured inferafiirce and wave
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height contain a lot of high frequency components, eithemfithe higher sloshing
modes or due to nonlinear coupling effect (multiples of tha Bloshing frequency).
Before summarizing the test results, Table J.2 gives therétieal values of both
the higher-order sloshing frequencies and the multipleksefirst sloshing frequency,
with the corresponding abbreviations. Based on theseg¢tiearvalues, the frequency
components of the interaction force and the wave height freeasurements can be
identified and classified accordingly.

Table J.2 Theoretical values of both the angular frequencies of tiybdriorder sloshing modes and the
multiples of the first sloshing angular frequency, unitdfsd, TLD used in 3 MW wind turbine.

sloshing mode value abbrevmultiples value abbrev.
1" mode 2.7509 w; 4 1 time 2.7509 ws

24 mode 4.9718 w; o 2times  5.5018 2w
37 mode 6.6134 w; 3 3times  8.2527 3w
4t mode 7.8634 w; 4 4times  11.0036 4w 1
5t" mode 8.8838 w; 5 5times  13.7545 5w, ;
6" mode 9.7681 w6 6times  16.5054 6w ;

Next, Table J.3 summarizes the first four frequency compeneiithe interac-
tion force from Fourier amplitude of the measured time lis The abbreviation
inside the parenthesis indicates the source of this frejyueomponent, either from
the higher sloshing modes or from the multiples of the firgslsing frequency. "/"
means no clear frequency peak can be observed.

Table J.3 First four frequency components of the measured intenadticce, TLD for 3 MW wind turbine.
Load case tuning screensl®! [rad/s] 2" [rad/s] 3"?[rad/s] 4'" [rad/s]

1 no 2.723-2.827 8.294(3ws,1) 10.56 14.1(5ws 1)
yes 2.744-2.827 8.377(3ws,1) 10.49 /
case 1 095 no 2.681-2.827 8.3(3ws,1) 10.53 14.05(5ws,1)
yes 2.597-2.744 82(3ws1)  10.47 /
1.05 no 2.744-2.932 8.833(3ws,1) 10.47 13.66(5ws,1)
yes 2.744-2.974 6.66(ws3)  10.53 /
1.0 no 2.744-2.869 8.294(3ws,1) 10.56 14.12(5ws 1)
yes 2.744-2.827 8.336(3ws,1) 10.49 /
case 2 095 no 2.744-2.806 8.273(3ws,1) 10.53 14.1(5ws,1)
yes 2.597-2.744 8.231(3ws,1) 10.47 /
1.05 no 2.744-2.974 8.901(3w,,) 10.49 13.66(5ws,1)
yes 2.744-2.974 10.53 / /
1.0 no 2.723-2.827 8.273(3ws,1) 10.47 14.1(5ws 1)
yes 2.744-2.786 8.231(3ws,1) 10.47 /
case 3 095 no 2.618-2.786 8.315(3ws,1) 10.56 13.93(5ws,1)
yes 2.597-2.744 10.56 / /
1.05 no 2.744-2.932 6.639(ws3)  10.47 7
yes 2.744-2.974 6.66(ws3)  10.47 /

Similarly, Table J.4 summarizes the first four frequency ponents of the wave
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height from Fourier amplitude of the measured time historie

Table J.4 First four frequency components of the measured wave helgi for 3 MW wind turbine.
case  tuning screensl® [rad/s] 2" [rad/s] 3"%[rad/s] 4" [rad/s]

1 no 2.728-2.822 4.853(ws2)  5.662(2ws,1)  6.49(ws,3)
yes 2.739-2.772 5.595(2ws,1)  6.53(ws3)  8.234(3ws,1)
casel 0.95 no 2.685-2.83 5.605(2ws,1) 8.384(3ws,1) 8.779(ws,5)
yes 2.606-2.776 5.515(2ws,1) 6.44(ws3)  8.14(3ws,1)
1.05 no 2.734-2.943 5.05-5.869 6.635(ws,3)  7.784-8.847
yes 2.746-2.967 5.05-5.658 6.654(ws,3)  7.852-8.405
1.0 no 2.742-2.835 4.849(ws2)  5.614(2ws,1)  6.509(ws,3)
yes 2.77-2.824 5.594(2ws1)  6.535(ws3)  8.382(3ws 1)
case2 0.95 no 2.689-2.781 4.734(ws,2)  5.581(2ws,;1) 8.271(3ws,1)
yes 2.596-2.746 5.547(2ws,1) 8.237(3ws,1) 10.53
1.05 no 2745297 5.055.941 6.653(ws3) 7.8-8.946
yes 2.746-2.975 5.072-5.797 6.655(ws,3)  7.837-8.409
1.0 no 2.713-2.831 4.836(ws2) 5.56(2ws1)  6.487(ws,3)
yes 2.707-2.773 5.481(2ws1)  6.537(ws3)  8.238(3ws,1)
case3 0.95 no 2.621-2.775 4.728(ws,2)  5.516(2ws,;1)  6.389(ws,3)
yes 2.612-2.783 4.714(ws2)  5.375(2ws,1)  6.437(ws,3)
1.05 no 2.73-2.92 5.043-5.858 6.655(ws,3)  8.665
yes 2.736-2.973 5.453(2ws,1) 6.657(ws,3)  10.54

It should be noted that the frequency component around &0/s in Tables J.3
and J.4 is due to the coupling between the tower and the blade.

J.3 Results of the 2 MW wind turbine

The performance of the TLD on damping lateral tower vibnagiof the 2 MW wind
turbine have been summarized in Table 2 in Appendix G. Tire®hes of the tower
vibration for the 2 MW wind turbine during all 18 tests are ggated in Figures J.11-
J.19 below.
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Figure J.11 Control effect of the TLD¢ase 4tuning ratio = 1. (a) without damping screens= 39.80%.
(b) with damping screeng, = 51.98%.
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Figure J.12 Control effect of the TLDcase 4 tuning ratio = 0.95. (a) without damping screens=
28.01%. (b) with damping screens, = 31.28%.
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Figure J.13 Control effect of the TLDcase 4 tuning ratio = 1.05. (a) without damping screens=
41.55%. (b) with damping screeng, = 49.95%.
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Figure J.14 Control effect of the TLD¢ase 5tuning ratio = 1. (a) without damping screens= 43.55%.
(b) with damping screens, = 52.90%.
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Figure J.15 Control effect of the TLDcase 5 tuning ratio = 0.95. (a) without damping screens—=
29.50%. (b) with damping screens, = 33.03%.
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Figure J.16 Control effect of the TLDcase 5 tuning ratio = 1.05. (a) without damping screens=

37.39%. (b) with damping screens, = 50.28%.
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Figure J.17 Control effect of the TLD¢ase 6tuning ratio = 1. (a) without damping screens= 20.38%.
(b) with damping screens), = 32.26%.

_as(t) [mm]

uncontrolled
- - --with TLD

Figure J.18 Control effect of the TLDcase 6 tuning ratio = 0.95.
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Figure J.19 Control effect of the TLDcase 6 tuning ratio = 1.05.
9.46%. (b) with damping screens, = 25.40%.

(a) without damping screens—=

Table J.5 gives the theoretical values of both the highdewsloshing frequen-
cies and the multiples of the first sloshing frequency, fer ThD used in the 2 MW
wind turbine.
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Table J.5 Theoretical values of both the angular frequencies of tijbdriorder sloshing modes and the
multiples of the first sloshing angular frequency, unitdf[s], TLD used in the 2 MW wind turbine.

sloshing mode value abbrevmultiples value abbrev.
1" mode 3.3691 w; 4 1 time 3.3691 ws;

24 mode 5.4921 wy o 2times  6.7382 2w,
37 mode 6.8880 w; 3 3times  10.1073 3w ;
4t mode 7.9856 w; 4 4times  13.4764 4w ;
5t" mode 8.9342 w5 5times  16.8455 5w ;
6" mode 9.7881 w6 6times  20.2146 6w ;

Table J.6 summarizes the first four frequency componentsedfiteraction force
from Fourier amplitude of the measured time histories. Tihereviation inside the
parenthesis indicates the source of this frequency commipeither from the higher
sloshing modes or from the multiples of the first sloshingjfrency. "/* means no
clear frequency peak can be observed.

Table J.6 First four frequency components of the measured interaéticce, TLD for 2 MW wind turbine.

Load case tuning

screensl®’ [rad/s]

2" [rad/s]

3" [rad/s] 4™ [rad/s]

1 no 3.246-3.456 6.828(ws3) 8.901(wss) 13.01
yes 3.246-3.456 6.828(ws,3) 13.01 /
case 4 095 no 3.142-3.393 6.786(ws,3) 13.01 /
yes 3.142-3.393 6.786(ws,3) 13.01 /
1.05 no 3.372-356 6.87(ws3) 10.49(3ws1) 13.01
yes 3.204-3.435 6.849(ws3) 13.01 /
1.0 no 3.204-3.456 6.828(ws,3) 13.01 /
yes 3.204-3.456 6.849(ws 3) 13.01 /
case 5 095 no 3.142-3.393 6.756(ws,3) 9.676(3ws,1) 13.01
yes 3.142-3.393 6.723(ws,3) 13.01 /
.05 no 333356 6.87(ws3) 10.68(3ws1) 13.01
yes 3.372-3.56 6.87(ws3) 13.01 /
1.0 no 3.246-3.435 6.849(ws3) 8.88(ws5)  13.05
yes 3.204-3.435 6.849(ws,3) 8.88(ws,5) 13.05
case 6 0.95 no 3.142-3.435 6.807(ws,3) 8.88(ws,5) 13.15
yes 3.142-3.435 6.807(ws3) 8.838(wss) 13.15
.05 no 3.309-3581 6.87(ws3) 8.901(wss5) 13.15
yes 3.309-3.581 6.87(ws3) 8.838(w.5) 13.15

Similarly, Table J.7 summarizes the first four frequency ponents of the wave
height from Fourier amplitude of the measured time historie

It should be noted that the frequency component around 88/% in Tables J.6
and J.7 is due to the coupling between the tower and the blade.

267
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Table J.7 First four frequency components of the measured wave helgi for 2 MW wind turbine.

case tuning screensl®![rad/s] 2"?[rad/s] 3"%[rad/s] 4" [rad/s]

1 no 3.247-3.465 5.438(ws2)  6.712(2ws1) 6.93(ws3)

yes 3.206-3.467 6.656(2ws,1) 6.935(wss)  8.956(ws.5)

casel 095 no 3.147-3.384 5.331(ws,2) 6.275-6.767 8.892(ws,s5)
yes 3.132-3.389  6.521-6.761 8.883(w.5)  13.2

105 no 3.307-3.559 6.866(2ws,1) 7.118(ws3)  8.897(ws5)

yes 3.275-3.552 6.901(2ws,1)  7.105(ws3)  8.899(ws 5)

10 no 3.212-3.471 5.423(ws2)  6.667(2ws1) 6.926(ws3)

yes 3.2-3.461  6.661(2ws,1) 6.834(ws3)  8.965(ws )

case2 0.95 no 3.155-3.395 5.296(ws2) 6.292-6.532 6.754(ws )

yes 3.14-3.392 6.531(2ws1) 6.764(ws3)  8.954(wss)

105 no 3.301-3.559 6.86(2ws1)  7.119(ws3)  8.889(ws 5)

yes 3.3-3.559  6.858(2ws1) T7.118(ws3)  8.897(wss)

10 no 3.254-3.433 5.454(ws2)  6.687(2ws1) 6.884(ws3)

yes 3.216-3.434 6.654(2ws,1)  6.843(ws3)  8.893(ws,5)

case3 0.95 no 3.145-3.441 5.365(ws,2)  6.531(2ws,1)  6.79(ws,3)

yes 3.147-3.442 5.32(ws2)  6.45(2ws1)  6.815(ws3)

105 no 3.297-3.574 5.526(ws2)  6.871(2ws1) 7.147(ws3)

yes 3.308-3.57 5.551(ws2)  6.887(2ws1)  7.158(wss)
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SUMMARY

The present thesis deals with fundamental researches on passive and active
vibration control of renewable energy structures, and provides useful mod-
els for practical applications. Effective and robust vibration control methods
have been explored for mitigating the lightly damped edgewise blade vibra-
tion and lateral tower vibration, with the main focus on structural control
devices. Rigorous theoretical modeling of different dynamic system has been
established, based on which detailed design and analysis of the proposed
control devices can be carried out.

This thesis also explores technical solutions for wave energy point absorbers,
in order to maximize the mean absorbed power and to deliver more smooth
power to the grid. A novel suboptimal causal control law has been estab-
lished for controlling the motion of the point absorber, and a new type of
point absorber has also been proposed with detailed modeling and analysis.
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